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Multixial Creep Life Prediction
of Ceramic Structures Using

Continuum Damage Mechanics
and the Finite Element Method

High temperature and long duration applications of monolithic ceramics can place their
Jailure mode in the creep rupture regime. A previous model advanced by the authors
described a methodology by which the creep rupture life of a loaded component can be
predicted. That model was based on the life fraction damage accumulation rule in
association with the modified Monkman-Grant creep rupture criterion. However, that .
model did not take into account the deteriorating state of the material due to creep
damage (e.g., cavitation) as time elapsed. In addition, the material creep parameters used
in that life prediction methodology, were based on uniaxial creep curves displaying
primary and secondary creep behavior, with no tertiary regime. The objective of this
paper is to present a creep life prediction methodology based on a modified form of the
Kachanov-Rabotnov continuum damage mechanics (CDM) theory. In this theory, the
uniaxial creep rate is described in terms of stress, temperature, time, and the current state
of material damage. This scalar damage state parameter is basically an abstract measure
of the current state of material damage due to creep deformation. The damage rate is
assumed to vary with stress, temperature, time, and the current state of damage itself.
Multiaxial creep and creep rupture formulations of the CDM approach are presented in
this paper. Parameter estimation methodologies based on nonlinear regression analysis
are also described for both, isothermal constant stress states and anisothermal variable
stress conditions. This creep life prediction methodology was preliminarily added to the
integrated design code named Ceramics Analysis and Reliability Evaluation of Structures/
Creep (CARES/Creep), which is a postprocessor program to commercially available finite
element analysis (FEA) packages. Two examples, showing comparisons between experi-
mental and predicted creep lives of ceramic specimens, are used to demonstrate the
viability of this methodology and the CARES/Creep program.

0. M. Jadaan

University of Wisconsin-Platteville,
College of Engineering,
Piatteville, WI 53818

L. M. Powers
Case Western Reserve University,
Cleveland, OH 44106
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linear damage rule (Robinson, 1952), was then computed for each
time step based on a creep rupture criterion. The creep rupture
models used in the code are the Monkman-Grant (Monkman and
Grant, 1956), and the modified Monkman-Grant (Menon et al.,
1994) criteria. Failure was assumed to occur when the normalized
accumulated damage at any point in the component is greater than
or equal to unity. The corresponding time would be the creep
rupture life for the component.

The combination of the methodology described above, and the
constitutive laws (Norton and Baily-Norton) used to describe the
material creep deformation behavior, have three shortcomings.
The first shortcoming is with regards to the constitutive law. The
Baily-Norton rule (Kraus, 1980; Norton, 1929; Boyle and Spence,
1983) relates the creep rate to stress, time, and temperature in the
primary and secondary regions of a typical creep curve. For
ceramics that display no tertiary creep behavior, this rule was
proven satisfactory for describing both the material’s creep defor-

Introduction

Ceramic structural materials, such as silicon nitrides and silicon
carbides, are continuously being developed and improved in re-
sponse to demands for higher operating temperatures and load
bearing capacity. Such demands are desirable for applications
including gasoline, diesel, gas turbine engine components, and
auxiliary power units. These systems are expected to survive for
many thousands of hours, which necessitates subjecting them to
low stress levels. The combination of high temperatures and low
stresses typically causes failure of monolithic ceramics to be due to
creep rupture (Wiederhorn et al., 1994).

Two previous papers by the authors (Jadaan et al., 1997; Powers
et al., 1996) described a deterministic damage based approach and
the structure of an integrated design code, named Ceramics Anal-
ysis and Reliability Evaluation of Structures/Creep (CARES/
Creep), to predict the lifetimes of structural components subjected

to creep lpading. This approach utilized commercially available
FEA packages and took into account the effect of stress redistri-
bution. In this approach the creep life of a component was dis-
cretized into short time steps, during which, the stress distribution
is assumed constant. The damage, calculated using Robinson’s
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‘mation behavior, and life prediction (Jadaan et al., 1997; Powers et

al., 1996). However, some ceramics such as SN88 silicon nitride
(French and Wiederhorn, 1996; Luecke and Wiederhorn, 1997),
PY6 silicon nitride (Ferber and Jenkins, 1992), and Si;N,-6Y,0;-
2A1,0; (Todd and Xu, 1989) do display tertiary creep behavior.
For such materials, a more general constitutive creep law capable
of describing the entire creep curve, including the tertiary creep
regime, is necessary. Second, the linear damage summation ap-
proach in combination with the Monkman—Grant creep rupture
criterion tised to predict rupture in the methodology described
above, did not take into account the instantaneous damaged state of
the material as time elapsed. It assumes that a material loaded well
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into its creep design life displays the same creep characteristics as
a virgin material. A more general and accurate approach, such as
CDM, would incorporate the current damaged state of the material
into the constitutive creep law. The third shortcoming of the
methodology described above is due to the separation between the
creep constitutive law (Baily—Norton) and the creep rupture crite-
rion (Monkman-Grant). This could lead to reduced accuracy of
life prediction due to accumulated error induced by fitting (regress-
ing) two separate sets of data. A more coherent theory, such as
CDM which already incorporates the damaged state of the material
into the constitutive law, would have both creep deformation and
rupture embedded into one law.

Therefore, the objective of this paper is the development of a
multiaxial creep life prediction methodology, based on a modified
form of the continuum damage mechanics theory. This modified
CDM based approach has the following advantages: (1) general-
ized capability of describing a given material’s creep deformation
behavior whether or not it displays a tertiary creep regime; (2)
takes into account the effect of the current damaged state of the
material on the deformation and rupture of the component through
a scalar damage state variable, w; and (3) the rupture criterion is
incorporated directly into the creep constitutive law. This meth-
odology utilizes commercially available FEA packages (ANSYS),
and takes into account stress redistribution.

Similar to the main concept of life prediction described by the
authors in their previous two papers, the creep life of a component
is discretized into short time steps, during which, the stress and
temperature distributions are assumed constant. Rupture life is
determined using Robinson’s linear damage summation rule (Rob-
inson, 1952). Robinson’s rule is the creep version of the
Palmgren—Miner lincar damage summation rule for fatigue (Miner,
1945). Namely, the damage is computed for each time step through
dividing ‘the time duration for that time step by the predicted
rupture life based on the current stress/temperature state and CDM
theory. The cumulative damage is subsequently calculated as time
elapses and failure is assumed to occur when the normalized
cumulative damage at any point in the component reaches unity.

Background (Uniaxial Steady State Model)

CDM has evolved into a very useful method to analyze the
effect of damage accumulation in a component subjected to ther-
momechanical loading. A characteristic feature of CDM is the
incorporation into the constitutive equations of one or more, scalar
or tensorial, state (internal) variables as measures of the degrada-
tion of the material (Hault, 1987). What is meant by an internal
damage variable, is that it can not be measured directly (Penny and
Marriott, 1995). CDM, which is a phenomenological approach,
can be thought of as a counterpart to fracture mechanics (FM).
While FM deals with structures containing one or more cracks of
finite size embedded in a nondeteriorating material, the aim of
CDM is to predict the behavior of structures subject to material
damage evolution (Hault, 1987).

One CDM model that stands out, is the phenomenological
theory developed by Kachanov (1958, 1986) during the 1950s, and
later expanded upon by Rabotnov (1969), Hayhurst et al., (1975,
1984a, 1984b), Leckie and Hayhurst, (1977), Othman and Hay-
hurst, (1990), and Dunne et al., (1990). This model contains one
scalar damage parameter, w, that describes the collective effect of
deterioration in the material. It was developed to describe the
process of brittle creep rupture in metals. At low loads, in metals,
the deformation may be small leading to essentially no variation in
the cross sectional area with time. As time elapses, the material
deteriorates as microcracks and cavities form. As these defects
enlarge and ultimately coalesce, they would form macrocracks that
lead to brittle failure. The aim of this paper is to reformulate this
theory, proposed originally by Kachanov for metals, into a model
that can be used with ceramics.

Kachanov elected to represent the damage via loss in material
cross-section, due to cavitation. Consequently, the internal effec-
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Creep Strain

Time

Fig. 1 Schematic creep curve representation using Kachanov’'s CDM
model

-tive stress, @, corresponding to a constant externally applied stress,

0y, will increase with time as damage increases. He assumed that
damage can be represented by a parameter he named the “conti-
nuity”, s, which is defined as the ratio of the remaining effective
area, A, to the original area, A,. As damage accumulates, the
resulting effective stress, o, increases from its initial value o, at
time ¢+ = 0, to a value o = 0,A,/A. Subsequently, Rabotnov
replaced the continuity with the damage parameter, w, such that
w=1— =1 (A/A,). This leads to the relationship between
the effective stress, o, and the applied stress, oy, being o =
a/(1 — w). Att = 0, A = A,, and thus @ = 0. As time elapses,
w increases until it reaches a critical value w,, and failure occurs.
Kachanov, Rabotnov, and Hayhurst and co-workers, dealing with
creep of metals, assumed that w, = 1.

The damage rate, o, is expressed in terms of the applied stress,
oy, and the current state of damage, w, as (Kachanov, 1986;
Hayhurst, et al., 1975)

x
Coy

1= w)?*

® = (1)
(

where C, x, and ¢ are material constants. Integrating Eq. (1) using

the conditions that w = Gatr = 0, and w = 1 at ¢ = t, where 1,

is the uniaxial failure time, yields

X
Ty

RO @

t

The instantaneous damage state, w(¢), can be derived to be

t 1(1+¢)
w=1-— {1 - *:l . 3)
Iy

For uniaxial stress states, Kachanov (1958) proposed a modified
form of Norton’s creep rate equation. In order to reflect the effect
of the current state of damaged material on the creep rate, he
replaced the applied stress o, with the effective stress ¢ = a/(1 —
w), which resulted in the following steady state creep rate formula:

2 ] , @)

g=Gw=G[
’ - w

where G and n are material parameters. Upon substituting equation
(3) into Eq. (4) and integrating, the following two equivalent
expressions for the creep strain, €, are obtained:

n I+ ¢ t (L+d—mi(1+ )
W =G g 1|1 ®

or

1+ ¢
e(t) = Gogt, T+d=n (1 -[t=-w®]™™.  ©®

Figure 1 shows a schematic representation of a typical creep
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curve as described by the isothermal steady-state constitutive
equations (5) and (6) (Penny and Marriott, 1995). It is apparent
from the curve that the steady-state CDM model as described by
Kachanov (1986) includes the features of tertiary creep following
an initial minimum creep rate that remains essentially constant for
the first 25 percent of life. At time zero, when w = 0, Eq. (4)
indicates that the steady state creep rate reduces to the Norton
equation. As time elapses and the damage w increases, the creep
rate increases accordingly. Hence, due to the incorporation of the
current damage state into the model, the steady-state creep rate
does not remain constant but rather tends to infinity as 1 — ¢;, and,
hence, ® — w; = 1. According to Penny and Marriott (1995),
when using the Kachanov model, most of the damage occurs later
than 80 percent of life.

Theory and Damage Laws

Generalized Anisothermal Uniaxial Constitutive Model.
The Kachanov model presented above was derived to describe the
creep brittle rupture of metals, assuming isothermal steady-state
conditions. In addition, this model assumes that at failure a com-
plete loss of integrity of the material occurs, which corresponds to
w, = 1. This condition results in the creep rate tending to infinity
ast — .

In ceramics where tertiary creep behavior is observed, the creep
rate increases as the failure time is approached, but does not go to
infinity. In addition, the assumption that a complete state of dam-
age given by the condition that w; = | is not observed experi-
mentally in ceramics or even in many metals. Menon et al. (1994)
observed that in a tensile silicon nitride NT-154 specimen tested at
1400°C and failed at a strain of 2.5 percent, the ratio of cavitated
area to the total area of the specimen was 5.5 percent. Penny and
Marriott (1995) state that there are good reasons why o at failure
should be less than unity and devoted an appendix in their book to
prove that point. Stamm and von Estorff (1992) who used ultra-
sonic techniques to determine cavity densities in steels concluded
that the value of w at failure is no where near unity, as was
assumed by Kachanov. Hazime and White (1996) formulated a
phenomenological damage model containing a hardening variable
used to capture the continuous drop in creep rates with strain that
observed in many ceramics. In this model they assumed that failure
occurs when the damage reaches a critical value w;, which is
predetermined experimentally.

In this section, a generalized anisothermal CDM model that
takes into account temperature variation and models the entire
creep curve, including the primary and tertiary creep regions, will
be derived. This model will take into account the effect of the
current state of damage on the creep strain and strain rate accu-
mulation. In addition, this model is generalized to capture the
creep behavior of materials across the spectrum, starting with
materials that display absolutely no tertiary creep characteristics,
and ending with those showing severe tertiary behavior. Unlike the
Hazime model, this generalized formulation does not require w, to
be measured or known apriori, but rather is computed as a material
parameter via nonlinear regression using standard creep data.

Primary creep can be taken into account by multiplying the
damage rate and creep rate (Egs. (1) and (4)) by the term ™, where
t is the time and m is a material parameter. Additionally, temper-
ature dependence can be accounted for by multiplying Eqgs. (1) and
(4) by an Arrhenius type temperature formulation. Hence, the
damage rate and creep rate can be described as

dow Ct"e —(Qp/RT)

@ =7 Z(I—w(t))‘pagv @)
de Ty "

: — — m, —(Qc/RT)

e="C=Gme (1 a w(t)> , ®)

where C, x, m, ¢, Qp, G, n, and Q. are material constants to be
determined via nonlinear regression of creep data, R is the gas
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constant (8.31 J/mol.K), and T is the absolute temperature. The
parameters Q, and Q. represent the activation energies for dam-
age and creep, respectively, The stress exponent, n, should be a
positive number, while the time exponent, m, is generally nega-
tive.

Integrating Eq. (7), and using the conditions that at time zero the
damage w = 0 and at the time of failure (¢,) the damage reaches
a critical value w,, results in the following formula for the time to
failure:

{(1 + m)te)/RT

1/(1+m)
v {aTamt-a-wmp o

Equation (9) can be rewritten to obtain an expression describing w,
in terms of stress, temperature, and the time to failure:

C(1+ ¢)e ~QD/Rth1+m (1 +¢)
wf=1—{1— 1+ m) op .0

A function describing the current state of damage as a function of
time, w(?), can be derived by integrating Eq. (7), or by substituting
t for t; in Eq. (10):

C(l + )e*Qn/RTtlﬁn 11 +¢)
- ¢ O'f)} . 3an

w(t)=l—{l W +m

Another useful expression for the current state of damage can be
derived by combining Eqgs. (9) and (11);

¢ 1+m H(1+ ) .
() =1- {1 - (;) [1-Q- w,)”’f']} . (12
i

Now that the damage evolution has been derived, we will turn
our attention to the creep strain accumulation and the effect of the
current state of damage on it. The creep rate expression was given
earlier in Eq. (8). Substituting Eq. (12) into Eq. (8) yields the
following alternative expression for the creep rate:

—nl(1+)

t 1+m
é= Gt"oje *QC’RT{I - <t_> [rt-Q- wf)”"’]}
i
(13)

Finally, upon integration of Eq. (13), an expression describing how
the creep strain varies with time, temperature, and stress is derived:

e s

I d) — n) thl+mo_3e*Qc/RT
(I+d=n)i(1 +¢)
X[1=(1- wf)”"’]] } (14)

B ([ R R R

Equation (14) describes the entire creep curve, including the pri-
mary, secondary, and tertiary regions. Depending on the value for
wy, Eq. (14) can simulate creep curves with severe tertiary behav-
ior (w;, —> 1) as well as creep curves displaying no tertiary
characteristics (w; — 0). This behavior can be visualized by
setting @ = o, in the creep rate Eq..(8), which results in formu-
lation for the creep rate at failure. The creep strain Eq. (14) can be
rewritten in terms of the current state of damage w(¢) as follows:

( 1+ ¢

T d) — n) Gt}+rrzo_ge —Qc/RT
elr) = (1+m[1— (1 w)*?] == o)™},

s

An expression for the rupture strain, €;, can be obtained by setting
o = w,in Eq. (15):
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( 1 —1|_ :) (f n> Gt}'l-mo.?)e*Qc/RT

Trmll=(=a) e (L~

€=

(1= w) "7} (16)

Note that all the equations derived in this section will collapse to
Kachanov’s isothermal steady-state formulation if the activation
energies and the time exponent parameters (Q,, Q¢, m), are set to
zero, and w; = 1.

A worthwhile discussion at this point is one that relates the
damage accumulation using the Robinson’s (1952) time fraction
rule, D, and the CDM current state of damage, w. This is necessary
because under conditions of varying temperature and/or stress,
Robinson’s linear damage summation rule is utilized to predict
creep rupture. In order to accomplish this task of comparing these
two formulations, let us first rewrite Eq. (12) into the following
form:

1 —(1— I+¢ 7 V(1+m)
! [ ( @) :| . an

b= o 1= (1—w)'*
The term D represents the damage due to creep deformation after
time ¢ and is given by the time fraction #/¢,. For conditions in
which constant uniaxial stress states exit, it can be seen that at the
time of failure, when w = wyand t = ¢, D = 1, Itis also apparent
from Eq. (17) that the damage as defined by the life fraction term,
t/t;, does not equal the current state of damage, w. For constant
stress and temperature conditions, either the condition D = 1 or
the condition @ = w, can be used to predict rupture.

However, for varying stress (stress relaxation) and/or tempera-
ture conditions, the linear damage summation rule should be
utilized. For such conditions, the design life of the component is
discretized into short time steps. The damage is computed for each
time step through dividing the time duration for that time step, ¢;,
by the predicted rupture life, ¢, based on the current stress and
temperature states and CDM theory (Eq. (9)). The cumulative
damage, D = 2D, = Z(t/t;), is subsequently calculated. Failure
is assumed to occur when the normalized cumulative damage, D,
at any point in the component reaches unity.

Other forms of creep damage assessment have recently been
suggested. One such formulation is based on the concept of duc-
tility exhaustion (Zamrik and Davis, 1990; Hales, 1988). Ductility
exhaustion is similar in concept to Robinson’s life fraction rule
except that it uses strain fraction. Failure occurs when the cumu-
lative strain reaches a critical value, usually assumed equal to the
ductility in a constant load creep test (Penny and Marriott, 1995).
Hence, the condition for failure is D = Z(e/ez) = 1.

Multiaxial Stress Formulation. Engineering structures are
seldom subjected to uniaxial stress states. Hence, it is necessary to
extend the unixial CDM formulation presented in the previous
section to the multiaxial case. CDM multi-axial stress development
for isothermal steady state conditions, and assuming that w; = 1
at failure, have been described by Kachanov (1958), Leckie and
Hayhurst (1977), Hayhurst et al. (1983, 1984), Penny and Marriott
(1995), and Krajcinovic (1987).

The uniaxial creep strain and damage laws were given by Egs.
(8) and (7), respectively. In the absence of damage the multiaxial
creep rate equation is usually stated in the Von Mises form. A
similar creep rate law taking into account the effect of damage can
be stated as

_de; 3 €,

P 3 Gtme—Qc/RTo.lel—l
€. = —= — 5. ==
Y.odtr 2a,7% 2

(1 = w(@®)"

where de/dt is the creep strain rate tensor, S; is the deviatoric
stress tensor, €, is the effective creep strain, and ¢, is the Von
Mises effective stress. The effective creep rate is obtained by
replacing the uniaxial stress with the effective stress in Eq. (8).
Similarly, the damage law for the multiaxial stress condition can
be written as (note that the damage is a scalar term)

S (18)

ijs
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do _ Cr"e™ O/

w = P ———(1 BN Oy 19)

where o, is the equivalent stress. Integrating Eq. (19), and as-
suming that o, remains constant, yields the following equation
describing the current state of damage in a multiaxial stress state:

c(1 + )e*Qp/RTtl—Hn (1+d)
Ul o*‘q] . Q0

w(t)=1~[1— T+ m) .
Solving for the rupture time using Eq. (20) by setting w = w, (this
corresponds to t = t;), results in

{ (1 + m)eQr/®T

L1 +m)
v~ { ety 100}

The equivalent stress term, o, correlates the damage under uni-
axial tension with the damage under multiaxial stress states.
Kachanov (1958) proposed setting the equivalent stress equal to
the maximum normal tensile stress, o/(o,, = o). Hayhurst, on
the otherhand, proposed the following mixed criterion for the
equivalent stress:

o, =ac,+ (1 - o, (22)

where « is a factor to be determined from two sets of creep tests,
each carried out under a different multiaxial stress state (Hayhurst
et al., 1984). Two extreme material classifications can be seen
through Eq. (22). The first category corresponds to material failure
governed by the maximum principal tensile stress criterion (o =
1); the behavior of copper is described by this criterion. For the
second category, the creep rupture time is governed by maximum
effective (Von Mises) stress criterion (o = 0); the behavior of
aluminum is described by this criterion. Unfortunately, for ceram-
ics no comprehensive multi-axial creep database exists. Thus, in
this paper the equivalent stress will be set to either o; or o,
whichever results in the shorter life to failure.

In our life prediction methodology, FEA is used to perform the
stress and creep deformation analysis. The ANSYS FEA package
was utilized for this purpose. The ANSYS program allows the user
to define his/her creep constitutive law through its user defined
creep subroutine. This capability was used and described in more
detail by the authors (Jadaan et al., 1997; Powers et al., 1996) in
previous publications. The CDM creep rate and damage laws (Eqs.
(18), (20), and (22)) were programmed into ANSYS to compute
the creep strain rate tensor, and consequently the stress and defor-
mation history for the component in question.

The CARES/Creep code developed by the authors (Powers et
al., 1996; Jadaan et al., 1997) to predict the creep rupture life of
ceramic components based on the modified Monkman—Grant creep
rupture criterion, was expanded to add the capability of predicting
rupture based on CDM. In summary, the CARES/Creep code is
made up of two modules and is currently customized to run as a
post-processor to the ANSYS FEA code. The first module is a
parameter estimation program used to compute the creep material
parameters. Parameter estimation for the CDM laws will be dis-
cussed in the next section. The second module contains the coding
for calculating the cumulative damage as a function of time at each
node/element of the meshed component, and thus its creep rupture
life. The methodology used in this module is described next.

As was stated earlier, to carry out a creep life prediction analysis
for a given component the creep life of the component is divided
into short time steps, ¢,, during which the stress state is assumed
constant. This is done because even for constant load/temperature
conditions, the stress state can vary with time due to creep defor-
mation. During each time step and at each node/element, the time
to failure, #;, is calculated using Eq. (21) and the existing stress/
temperature state. Subsequently, the damage for each time step and
at each node/element based on Robinson’s time fraction rule, D; =
t,/t; , is computed. Damage summation as a function of time, D =
2D, = 2(t,/t;), is then performed at each node/element. Failure
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commences when the damage, D, at any node/clement reaches
unity.

Parameter Estimation

The CDM model presented in this paper contains nine material
parameters to be determined form creep tensile data. These pa-
rameters are G, n, m, ¢, Qc, wy, C, x, and Qp. Due to the
nonlinear nature of the model, nonlinear regression using, the
IMSL routine DRNLIN, was used to compute these constants. This
routine utilizes a modified Levenberg-Marquardt (Press et al.,
1989) least squares method.

-The IMSL nonlinear regression routine requires the user to
provide initial guesses for the parameters to be determined. The
routine would then use these guesses as starting values and search
in the space surrounding them for optimized parameters that would
minimize the sum of square errors (SSE). Due to the large number
of parameters to be determined in this model, the routine often did
not converge. For the trials when the IMSL routine converged, it
often converged to a local minimum, yielding values close to what
was initially guessed or values that did not make physical sense
such as zero activation energies or negative stress exponents. This
dependence of converged parameter values on the initial guesses
causes two problems. The first is that different users making
different initial guesses can have different creep parameters. This
will result in different life predictions for the same component. The
second problem is that the accuracy of the computed parameters
depends on the quality of the initial guesses made.

In order to alleviate these problems, and to automate the non-
linear regression parameter estimation procedure in such a way
that all users would converge to the same parameters, the follow-
ing parameter estimation methodology was devised:

1 Use the Baily-Norton constitutive creep model to obtain initial
guesses for the four CDM creep parameters, G, n, m, and Q.
The Baily-Norton model is a relatively simple one, the param-
eters of which can be obtained via simple multiple linear

" regression analysis. The Baily—Norton creep rate equation is
given by
€= CiogCe 7, (23)
where C, through C,, are material constants that can be
determined via multiple linear regression analysis. The pa-
rameter estimation module within CARES/Creep is used to
compute these parameters (Powers et al., 1996; Jadaan et al.,
1997). Comparing the CDM and the Baily—Norton creep
rate Eqs. (8) and (23), it can be seen that the parameters G,
n, m, and Q /R have the same correspondence and physical
interpretation as the Baily—Norton parameters, C,, C,, C;,
and C,, respectively. Therefore, these C, through C, pa-
rameters are used as good initial guesses for the four CDM
parameters, G, n, m, and Q /R, respectively.

2 From Eqgs. (14) and (15), it is apparent that ¢ should be greater
than n — 1, in order to obtain positive tensile strains in
response to positive tensile stresses. In order to automate the
parameter estimation process, the initial guess for ¢ is set
randomly equal to n + 2. The critical damage state parameter
must remain within the range 0 < o, = 1. Again, in order to
automate the process, w; is set equal to 0.1 for materials
displaying very little or no tertiary creep behavior, and 0.9 for
materials displaying significant tertiary creep behavior. An-
other alternative available to the user is to set w, to a default
intermediate value of 0.5, and let the nonlinear regression
routine shift it up or down depending on whether or not the
creep data displays tertiary creep characteristics. Now that we
have good starting guesses for the six parameters G, n, m, Q,
¢, and w,, the IMSL nonlinear regression routine DRNLIN is
used to fit the creep data to the creep strain Eq. (14). This curve
fitting requires that the creep strain and the corresponding time,
stress, temperature, and time to failure for tensile creep spec-
imens be available. This step of the parameter estimation
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methodology should uitimately result in convergence for the
six CDM parameters stated above.

3 Finally, nonlinear regression is applied to Eq. (9) in order to
obtain the last three parameters C, x, and Q. Note that this
equation describes the time to failure as a function of stress and
temperature, and, thus, uses one data point per creep curve.
This data point obviously corresponds to that at the point of
rupture. Equation (9) contains the already determined param-
eters m, ¢, and w; Therefore, these parameters are used as
known constants for this procedure.

Due to the relatively few number of constants to be determined
in this step (C, x, and Qj), the nonlinear regression routine
associated with reasonable starting guesses for these parameters is
generally stable. In order to assure convergence and automate the
process, the following procedure for choosing starting values for
these three parameters is suggested. First, the parameters C and x
are set equal to 1. Subsequently, these initial guesses for C and x,
and the already known values for m, ¢, and w; in association with
any creep rupture data point (¢;, o, T) are substituted into Eq. (9)
to compute a corresponding starting guess for Q,. Now, the
nonlinear regression procedure is applied to Eq. (9), using these
three starting guesses for C, x, and Q,. This results in conver-
gence to a set of parameters corresponding to minimized SSE.

To test the methodology described above and make sure that
different users would obtain the same results, two of the authors of
this paper applied this procedure, independently from each other,
to three different sets of actual creep data. Two of these creep data
sets will be presented in the next section. They both converged to
the same parameters, which proved to describe the creep curves
well.

Examples

Two benchmark examples of creep life prediction for ceramic
components under multiaxial and uniaxial loading conditions are
presented in this section to validate the CDM based approach and
the CARES/Creep program. The first example is a silicon nitride
NCX-5100 notched tensile specimen, which was analyzed as a part
of Saint-Gobain/Norton advanced heat engine applications pro-
gram. A multiaxial stress state exists at the notch root where creep
rupture is predicted to occur. Hence, this example represents the
application of the theory presented in this paper to multiaxial stress
conditions. The second example involves the application of the
theory to uniaxial tensile SN88 silicon nitride specimens. This
example is used to demonstrate the ability of the CDM theory in
representing the creep curves for materials displaying tertiary
creep behavior.

Notched NCX-5100 Tensile Specimen. The aim of this ex-
ample is to predict the multiaxial creep rupture behavior of silicon
nitride NCX-5100, using creep data obtained from testing uniaxial
smooth tensile specimens. All experimental creep data used in this
example were obtained from reports published by Sundberg et al.
(1994), Wade et al. (1994), and White et al. (1995). These creep
data were part of a study on the joining of silicon nitride to silicon
nitride for advanced heat engine applications. The creep tests were
conducted on two types of specimens. First, smooth tensile spec-
imens were tested under creep conditions to characterize the creep
response of the NCX-5100 material. Second, experiments on
notched tensile bars were performed. This specimen configuration
yields a multiaxial stress state in the vicinity of the notch root,
where creep rupture is expected to initiate.

The uniaxial smooth tensile test geometry consists of a flat
dog-bone specimen with tapered holes to account for the relief of
out-of-plane alignment. The creep characteristics of the NCX-5100
silicon nitride material when isothermally loaded in uniaxial ten-
sion at temperatures in the 1275-1425°C range were investigated.
The creep curves corresponding to these tests were provided to the
authors for analysis.

Using the parameter estimation methodology described above,
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Fig. 2 Comparison between experimental and analytical creep curves
for the NCX-5100 material at 1350°C and 175 MPa

the nine CDM parameters were computed to be G = 5944, n =
1.53, m = —0.422, Q-/R = 41300, o, = 0.048, ¢ = 1.53,
C = 0.347 X 107, x = 2.83, and Qp/R = 13,760. These
parameters are based on units of MPa, hours, and °K. The initial
guesses for G, n, m, and Q./R when running the nonlinear
regression routine, were obtained from the Baily—Norton model
using the existing CARES/Creep multiple linear regression param-
eter estimation module. These parameters were found to be C, =
3211, C, = 1.3, C; = —0.374, and C, = 38700°K. The
NCX-5100 material displays no tertiary creep behavior, which
explains why o, is so small. Interestingly, the value w, = 4.8
percent is very close to a measurement of 5.5 percent, conducted
by Menon et al. (1994) using image analysis of the fraction of
cavitated area after creep rupture of an NT-154 silicon nitride
tensile specimen tested at 1400°C. The NT-154 material also
displays no tertiary creep behavior.

Figure 2 shows a comparison between experimental and analyt-
ical creep curves for smooth tensile NCX-5100 material. The
analytical creep curves was calculated using Eq. (14). As can be
seen from the figure, the CDM constitutive creep model was
successful in describing the creep behavior for the NCX-5100
material.

The FEM mesh for the notched specimen is shown in Fig. 3.
Due to symmetry, analysis can be performed using one-quarter of
the bar. The ANSYS model contains 598 axisymmetric elements
(PLLANES?2). The notch is on-the outside of the bar and its radius
is 20 percent of the radius of the tensile specimen gage section.
The mesh is refined near the notch root so that the stress state in
that region can be more accurately characterized. The nonlinear
transient creep FEM stress results obtained by the authors were
very close to those reported by Foley et al. (1992) and White et al.
(1995), thus yielding confidence in the FEM creep stress analysis
performed in both studies.

Four notched bars were tested at 1370°C (Sundberg, et al.,
1994). The reduced section average stresses were 105, 120, 135,
and 150 MPa. Table 1 compares the experimental and predicted
lives for these specimens as a function of their reduced section
stress. As can be seen from the table, the predicted lives for these
specimens using the CDM methodology described in this paper
and computed via CARES/Creep compare well with the experi-
mental failure times.

The maximum principal stress distributions for the 120 MPa
reduced average section stress specimen, as a function of time, are
shown in Fig. 4. Figures 4(a), and 4() are the maximum principal
stresses at 0 and 50 hours, respectively. A multiaxial stress state
exists in the vicinity of the notch root, which reduces to a uniaxial
stress state away from the notch. When the load is initially applied
at time = 0, the maximum principal stress at the notch root is
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Fig. 3 Axisymmetric finite element mesh for the notched specimen

computed to be 258 MPa. As time progresses (Fig. 5) the stress
relaxes at the notch root due to creep deformation, and decays to
approximately 209 MPa after 50 hours. It is expected that given
enough time, the maximum stress location would displace to the
interior of the specimen. In a previous study conducted by the
authors (Powers et al.,, 1996) and based on steady-state creep
analysis using the Norton’s model, it was found that at the time of
failure the location of the maximum principal stress was a short
distance within the specimen from the notch root. That finding
concurred with that of White et al. (1995) who conducted similar
steady-state analysis. Stress relaxation directly influences damage
calculations, and, thus, the predicted time and location of creep
rupture. This is because the location of the maximum cumulative
damage could displace as the stress redistributes with time. In the
current study, which takes into account the primary creep effect
and is based on CDM, the locations of both the maximum tensile
stress and the maximum cumulative damage were at the notch root.
This prediction concurs with fractographic examinations (White et
al., 1995) conducted on the failed notched specimens and found
them all to have failed at the surface of the notch root. Figure 6
shows a cumulative damage map for the 120 MPa bar after 50
hours. Figure 7 displays the evolution of damage as a function of
time at the notch root where rupture is predicted to occur. It can be
seen from Fig. 6 and Fig. 7 that the damage reaches unity after 44
hours, which corresponds to rupture, at the notch root.

The maximum principal stress rather than the equivalent stress
was used to predict the creep rupture life for the notched speci-
mens. This was done, based on the discussion advanced in the
multiaxial stress section of this paper, since the maximum princi-
pal stress resulted in the most conservative estimate for the creep
rupture life (shorter life).

Table 1 Predicted and experimental creep rupture results for the
notched tensile creep specimens tested at 1370°C

Reduced Section Experimental Predicted Failure
Average Stress Failure Time Time Using CDM
(MPa) (hours) (hours)

105 314 94
120 44 47
135 39 25
150 3.5 13.5
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Fig. 4 Maximum principal stress distribution in the notched tensile
specimen tested at a reduced section stress of 120 MPa at time equal to
(a) zero and (b) 50 hours

Smooth SN88 Tensile Specimen. This example is used to
demonstrate the capability of the CDM model in capturing the
tertiary creep behavior for isothermal constant stress tensile ce-
ramic specimens. The SN88 silicon nitride material (NGK Insula-
tors, Nagoya, Japan) was selected for this purpose because it
displays tertiary creep behavior, and because some of the data was
available in the open literature (Luecke et al., 1997; French et al.,
1996). The full data corresponding to the entire creep curves were
supplied to the authors by Luecke. Five different laboratories were
involved in testing a total of 24, 76-mm long SN88 tensile creep
specimens at 1400°C under a 150 MPa stress.

The CDM equations presented in this paper thus far, were
derived taking into account temperature and stress dependence. In
other words, in order to compute the parameters in these equations,
several creep tests conducted at various temperature and stress
levels should be performed. Often, it is required to fit constitutive
equations to isothermal constant stress creep curves such as in this
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Fig. 5 Maximum principal stress relaxation at the notch root for the 120
MPa reduced section stress specimen
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Fig. 6 Cumulative damage distribution in the notched tensile specimen
tested at a reduced section stress of 120 MPa

example. Therefore, the CDM equations presented above should
be reformulated to describe the creep behavior of specimens tested
at the same temperature and stress levels. These isothermal and
constant stress CDM equations are described next.

Since the stress and temperature in Eq. (7) are constant, then that
equation describing the damage rate can be rewritten as

Atm

w = (—1_—0))—$, (24)
where A, m, and ¢ are material constants, Note that the stress and
temperature terms were incorporated into the A constant. Upon
integration of Eq. (24) from ¢ = 0 to ¢ = ¢;, the following formula

describing the time to failure is obtained:

(1 + ) 1t +m)
aegli-omef

Inversely, Eq. (25) can be rewritten in terms of the critical damage
at failure, w,, as

The damage at a given time z can be obtained by replacing ¢, with
¢ in Eq. (26):

(25)

A(l + d))tme} t(l+¢)

(1 + m) (26)

Al + d)g!tm) Var®
(1+¢) ] N

(1 +m)

cu(t)=l~{1~~

Combining Eqgs. (26) and (27), yields the following alternative
form for w(z):
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Fig. 7 Evolution of damage as a function of time at the notch raot for the
tensile specimen tested at a reduced section stress of 120 MPa
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t L+m 1/(1+¢)
w(t)=l—{1 —<—> [1—(1—w,)‘+¢]} . (28)

1)

The creep rate Eq. (8), can be restated for isothermal and constant
stress condition in the following form:

_ Btnl
(- e

Substituting Eq. (28) into Eq. (29), yields the following function
for the creep rate:

t 1+m —ni(1+¢)
¢ = Bt"'{l ~ (;) [1-(1— wf)‘“f’]} . (30)
£

Integrating Eq. (30) results in the following equation describing
the creep strain as a function of time:

( 1+ ¢

Btlﬂn
1+ _ ) f t 1+m
a=wralt -] )

W= T mi = (= o) L

é (29)

(I+p—n)i(1+4)
X [1—(1- wf)”‘b]] } Gl

Combining Egs. (28) and (31), results in the following equation
describing the creep strain as a function of the current state of
damage:
I+ qb B[l+m
— l+é-n/ ! 1 (1 ())Hd:—n}
D= mli = (=)™ it '

(32)

Assuming that ¢ = n, which implies that the damage accumula-
tion affects the damage rate in a similar fashion as it affects the
creep rate, Eq. (31) simplifies to the following form:

B B(l +d))t}+m t I+m
f(’)‘u+m>[1—<1—wf)”¢]{1‘[1‘(z?)

1/(1+¢)
X [1~(1- w,)”qb]] } (33)

The assumption that ¢ = n is very reasonable based on nonlinear
regression parameter estimation results. Note that for the NCX-
5100 material, the parameters, n and ¢, converged to the same
value. The same result was found by the authors for the NT154
silicon nitride material, which is not shown in this paper.

The SN88 creep parameters were computed using the same
parameter estimation methodology described previously. Nonlin-
ear regression applied to Eq. (33) was used to determine the four
parameters B, m, ¢, and w,. They were found to be: B =
0.000838, m = —0.456, ¢ = 1878, and w, = 0.0007.
Subsequently, Eq. (25) was regressed to obtain the last parameter
A. It was calculated to be A = 2.01 X 107, These values are
based on units of hours.

Figure 8 shows the experimental creep curves for several SN88
tensile specimens tested at 1400°C under a 150 MPa stress. In
addition, this figure displays the corresponding predicted creep
curve plotted using the creep parameters listed above. The X sign
-shown at the end of the predicted creep curve indicates the pre-
dicted time to failure for this specimen. It is obvious from Fig, 8
that some scatter exists among the various creep curves. The
predicted creep curve falls in the middle of the experimental creep
curves and displays tertiary creep behavior. The predicted time to
failure also compares very well with the measured rupture times
(end of experimental creep curves). These results show that the
CDM model described above is capable of representing entire
creep curves including the tertiary creep regime.
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Fig. 8 Comparison between experimental and analytical creep curves
for the SN88 material

The critical damage parameter, w,, was found to be low for the
SN88 material even though it displays tertiary creep behavior. This
is because the increase in the creep rate within the tertiary creep
regime is a function of (I — w)”, and, thus, the parameters o and
¢. Since the exponent ¢ was found to be a large number, this
compensated for the low value computed for w, The nonlinear
regression routine through its iterative procedure converges to the
optimum set of parameters that would minimize the SSE for the
data set in question.

Conclusions

A creep life prediction methodology based on the continuum
damage mechanics theory was described. In this theory, the uni-
axial creep rate is described in terms of stress, temperature, time,
and the current state of material damage. The damage rate is
assumed to vary with stress, temperature, time, and the current
state of damage itself. Multiaxial creep and creep rupture formu-
lations of the CDM approach were presented. Parameter estimation
methodologies based on nonlinear regression analysis were also
described for both, isothermal constant stress states and anisother-
mal variable stress conditions. Several advantages are apparent to
the creep rupture life methodology presented in this paper. First,
this methodology yields a cumulative damage map for the com-
ponent showing the critical locations where failure would origi-
nate. This capability is very helpful for practical design applica-
tions. Through viewing such a damage map, the user can change
the design parameters to reduce the damage at the critical locations
and optimize the design. In creep type loading applications, it is
not a trivial task to predict the location of failure since the mul-
tiaxial stress components get redistributed as time elapses. Thus,
failure will not necessarily occur at the location whete stresses are
highest at the beginning of loading or at the time of failure, but can
take place elsewhere. Second, this methodology is capable of
incorporating the effects of primary and tertiary creep on rupture.
Third, any equivalent stress criterion can be used to predict the
component’s life. Fourth and perhaps most importantly, this meth-
odology takes into account the effect of instantaneous damage on
the deformation and rupture of the component. This creep life
prediction methodology was added to the integrated design code
ceramics analysis and reliability evaluation of structures/creep
(CARES/Creep), which is a postprocessor program to commer-
cially available finite element analysis (FEA) packages. Two ex-
amples, showing comparisons between experimental and predicted
creep lives of ceramic specimens, were used to demonstrate the
viability of this methodology and the CARES/Creep program.
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Ceramic Stationary Gas Turbine
Development Program—Fifth
Annual Summary

A program is being performed under the sponsorship of the United States Department
of Energy, Office of Industrial Technologies, to improve the performance of stationary
gas turbines in cogeneration through the selective replacement of metallic hot section
components with ceramic parts. The program focuses on design, fabrication, and
testing of ceramic components, generating a materials properties data base, and
applying life prediction and nondestructive evaluation (NDE). The development pro-
gram is being performed by a team led by Solar Turbines Incorporated, and which
includes suppliers of ceramic components, U.S. research laboratories, and an indus-
trial cogeneration end user. The Solar Centaur 50S engine was selected for the
development program. The program goals included an increase in the turbine rotor
inlet temperature (TRIT) from 1010°C (1850°F ) to 1121°C (2050°F }, accompanied
by increases in thermal efficiency and output power. The performance improvements
are attributable to the increase in TRIT and the reduction in cooling air requirements
for the ceramic parts. The ceramic liners are also expected to lower the emissions
of NOx and CO. Under the program uncooled ceramic blades and nozzles have been
inserted for currently cooled metal components in the first stage of the gas producer
turbine. The louvre-cooled metal combustor liners have been replaced with uncooled
continuous-fiber reinforced ceramic composite (CFCC) liners. Modifications have
been made to the engine hot section to accommodate the ceramic parts. To date,
all first generation designs have been completed. Ceramic components have been
Jabricated, and are being tested in rigs and in the Centaur 508 engine. Field testing
at an industrial co-generation site was started in May, 1997. This paper will provide
an update of the development work and details of engine testing of ceramic compo-
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nents under the program.

Introduction

Because of their superior high temperature durability, the
application of ceramics as structural materials for gas turbine
hot section components will enable a significant increase in
the turbine rotor inlet temperature (TRIT) of current all-metal
industrial gas turbines, resulting in improved thermal efficiency,
greater output power, and reduced emissions of NOx and CO.
The U.S. Department of Energy (DOE), Office of Industrial
Technologies (OIT), therefore, initiated in September of 1992
a program aimed at developing and demonstrating a ceramic

. stationary gas turbine (CSGT) for cogeneration operation. Solar
Turbines Incorporated (Solar) is the prime contractor on the
program which includes participation of major ceramic compo-
nent suppliers, nationally recognized test laboratories, and an
industrial cogeneration end user.

Phase I of the program, started in September of 1992, in-
volved concept and preliminary engine and component design,
ceramic materials selection, technical, and economic evaluation,
and concept assessment. The work in Phase II, started in April
of 1993, focuses on detailed engine and component design,
ceramic specimen and component procurement, testing, and the
development of appropriate nondestructive technologies for part
evaluation, and component life prediction. Phase III of the pro-
gram revolves around two consecutive engine tests at an indus-
trial cogeneration site.

Previous summaries of the work performed under the CSGT
program have been reported (van Roode et al,, 1993, 1994,

Contributed by the International Gas Turbine Institute and presented at the
International Gas Turbine and Aeroengine Congress and Exhibition, Stockholm,
Sweden, June 2-5, 1998. Manuscript received by the ASME Headquarters April
1, 1998. Paper No. 98-GT-181. Associate Technical Editor: R. Kielb,
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1995, 1996, 1997). This paper summarizes the recent Phase II
development work, in-house ceramic component engine testing
and field testing at ARCO Western Energy in Bakersfield, Cali-
fornia.

Technical Approach

The technology base for the CSGT program is provided by
the advancements in ceramic component fabrication knowledge
developed under past ceramic turbine programs, such as the
Advanced Gas Turbine (AGT) Program and the Advanced Tur-
bine Technology Applications Program (ATTAP) of the U.S.
Department of Energy, Office of Transportation Technologies.
The program strategy provides a strong focus on near-term
ceramic turbine technology demonstration and lowering barriers
for its acceptance by the marketplace. Applications include ret-
rofitting existing gas turbine installations and incorporating ce-
ramic component technologies in future engine designs. The
ceramic turbine technology under development in this program
is a key enabling technology to realize the performance and
environmental goals of the advanced turbine systems (ATS)
program, a broad initiative of the U.S. Department of Energy,
Office of Fossil Energy, and Office of Energy Efficiency and
Renewable Energy, to develop the next generation of high per-
formance gas turbines for utility and industrial applications
(U.S. Department of Energy, 1994).

Figure 1 is a schematic of the Solar Centaur 508, the engine
selected for ceramic insertion under the CSGT program. The
baseline metal engine has a rated shaft thermal efficiency of
29.6 percent and an electrical output rating of 4144 kW and is
fitted with a SOLoNOx dry, low NOx combustion system. The
gas producer turbine of the all-metal Centaur 50S has two stages
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Fig. 1 Solar 50S gas turbine with components targeted for ceramic insertion

and the power turbine has one stage. A single-shaft configura-
tion was selected for the development engine.

The Centaur 508 is being retrofitted with first stage ceramic
blades and nozzles, and a ceramic combustor liner. The engine
hot section is being redesigned to adapt the ceramic parts to the
existing metallic support structure. Accompanying the ceramic
insertion the Centaur 50S is being uprated from its current
TRIT of 1010°C (1850°F) to a TRIT of 1121°C (2050°F). The
performance improvement goals include a relative increase in
the electrical thermal efficiency of 5.6 percent in simple cycle
and 5.3 percent in cogeneration, and an increase in the electrical
output from 4144 kW to 5217 kW, representing a relative in-
crease of about 25.9 percent. Newer engines of the all-metal
Centaur 50S meet NOx emissions levels of 25 ppmv over the
50 to 100 percent load range. Under the program NOx emission
levels of 25 ppmv or below must be demonstrated and have the
potential for NOx levels of 10 ppmv or better. No CO target
level was required for the program, but Solar has set a CO
target of 25 ppmv. Predicted engine performance data have been
reported previously (van Roode et al., 1994).

Nomenclature

Solar’s approach to incorporating ceramics for industrial gas
turbine design attempts to minimize the risks inherent in a still
immature technology by using a set of guidelines which are
consistent with current ceramic design practice. These include
limiting the number of ceramic components, using proven ce-
ramic design practice from past programs, selecting well charac-
terized, and promising candidate ceramic materials with poten-
tial for cost-effective scale up to production applications, itera-
tive testing with stepwise increases in firing temperatures to a
modest final design TRIT, and minimizing transient and steady-
state stresses in the ceramic components and adjacent metal
structures. The CSGT program aims to achieve early demonstra-
tion of component designs in an engine rig which duplicates all
the conditions the ceramic components will experience during
actual engine operation.

Solar’s industrial gas turbines must be able to operate contin-
uously without interruptions other than those resulting at sched-
uled maintenance for 30,000 hours which is the typical time
before overhaul (TBO). Ceramic components must therefore
have design lives consistent with the expected TBO life. Since

AGT = advanced gas turbine

CAT TC = The Caterpillar Technical

FPI = fluorescent penetrant inspec-

ARCO = Atlantic Richfield Center tion
Company CC = AlliedSignal Ceramic HIP = hot isostatic pressing
AS-800 = AlliedSignal Ceramic Components KICC = Kyocera Industrial Ceramics
Components Silicon Centaur 50S = Solar Model Centaur 50 Corporation :
Nitride Gas Turbine with So- NASA = National Aeronautic and Space
ATTAP = Advanced Turbine LoNOx Combustor Administration

Technology Applica-
tions Program
BFG = B.F. Goodrich Aero-
space
CARES = Ceramics Analysis and
Reliability Evaluation
of Structures, NASA
Life Prediction Code
CARES/LIFE = uprated version of
CARES

ites

ites
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CFCC = continuous fiber-rein-
forced ceramic compos-

CO = carbon Monoxide
CSGT = ceramic stationary gas
turbine
DLC = Dupont Lanxide compos-

DOE = United States Department
of Energy

NDE = nondestructive evaluation
NGK = NGK Insulators, Ltd.
NOx = oxides of Nitrogen
OIT = Office of Industrial Technolo-
gies

ORNL = Oak Ridge National Laboratory
ppmv = parts per million by volume
TBO = time before overhaul
TRIT = turbine rotor inlet temperature
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Fig. 2 Integrated design and test philosophy of the CSGT program

the ultimate field test goal for the program was 4000 hours, and
to minimize the materials and design changes to the current
metal engine, a design life target of 10,000 hours was selected
for the engine and its components for the program.

Figure 2 illustrates the integrated design and test philosophy
of the CSGT program. In this design approach, design analysis
was iterated with life prediction, testing, and post-test compo-
nent evaluation. In the first stage simulated components were
tested in rigs to prove key design concepts such as blade and
nozzle attachment configuration, blade root compliant layers,
and interfacing of ceramics to metallic support structures. In
the second stage the findings from these tests were fed back
into the design of first ceramic component prototypes which
were then tested in a Centaur 50S engine modified to accept
the ceramic parts. The results of the engine tests were then used
to modify the ceramic part designs to the extent desired. In the
final stage second generation parts with superior performance
are being used for the field testing in Phase III of the program.

COMBUSTOR WITH
gn.. CERAMIC LINERS

Engine/Component Design and Material Selection

Figure 3 shows a cross section of the hot section of a Centaur
508 gas turbine, the gas turbine selected for ceramic insertion
under the CSGT program, with a ceramic composite combustor
liner, ceramic nozzles, and ceramic blades. Detailed design in-
formation regarding these components has been presented in
prior papers (Norton et al., 1995; van Roode et al., 1995, 1996,
1997).

Combustor Design. The use of a ceramic gas turbine com-
bustor is associated with two advantages over a conventional
metal combustor: firing temperature can be increased without
degrading combustor durability, and emissions from lean pre-
mixed gas turbine combustors can be reduced using a ‘‘hot
wall’’ (Smith et al., 1996, 1997). Air saved from reduced cool-
ing requirements for the combustor wall can be used to lean
out the flame in the primary zone resulting in lower emissions
of NOx. A second emission benefit is a reduction in CO quench-
ing near the combustor wall.

The existing Sol.oNOx combustor of the Centaur 50S engine
was modified by integrating the ceramics in the linear sections
of the combustor. The ceramic combustor was designed to be
fully interchangeable with the production Centaur 508 dry low-
NOx, lean-premix (SoLoNOx) combustor. The all-metal com-
bustor is an annular, axial flow combustor that utilizes twelve
premixing natural gas injectors. Through lean premixed com-
bustion, NOx and CO emissions are limited to less than 25
ppmv and 50 ppmv, respectively, at the 1010°C design turbine
rotor inlet temperature (TRIT') of the Centaur 50S engine.

The ceramic hot section layout of Fig. 3 shows the main
design features. The combustor is comprised of a metallic dome
section at the upstream end, two concentric ceramic cylinders
(in metal housings) that form the combustor primary zone, and
two conical, metallic exit sections. The dome and exit sections
are film cooled and are essentially identical to their all-metal
production engine counterparts. A layer of compliant insulation
between the ceramic liners parts and the metal housing mini-
mizes radial contact stresses. All pressure loads are carried by
the metal housing. The inner and outer ceramic cylindrical liners

CERAMIC
NOZZE

CERAMIC

CENTAUR 50
GAS TURBINE

BLADE

Fig. 3 Ceramic components in gas turbine hot section
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Fig. 4 Enhanced SiC/SiC CFCC Combustor liners fabricated by DuPont
Lanxide Composites

are 33 cm and 75 cm in diameter, respectively, and are 20 cm
long. Their wall thickness is approximately 0.2-0.3 cm. The
ceramic liners replace louvre-cooled Hastelloy X liners in the
Centaur 50S combustor.

The material of choice for the ceramic liners was a continuous
fiber-reinforced ceramic composite (CFCC) with a silicon car-
bide based fiber (Nicalon) fabricated by Nippon Carbon Com-
pany of Japan as reinforcement in a silicon carbide matrix incor-
porated by chemical vapor infiltration. CFCC’s were selected
because of their superior fracture toughness, which gives them
a distinct advantage over monolithics for large structures such
as the combustor liners of the Centaur 50S engine. The current
combustor liner material is the enhanced SiC/SiC CFCC of
Dupont Lanxide Composites, Inc. (DLC). A set of these en-
hanced SiC/SiC CFCC liners, shown in Fig. 4, was acceptance
tested for 100 hours in the CSGT Centaur 50s gas turbine,
in preparation for field testing at ARCO Western Energy in
Bakersfield, California. The actual materials selection process
and supporting subscale component testing has been described
elsewhere (van Roode, et al., 1996, Simpson, et al., 1997).

Nozzle Design. Under the CSGT program first stage all
metal FS-414 nozzles are being replaced with ceramic parts.
The cooled nozzles are coated with a Pt, Rh-aluminide diffusion
coating. The ceramic nozzle design is significantly different
from the metal nozzle. It is uncooled and single vane compared
to the two-vane cooled metal nozzle, and the tip seal has been
decoupled (a metal tip seal is attached to the nozzle case).
These design changes were made to simplify the fabrication
of the ceramic components. The nozzle attachment has been
modified to accommodate the ceramic-to-metal interface to the
first stage diaphragm. The number of nozzles was increased
from 15 two-vane segments to 42 single-vane segments based
on the results of a vibration analysis.

The ceramic nozzle airfoil is different from the metal airfoil
as well. Finite element stress/temperature analysis and life pre-
diction showed that replacing the metal airfoils with a ceramic
vane of the same geometric configuration would resuit in an
unacceptably high stress level incompatible with long service
life. The airfoil chord was therefore reduced in half and the
airfoil was bowed axially and tangentially compared to the cur-
rent cooled metal nozzle. The redesign resulted in a significant
drop in the maximum steady-state stress levels from about 480
MPa to about 162 MPa at the estimated ‘*hot spot’’ temperature
at the vane trailing edge of 1288°C (2350°F). The stress levels
were calculated using SN-88 silicon nitride (NGK Insulators,
Ltd.), the material selected for nozzle fabrication. The cooled
metal FS-414 nozzle and the SN-88 silicon nitride nozzle are
shown in Fig. 5. SN-88 was selected since it met the design
requirements for slow crack growth and creep which are be-
lieved to be life limiting. A nine hour test was successfully
conducted on 42 SN-88 nozzles in the CSGT Centaur 508 devel-
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Fig. 5 Cooled FS-414 metal and uncooled SN-88 ceramic nozzles for
Centaur 50S

opmental gas turbine at Solar. A second test of the nozzle with
minor design modifications is planned for March 1998.

Blade Design. In accordance with the low-risk design strat-
egy of the CSGT program only the first stage of turbine blades
was replaced with ceramic parts. The all-metal Centaur 508
engine has 62 first stage cooled equiaxed MAR-M247 blades
coated with a Pt-aluminide diffusion coating for oxidation pro-
tection. The CSGT blade design has an airfoil shape that is
almost identical to that of the metal blade, except for the absence
of cooling passages. The fir tree attachment of the metal blade
has been replaced with a conventional dovetail. A compliant
layer between blade root and disk buffers the ceramic/metal
interface. Maximum steady-state stress in the dovetail blade
design was estimated at 214 MPa at the blade root neck under
the platform at a temperature of 682°C (1260°F).

Based on critical materials properties and life prediction con-
siderations, AS-800 (AlliedSignal Ceramic Components) and
SN-281 (Kyocera Industrial Ceramics Corporation) silicon ni-
tride materials were selected for engine testing. Figure 6 shows
the cooled metal first stage MAR-M247 blade and an uncooled
AS-800 silicon nitride blade. The AS-800 blades were tested
for a 100 hours acceptance test in the CSGT Centaur 50S gas
turbine in preparationfor field testing at ARCO Western Energy
in Bakersfield, California.

A significant difference between operation of the Centaur
50S engine with metal and ceramic blades is clearance control.
The metal blade is designed for a hot clearance of 0.5 mm
which is achieved by applying a rub-tolerant coating to the first
stage nozzle tip seal. The ceramic blade has a design hot clear-
ance of 1.3 mm, and is designed to operate with open clearances.
Operating the engine with this wide clearance results in a perfor-
mance loss. To fully realize the benefits of operating the engine

6 INCHES

Fig. 6 Cooled MAR-M247 metal and uncooled AS-800 blades for Cen-
taur 50 engine
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with ceramic blades and nozzles will require the development

of tip seals with abradable coatings that can accommodate a

tub by ceramic blade tips. Development of abradable coatings
is ongoing under other Solar development programs.

Secondary Component Design. A significant redesign ef-
fort was performed for the secondary components interfacing
with the ceramic parts. The redesign effort involved the incorpo-
ration of rim seals on the first stage disk, changes to the first
stage diaphragm and attachment of the first stage nozzle at the
inner shroud, and changes to seals and related parts interfacing
with the nozzle outer shroud. The design changes have been
detailed elsewhere (van Roode et al., 1996, 1997).

In-House Component and Engine Testing

Component Testing. All ceramic components were tested
extensively in laboratory rigs prior to engine testing. For exam-
ple, the blade root configurations were evaluated in an attach-
ment tensile test to establish the optimal blade root angle and
compliant layer system. Full blades were tested in a cold spin
test at 125 percent of design load to ensure that they were free
of life limiting defects. Nozzles were proof tested in a thermal
gradient proof test rig and a mechanical attachment test rig in
which stress levels in excess of those in service eliminated
defective parts. Details of the proof testing have been previously
reported (van Roode et al., 1996, 1997).

The initial screening of candidate combustor liner materials
was performed using a subscale liner test in which key elements
of the full scale combustor design are evaluated in a cost effec-
tive but representative geometry. Full scale combustor rig test-
ing was performed with an atmospheric combustor rig to estab-
lish that full scale liners can operate under the .conditions of
temperature that are anticipated in the engine environment. Sub-
sequently, the liners were also tested in a pressurized full scale
combustor rig to obtain an early assessment of emissions reduc-
tion potential. The liners were subsequently tested in the Cen-
taur 50S engine. Emissions of NOx and CO were promising
based on subscale and fuil scale test data. At full load in the
high pressure rig, NOx and CO levels were determined to be
<25 ppmv and <5 ppmv, respectively.

Engine Testing. The engine test strategy is based on ini-
tially evaluating each ceramic component separately, before
testing the components in combination, in the Centaur 50S en-
gine. This methodology minimizes the possibility of secondary
damage to downstream prototype ceramic components in the
case of an upstream ceramic component failure. The engine
tests are initially performed at the baseline TRIT of 1010°C
(1850°F) for each ceramic component system prior to testing
these components in combination. In subsequent testing, ce-
ramic components are being combined, and the engine is oper-
ated again at the baseline TRIT. The final test at a TRIT of
1121°C (2050°F) will be conducted with all three ceramic com-
ponents, i.e., the blade, the nozzle, and a set of combustor liners.

The engine used for in-house testing is shown in Fig. 7. Table
1 summarizes the test data obtained to date. The tests were
conducted at the baseline TRIT of 1010°C (1850°F) of the all-
metal engine.

The first ceramic engine tests which started in August 1995
were short (1-2 h) and were intended to validate the dovetail
blade design. The tests were performed with NT164 and GN-
10 silicon nitride dovetail blades. The ceramic components and
interfacing secondary components performed as expected and
demonstrated good durability. Subsequently, an engine test was
conducted with BFG SiC/SiC CFCC liners for a total of 12 h
at full load over several cycles. This test established that the
CFCC material was adequate. Emission levels determined in
that test were very promising. NOx levels <15 ppmv and CO
levels around 5 ppmv were typically measured at a 3 percent
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Fig. 7 CSGT Centaur 508 gas turbine

pilot fuel setting (Smith et al., 1996, 1997). The measured
emission levels were well below the CSGT program goals of
25 ppmv NOx and 50 ppmv CO. The CFCC liners were in
good condition following the tests.

These initial successful tests with a single ceramic component
were followed by engine testing of both ceramic blades and
combustor liners simultaneously. A 100 hour endurance test of
62 AS-800 (CC) dovetail blades and enhanced SiC/SiC (DLC)
CFCC combustor liners was initiated in November 1996. Two
compliant layer blade attachment systems were evaluated in the
test. After 58 hours of cyclic testing, the engine shut down due
to failure of the first stage blades. Failure analysis indicated
that the origin of the failure was in one of the compliant layer
attachment systems which caused the dovetail to pinch in the
disk following cyclic engine testing. The alternate blade attach-
ment system remained free in the disk. The attachment system
was modified to further eliminate the risk of pinching, and the
failed compliant layer system was eliminated (Jimenez et al.,
1998).

A second 100 hour endurance test of 62 AS-800(CC) blades
and enhanced SiC/SiC (DLC) CFCC liners was initiated in
April 1997. The test included the modifications to the ceramic
blade attachment system. The test was performed over a number
of days incorporating cold and hot restarts. A total of 12 cold
starts and 15 hot restarts were accumulated over the 100 hrs
duration of the test. Final inspection revealed the ceramic and
interfacing metal parts to be in excellent condition. This engine
configuration was then used for the first field test in May 1997.
Figure 8 shows the rotor assembly with AS-800 first stage
blades prior to engine testing. Figure 9 shows the CFCC outer
and inner liners of the combustor following the 100 h engine
test.

Recently, the first test was also conducted in which the SN-
88 ceramic nozzle was evaluated. The test lasted for 9 h, 1 h
of which was at full load. Some minor chipping was found at
the inner and outer shroud areas contacting the metal suggestive
of a localized excessive contact stress condition. Redesign ef-
forts are currently underway to alleviate this stress condition
(Faulder et al., 1998). The next engine test of the SN-88 nozzles
is planned for March 1998. The main focus of the engine testing
will be to combine all three ceramic components, CFCC com-
bustor liners, first stage blades, and first stage nozzles in the
engine builds, and to operate the engine at the ultimate design
TRIT of 1121°C (2050°F). A final 100 h test will be conducted
prior to the final 4000 h field test scheduled for Phase IIT of
the program.

Field Testing

In May 1997 the CSGT program experienced its most sig-
nificant accomplishment to date. The CSGT T5901 Centaur 50
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Table 1 Centaur 508 in house engine test summary

Blades Nozzle Combustor Liners
Ceramics NT-164, GN-10, AS-800, SN-88 BFG SiC/SiC
SN-281* DLC SiC/SiC
Total Test Time 325 hrs 9 hrs 252 hrs
Time at Full Load 284 hrs 1hr 197 hrs
Max. Time on Single Build at | 100 hrs (AS-800) 1hr 100 hrs (DLC)
Full Load
Nominal TRIT 1010°C (1850°F) 1010°C (1850°F) 1010°C (1850°F)
*To be tested in April 1998.

SoLoNOx engine retrofitted with DLC enhanced SiC/SiC
CFCC combustor liners and CC AS-800 first stage ceramic
turbine blades was shipped to ARCO Western Energy Bakers-
field enhanced oil recovery site for the first field test of ceramic
hot section components in an industrial gas turbine engine. This
engine replaced one of ARCO’s existing gas turbines, a model
T5501 Centaur 50, operated with water injection for NOx con-
trol. ARCO’s control system was upgraded to allow operation
in the SoLoNOx mode.

The field test started on May 21. A view of the test engine
at the field test site is shown in Fig. 10. The engine operated
at the 1010°C (1850°F) TRIT of the standard all-metal engine
to demonstrate performance under typical industrial operating
conditions. The CSGT engine was fully operational with normal
steam and electrical power production. Boroscope inspections,
conducted after 212 hs and 533 h showed no change in the
appearance of the CFCC combustor liners and first stage ce-
ramic turbine blades as compared to the appearance after the
100 h acceptance test at Solar. The field test duration was sched-
uled for 2000 h of maximum load operation with periodic boro-
scope inspections.

On July 1, 1997, after 948 h of full load operation, the CSGT
engine shut down due to turbine underspeed. After several failed
attempts to restart the engine, a boroscope inspection revealed
that the 62 turbine blade airfoils had failed during service, which
has now been attributed to impact damage from a locating pin
from the inner liner of the combustor. ARCO’s water-injected
Centaur 50 T5501 was reinstalled and the CSGT engine was
returned to Solar for failure analysis.

Failure analysis of the blades indicated that all of the fractures
were above the blade platform and none of the dovetails were
pinched in the disk (which was the cause of the previous blade

Fig. 8 CSGT rotor with AS-800 first stage blades prior to 100 hr engine
test

Journal of Engineering for Gas Turbines and Power

failure), indicating that the redesign of the dovetail attachment
was successful. The compliant layer attachment system ap-
peared to have performed as designed. There was no evidence
of contact on the first stage tip shoes. During teardown of the
combustor, a locating pin (0.75 in. X 0.375 in. diam. tool steel )
used during assembly of the combustor dome was found to be
missing for the inner liner. The missing pin was at the bottom
dead center location. Witness marks inside the housing of the
inner liner indicated that the pin had moved to the aft end of
the liner to a location near the 0.400 dilution holes. It was
determined that the pin exited one of the dilution holes and

Inner Liner

Fig. 9 DLC SiC/SiC CFCC outer and inner liners following the 100 hr
engine test
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Fig. 10 CSGT Centaur-50S engine at Arco field test site

continued through the first stage nozzles into the ceramic turbine
blades. Selected AS-800 blade roots from the ARCO field test
failure were sent to ORNL for examination of the fracture sur-
faces. Evaluations to date have shown no sign of slow crack
growth in the remaining blade airfoil.

The ceramic combustor liners remained intact following the
engine shutdown. Over 1000 h of cumulative engine test data
(test cell and field test data) to date have demonstrated that a
simple modification to the Centaur 50S SoLoNOx combustor,
involving replacement of the currently louvre-cooled metal lin-
ers with uncooled liners fabricated from continuous fiber-rein-
forced ceramic composite (CFCC) materials, results in signifi-
cantly improved levels of NOx and CO at the 1010°C (1850°F)
TRIT of the Centaur 50S engine. This reduction in emissions
is a significant milestone for the program, as well as for future
gas turbines, and becomes particularly important as the drive
to reduce ‘‘greenhouse gases’’ increases. NOx levels from 10—
15 ppmv and CO levels of around 5 ppmv have routinely been
measured over the 50—100 percent load range for the CSGT
engine operating on natural gas at ARCO. The outer CFCC
combustor liner showed minor indications of oxidation follow-
ing the field test. The inner CFCC liner exhibited a higher
degree of uniform oxidation which will limit the life of the liner.
The maximum inner liner temperature measured was 1188°C
(2170°F), which was about 37.8-65.6°C (100-150°F) higher
than the outer liner.

The next field test of ceramic components is scheduled for
March 1, 1998 at ARCO Western Energy. This test will again
contain 62 AS-800 (CC) dovetail blades and enhanced SiC/
SiC (DLC) CFCC combustor liners. The dovetail angle has
been changed from 55 deg to 45 deg to further reduce the risk
of pinching. A 100 hour engine acceptance test of the 45 degree
dovetail AS-800 blade was completed in January 1998, The
blades appear in excellent condition, showing no signs of pinch-
ing in the disk.

Several changes have ben made to the CFCC combustor liner
system in an attempt to reduce the oxidation of the enhanced
SiC/SiC liners experienced during the field test at ARCO. De-
sign changes to the metallic portion of the liners to improve the
conduction path from the CFCC liners to the metallic housings
have resulted in a temperature drop of about 54.4°C (130°F)
for the CFCC liners. Material changes to the CFCC liners in-
clude using Hi-Nicalon fibers (which are stronger and more
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stable at higher temperatures and have higher thermal conduc-
tivity than the previous ceramic-grade Nicalon fibers), increas-
ing the density of the CFCC liners, and doubling the thickness
of the protective seal coat used for the CFCC liners. The liners
will be tested in Solar’s atmosphere rig in late January in prepa-
ration for the next 2000 hour field test at ARCO.

Summary

A Solar Turbines Incorporated Centaur 50S gas turbine is
being retrofitted with ceramic first stage blades, first stage noz-
zles, and combustor liners for improved performance and lower
emissions. The component designs have been completed and
have been validated in rig and engine testing. A Centaur 508
engine with ceramic first stage blades and combustor liners
started a 2000 h field test on May 21 at the baseline TRIT of
1010°C (1850°F) of the all metal engine. The engine field test
accumulated 948 hours of full load operation prior to engine
shutdown due to foreign impact damage of the first stage AS-
800 turbine blades. The impact damage occurred due to a metal-
lic locating pin used during combustor assembly impacting the
first stage blades. The metallic locating pin has been eliminated
and a second 2000 hour field test of ceramic blades and a
modified CFCC combustion liner system has been scheduled
for March 1998. Additional field testing of CFCC combustor
liners, ceramic blades, and ceramic nozzles at an increased TRIT
of 1121°C (2050°F) is planned for late 1998.
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Feedstock Blending Studies
With Laboratory Indirectly
Heated Gasifiers

To support the further development of indirectly heated gasifiers intended to provide fuels
for advanced gas turbines, several indirectly heated laboratory gasifiers were con-
structed. During many comparative tests, advantages and problems with each system were
observed. The most useful systems make use of laboratory tube furnaces in conjunction
with temperature, time, and pressure or volume yield measuring systems and a gas
chromatograph with a thermal conductivity detector. In this paper, high temperature
pyrolysis results obtained with the latest system are presented. Contrasting feedstocks
suitable for commercial systems separately or in blends are used. Yield versus time
measurements are used to determine relevant rate constants and outputs. Since the rate
constants are mainly reflective of heat transfer effects, cylindrical dowel sticks of varying
radii were volatilized. The data set leads to an analytic heat transfer model that considers
the hemicellulose, cellulose, and lignin components of the dowels. Also developed from the
dowel experiments is an approximate procedure for estimating the proportionate releases
of CO, CO,, CH, and H, for any type of biomass whose component proportions are
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known.

Introduction

In 1981, the Clean Combustion Technology Laboratory (CCTL)
at the University of Florida initiated studies on cofiring natural gas
and coal in boilers designed for oil (Green et al.,, 1981; 1984;
1986). What evolved was a general focus on blending domestic
fuels for various energy and environmental objectives (Green et
al.,, 1988; 1989; 1991; 1993). Collaborations evolved with plant
technologists in studying the efficiency of co-combustion and the
emissions from a starved air incinerator cofiring institutional waste
and biomass, biomass and coal, and other combinations of domes-
tic fuels.

During this period, gas turbines (GTs) emerged as the best
means for transforming heat to mechanical energy and are now the
key component of the most efficient electrical generating systems.
To take advantage of these high efficiencies the CCTL has been
attempting to develop a science and technology for feedstock
blending in indirectly heated gasifiers (IHGs) (Green et al., 1986;
1991; 1995; 1996A; 1996B; 1997). The overall objective is to
produce middle heating value fuels suitable for advanced GTs.

The dismal state of the basic understanding of the pyrolysis of
solid fuels, the initial stage of combustion, gasification and liquid
fuel conversion, unfortunately, is a serious obstacle to applying
THGs. A comprehensive 1992 survey of coal pyrolysis (Solomon et
al., 1992) calls attention to the fact that reaction rates for first order
mass loss processes reported by different research groups of iden-
tical coal samples at identical temperatures frequently differ by
factors of 100. The situation is generally worse for biomass py-
rolysis which has had much less attention than coal. To pursue fuel
blending in gasifiers, a much better understanding is needed of the
heat transfer and pyrolysis characteristics of individual solid fuels
and various blends under conditions similar to those in commercial
IHGs.

Increased interest in biomass-to-energy conversion has devel-
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oped recently as a result of world-wide concern for global warm-
ing, the growth of oil use in transportation, utility deregulation, and
broader recognition of cases where dual or multiple benefits can be
achieved. Paper production technology, municipal solid waste
conversion to energy, and sugar production with bagasse use for
energy are practical examples of dual or multiple benefit cases.
Thus far these examples have mostly been pursued using boiler-
steam turbine technology and efficiencies achieved are rather low.
Gas turbine powered electricity generation technology is under
aggressive pursuit by some of the world’s highest technology
companies. To take advantage of these advances, a strong effort is
now needed to advance biomass gasification technology, in par-
ticular to understand the heat transfer and pyrolysis characteristics
involved in the conversion of material derived from plants to
suitable GT fuels.

THGs that use one combustion chamber to provide the heat for
an air free gasification of the feedstock in a second chamber
(Paisley and Anson, 1997; Mansour et al., 1995; Carboni, 1995)
have many advantages over traditional gasifiers based upon sub-
stoichiometric combustion in a single chamber. Like the starved air
stage of incinerator systems, starved air gasifiers yield a low
heating value producer gas, mostly H,, CO, and CH, diluted with
nitrogen and carbon dioxide. Dilution with atmospheric nitrogen
can be avoided by using an oxygen blown gasifier to achieve a
medium heating value gas, but with the capital and operating cost
of an oxygen plant. On the other hand, IHGs that basically “cook”
biomass at high temperatures in their own gaseous vapors directly
produce a medium heating value gas.

CCTL Laboratory IHGs

Towards the goal of developing a science and technology of
high temperature “cooking” of solid fuels the CCTL has designed
and constructed several laboratory THGs. Completed units include
a gasifier simulator (GS), two horizontal batch mini-gasifiers
(MGT1 and MG2), and a microgasifier (MicG) to visually observe
the evolution of the gaseous and liquid pyrolysis products of
various materials. Most recently two vertical mini-gasifiers (MG3
and MG4) with volumetric yield measuring systems have been
constructed.

The gasifier simulator can be operated in the downdratt or
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Fig. 1 Schematic of MG3

updraft mode and was, in part, designed to simulate the operation
of conventional biomass gasifiers. Yields with the GS are based
upon flow meter readings in relation to calibrated feed rates for
each feedstock for various auger settings. Unfortunately with this
GS only one condition could usually be investigated in a day.
To speed up data acquisition and sharpen yield determinations,
two horizontal batch type THG’s were constructed. With MG1 and

MG?2, a measured quantity of feedstock material contained in a-

cylindrical paper capsule could be injected into the high temper-
ature zone of a horizontal tube reactor. The gasifier pressure was
then recorded with time at intervals of approximately 5 seconds.
Some of the results with these systems have already been reported
(Green et al., 1996a; 1996b; 1997) and will be augmented here.
Results of catalyst blending studies will be reported in a separate
paper (Peres and Green, 1998).

Problems with gas leakage in MG1 and MG2 at higher pressures
motivated a search for an alternate yield measuring system. This
search led to the acquisition of a 9 liter Collins Respirometer. With
the respirometer, gas yield measurements were based on volume
rather than pressure, providing the ability to (1) eliminate pressure
dependent leaks, (2) have chart records of the time dependence of
the gaseous volume yield, (3) simplify the minigasifier system, (4)
develop simpler and less expensive gas sampling and gas analyz-
ing procedures, (5) assemble data much more rapidly, (6) develop
mass balance tests involving gas yields and char weights, and (7)
conduct liquid yield studies at lower temperatures.

MG3, as shown in Fig. 1, is a vertical adaptation of MG2 that is
also externally heated via electric heating elements. The replace-
able heated tube is stainless steel with a 2.35 cm ID and a 2.70 cm
OD, and has a total length of about 60 cm. The heating coils
radiate onto a 28 cm long section of the tube. A removable
platform rests inside the heating tube at a location about 18 cm
down from the top of the heated region, or about 10 cm up from
the bottom of the heated region. The platform is supported by a gas
tight plug which is inserted at the bottom of the heating tube.
Sample materials contained in a cylindrical paper capsule are
dropped into the furnace from the top through a ball valve. The
capsule falls onto the platform which approximately centers the
sample in the furnace tube.

Connected in line with the gasifier is the Collins respirometer
which has been modified to directly measure the volumetric gas-
eous yields of pyrolysis as a function of time. The influx of gases
causes a water-sealed bell of constant cross section to displace
upward and an ink pen to displace proportionately downward. The
pen leaves a trace on a drum which rotates at constant speed. Thus,
the device provides a direct measurement of the gas yield versus
time while containing the gas mixture in a sealed chamber. The gas
mixture can then be rerouted into a sampling container for gas
analysis.

Composition Assessment

Gas samples collected from the mini-gasifiers are analyzed with
a Varian 3700 gas chromatograph (GC) with a thermal conductiv-
ity detector (TCD). One hundred microliters of the gas sample is
injected into the GC and separated into the component species
through a 60/80 Carboxen-1000 15’ X § stainless steel column,
The column temperature starts at 45°C, held for 6 min and then
ramped at 20°C/min to a final temperature of 210°C and held for
12 min. After calibration oxygen, nitrogen, carbon monoxide,
methane, carbon dioxide, acetylene, ethylene, and ethane are mea-
surable using helium as the carrier gas. For hydrogen, an additional
sample injection must be made using argon as the carrier.

Output from the GC is processed with a computer program to
determine the volume of each species detected, the total volume
detected, the percent volumes of each species, and the overall gas
density and heating values. For all MG3 samples analyzed to date,
the reported total volume of gas detected based on the calibration
has been within 5 percent of the actual injected volume. Thus, it is
expected that the primary constituents of the gas mixtures are those
that are quantifiable with the GC apparatus used. The presence of
other species, i.e., C3+ compounds, are neglected.

The gas analysis was performed twice for each sample. The first
analysis was for the gas mixture as collected in order to determine
the total detected volume of gas. In the second analysis, oxygen
and nitrogen were ignored to determine the appropriate density and
heating values since it was assumed that neither of these gases
were generated by the pyrolysis of the solid feedstock. This pro-
cedure was necessary since dilution with air is difficult to avoid
with this type of batch process unit.

A further correction to the gas analysis was the removal of the
contribution of the paper capsule that can be accomplished using
the average values for the bond paper gas composition, density,
heating value, and total yield (Mullin, 1998).

Table 1 (below) gives the adjusted percent volumes of each
constituent gas species, the adjusted density (p, in kg/m.), and the
higher heating value (HHV, in MJ/m}) for the gaseous yields of
sugar cane bagasse (B), melaluca (M), leucaena (L), elephant grass
(EG), crushed wood pellets (WP) from sawdust waste, pine bark
(PB), and lignin powder (LLP) when pyrolyzed in MG3 at 1000°C.
The data in Table 1 has been corrected for the contribution of the
bond paper capsule.

Pressure measurements with MG1 and MG2 were taken at 1
psig increments, which occurred approximately every five sec-
onds. The leakage in these system was determined as the pressure
dropped with time from the maximum recorded value. By iterative

Table 1 Gas yield compositions and the corresponding density (kg/m,) and higher heating value (kJ/m_) for various biomass

species volatized at 1000°C

H, CcO CH, CO, C,H, C;H, C,Hg p HHV
B 23.98 39.73 13.83 16.50 0.47 5.11 0.47 0.911 15.58
M 23.61 39.45 15.48 14.86 0.95 5.20 0.51 0.896 16.43
L 24.71 38.07 14.85 16.82 0.47 472 0.45 0.900 15.61
EG 23.42 36.32 15.25 18.11 0.47 5.82 0.69 0.920 16.17
WP 25.29 43.21 13.28 13.01 0.25 4.46 0.58 0.877 15.52
PB 30.29 39.81 12.66 13.18 0.53 3.44 0.15 0.829 14.79
LP 27.97 35.30 21.98 9.61 0.50 4.35 0.38 0.786 17.98
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modeling, an approximate maximum pressure could be calculated
as if the system were leakage-free. Figure 2 shows the pressure
development with time using MG1 for gasification of 5 gram
samples of shredded bagasse, pulverized bituminous coal, and a
50/50 blend of the bagasse and coal, all at 1000°C. The data
includes the contribution of the paper capsule which has mass of
approximately 0.4 g, for a total sample mass of about 5.4 grams.
The lower points are the original data. The upper points are the
corresponding data with corrections for leakage. The smooth
curves will be described in the followmg section.

The modeling approach given in the next section also applies to
the yield versus time data provided by the respirometer. In this
case, the pressure variable is simply replaced by the volumetric
yield. Figure 3(a) shows the volume yield versus time for a
collection of biomass species volatized at 1000°C in MG3 with the
respirometer. Figure 3(b) shows volume yields for a selection of
feedstocks relevant to MSW issues.

Phenomenological Modeling of Data

The data obtained with the MG’s undoubtedly are the result of
a complex interplay of heat transfer, phase change, dissociation,
chemical decomposition and diffusion processes. In modeling cel-
lulose mass loss versus temperature with standard thermogravi-
metric apparatus under constant heating rate conditions (Green et
al,, 1997) it was found that some of the best representations can be
achieved by assuming the mass loss obeys a p” order reaction.
Undoubtedly, these results are due to the net effect of some
combination of the processes identified above. When applied to
data acquired with the CCTL MG’s expressed as m versus time
where m = M(t)/M, and M, is the initial mass the counterpart
equation is

—dmldt = km? or —kdt. 1)

Integrating both sides of the second equation gives
m(r) = 1/[1 + (p ~ k]

where the arrow points to the result for the usual p = 1 case. When
p > 1, m(t) declines monatonically, going to zero asymptotically
as (k2)"™D_ When p < 1 it is more convenient to write

m(t) = [1 — (1 — p)ke]V0P = [1 — (kt)Iq]%, 3)

where ¢ = 1/(1 — p). In this case when ¢t = g/k the mass is
exhausted and m(¢) at later times has no meaning.

For the first quantitative yield measurements, the observed pres-
sure versus time data, the known gasifier. volume, and the average
temperature of the gas yield were used to estimate the volumetric
gaseous yield versus time and total yield. Details will be described

dmim? =

P — exp — kt, )
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Fig. 2 Pressure versus time data (dark points) and data corrected for
leakage (open points). Solid curves are quadratic fits to the corrected
data.
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Fig. 3(b) MG3 yield versus time data for various wastes and coal

in a separate paper (Peres and Green, 1998). To assign an asymp-
totic Y,, one may write

Y(6) = Y, [1 ~m()] = V{1 —[1 - (kt)/q]?}. 4

In fitting data it has been found that a simple quadratic depen-
dence upon time without a constant term, (i.e., ¥ = at — bt)
usually provides a very good representation. This is equivalent to
using the value p = }in Egs. 1-3 or g = 2 in Eq. 4 which becomes

Y(r) = Y, [kt — (kt)¥4] = at — bt? 5)
where
a=VY,k ©
and
b=Y,k¥4. ™

Accordingly, if a least square program is used to fit the yield versus
time data to determine a and b, the maximum yield and an
effective rate constant can be obtained by solving Eqgs. 6 and 7 for
Y, mei. Figures 4(a) and 4(b) show the data and quadratic fits
obtained for bagasse and coal at 800°C, 900°C, and 1000°C. Table
2 gives rate constants derived from recent measurements in the
equivalent forms

k=Aexp— E/RT =k, exp o — Bu
= ko eXp a[(l - (T.'/T)]a (8)

where k, = 1/s, « = In A/k,, u = 1000 K/T, B = E/1000 R and
T, = ElaR. Also given are F = k, exp(a — f3), the value of k at
1000 K that might be viewed as a measure of reactivity. From the
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T, and F values it is clear that bagasse reacts at the lowest
temperature and is the most reactive. Coal requires the highest
temperature and is the least reactive. The others feedstocks are in
between.

Heat Transfer Model and Dowel Experiments

A recent analysis of cellulose pyrolysis data (Green et al., 1997)
and a number of prior articles (Miller and Bellan, 1996; 1997, Di
Blasi, 1996; Lede, 1994) indicate heat transfer rather than chem-
istry dominates the time dependence of many pyrolysis experi-
ments. For a cylindrical geometry the basic equation of heat
transfer is

(1/P)aTlar + 8*Tl1or? = (1/a)dT/dt, 9)

where @ = k/pC with p, the density, C,, the specific heat, and «,
the thermal conductivity of the solid cylinder. Standard models of
heat transfer to an infinite cylinder at an initial temperature 7'
exposed at time 7 = 0 to a high temperature T., give the temper-
ature T(¢, r, R) at any radius r within the cylinder of radius R and
subsequent time ¢ (Lede, 1994; Ozisik, 1993; Heisler, 1947,

o 1.80cm
a 1.61cm

o 1.31cm
x 0.957cm

x 0.500cm
+ 0.328cm

- ! I
— T T

75 100 125
Time (s)

Normalized Yield

150

Fig. 5 Normalized yield curves for spruce dowels of various diameters.
Points represent data and the curves are based upon Eq. 13.

Boelter et al., 1965). For such calculations engineers usually use
the so-called Heisler charts based upon the leading term in the
Bessel function expansion of the solution to the heat transfer
equation, i.e.,

® = (T. — D(T. — T;) = CJ,({x) exp(—L2F) = GIE, (10)

where F = at/R>, x = r/R, E = exp {*F and G = CJ,({x). It
is customary to give the constant C and the parameter { for any
Biot number in tabular form and J,({x) and exp(— {*F) in graph-
ical form, For infinite Biot numbers (simple conduction) ¢* ~ 5.6
and C ~ 2.3. Unfortunately Heisler charts are not accurate for
values of F less than 0.2 which, because of the low conductivity of
biomass, turns out to be the main domain of interest. Another
limitation is that the initial temperature 7', is not satisfied at = 0
for all values of r. In an effort to remedy both problems Eq. 11 is
modified to (Green and Burki, 1974)

O =G/(G - 1+E), y = 5.6a/R2, (11)

which insures that at £ = 0, ® = 1 for all r as required. Eq. 11
will be applied in an empirical mode to organize yield versus time
data.

To use a physically well defined feedstock, exploratory exper-
iments have been conducted at 1000°C with solid spruce (SP)
dowels, each 4.85 cm in length with radii varying from 0.1 cm to
1 cm. The points in Fig. 5 are the measured gaseous yields
normalized to ¥, = 1 for six representative cases of the dowel
experiments.

Wood can be decomposed into the major components: hemicel-
lulose (Hm = n,C;H,,05), cellulose (Cl = #,C¢H ;0s) and lignin
(Lg = n,CsH0,), plus an ash residue. Tables of the Hm, Cl, and
Lg fractions of various woods give rather varied results. However,
the choices W, = 30 percent, W, = 45 percent, and W, = 25
percent for the mass percentages of these components of spruce are
not unreasonable. To assign the experimental gas yields one must
allow for the percentages of the three components that go into the

E = exp yt,

Table 2 Specific yield (SY) for various materials volatized in MG3 at 1000°C and Arrhenius rate parameters derived from

quadratic fits to yield versus time data at 800, 900, and 1000°C

Material SY (liters/g) e B F AGs™) EJ/R T,
Sugarcane Bagasse 0.64 4.39 3.70 1.988 804 3700 843
Newsprint 0.64 3.84 4.01 0.840 46.3 4009 1045
Bituminous Coal 0.37 5.64 7.06 0.242 282 7062 1252
Polyolefin 0.73 4.61 4.88 0.764 101 4881 1058
PETG 0.47 3.68 3.76 0.931 39.8 3755 1019
Tire Rubber 0.42 355 3.92 0.687 347 3922 1106
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Fig. 6 Two step decay scheme illustrating mass branching ratios and
volume fractions

gas phase. From the experiments at 1000°C with cellulose, lignin
and spruce wood specific yields were obtained of 0.82 liters/g, 0.47
liters/g, and 0.75 liters/g, respectively. Thus, with the assumed
mass proportions 0.30, 0.45, and 0.25 and the additivity rule, a
specific yield of 0.88 liters/g was determined for hemicellulose.
Accordingly, volume fractions might be assigned as w, = 0.35,
w, = 0.49, and w, = 0.16. Figure 6 gives a very simplistic decay
scheme for the gaseous yield system showing the originally as-
sumed decomposition of the spruce into Hm, Cl, and Lg, and the
final decomposition of spruce into the noncondensable gases (Y,)
and char-tar-ash (X;).

In attempting to systematize the gas yield versus time data for
the dowel experiments, many models have been examined. These
were chosen in consideration of previous pyrolysis modeling ef-
forts (Green et al., 1984; 1986; Miller and Bellan, 1996; 1997; Di
Blasi, 1996; Lede, 1994). The most advanced treatments set up
partial differential equations that allow for the heat transfer, phase
change, diffusion, and chemical decomposition processes. Since
the consequences of the numerical solutions are not readily visu-
alized, in this work the primary focus was on developing a plau-
sible analytic model that might be expected to give similar results.
The decay scheme illustrated in Fig. 6 shows a two step process in
which the first step, the effective separation at 1000°C of the
spruce into Hm, Cl, and Lg, is the time to reach the ablation
temperature for hemicellulose. For this purpose it is reasonable to
use a thermal temperature-time function ¥, = 1 — ©, where ©
is given by Eq. 11. The result can be rearrange to the form

Yu=1-[GING -1+ E)]

=[1—exp— ytl/[1 + (G — 1) exp — vt]. (12)

Now G will be treated as a lumped parameter associated with each
wood component that is still a function of R but no longer a
function of r. Next, it is assumed that the time evolution of ¥, is
slow compared to the time for the decomposition steps that change
each wood component to a gas and a residue (X). Identifying i =

| with Hm, ; = 2 with Cl, and i = 3 with Lg and assuming the
evolution of Hm, Cl, and Lg is governed by Y, the kinetics
solution for the total gaseous yield is

Y, = EW,[I - eXp — k,t]

X [1 —exp— vtl/[1 + (G, — 1) exp— yt]. (13)

A good overall representation of the exploratory dowel experi-
ments has been achieved using the experimentally determined w,
along with four nominal parameters: k;, = k=1, G, = |, G, =
10, G; = 100; and two adjusted parameters: g = 0.035 and p =
4/3 in y = g/R’. The thin lines in Fig. 5 show the fits according
to Eq. 13.

Molecular Decomposition Models

A molecular model has been developed to organize the specific
gas yields obtained from the decomposition of spruce at 1000°C in
a manner compatible with the gas yields obtained for cellulose and
lignin. In this effort it was helpful to identify minimum sized
molecular units for SP, CI, Lg, and indirectly Hm consistent with
their known CHO ratios and experimental volume and weight
assignments, The first four columns of Table 3 summarize this
model.

As a first step in assigning specific gas yields, consideration was
given to the unique theoretical decomposition of these molecules
into the gases CO and H, plus the residual C. As a second step
some of the CO and H, were diverted into CH,O as a surrogate
condensable liquid to the point that the mass percentage of gas
with respect to the original wood mass agreed approximately with
experimental results. As a third step some molecular CO and H,
were converted into CH, and CO, to extents compatible with gas
chromatographic measurements of spruce, cellulose, and lignin
yields. The hemicellulose gas composition was determined by
difference. As a fourth and final step the carbon atoms and liquid
molecules were consolidated into a hypothetical char-tar molecule
and minor readjustments were made in the major gaseous molec-
ular assignments to achieve compatibility with observed mass and
volume percentages. The final result is a specific system of mo-
lecular splitting that satisfies mass and atomic balances and is
consistent with experimental results at 1000°C.,

Table 3 also gives the assumed mass fractions (m,) of the
components of “wood,” the chemical formula used, and the mo-
lecular weight corresponding to the chemical formula. The “theo-
retical” rows give the number of molecules of a gas component as
determined by a theoretical decomposition of the original mole-
cule. To the right of the number of molecules (in the same cell),
followed by a slash is the corresponding percent volume. This
value was arrived at by dividing the number of gas molecules for
the corresponding component by the total number of gas mole-
cules. Based on the theoretical breakup, values for percent con-
version to gas on a mass basis (%G) and the specific yield (volume
of gas per mass of solid) were calculated. The specific yield values
(8Y,) are normalized to SP (approx. 0.7 liters per gram average).
For SP, Cl, and Lg, Table 3 also gives experimentally determined
values for percent volumes of the gas components, the percent
mass converted to gas (%G) and values for the specific yield

Table 3 Assumed compositions for wood dowels and dowel gas yields

my Formula Molec. Wt. H, CO CH;, CO, %G SY,
Wood-theo. 100% CyHo,04 1490 10/24 16/43 8/18 /16 66 1.00
Wood-exp. 23 44 16 16 68 1.00
Cellulose-theo. 45% 4 < (CH (O5) 648 4/20 11/55 3/15 2/10 70 1.05
Cellulose-exp. 22 53 17 8 70 1.14
Lignin-theo. 25% 4 - (C;H0,) 450 3/33 3/33 2/22 1711 42 0.78
Lignin-exp. 30 35 23 12 38 0.71
Hemicell.-theo. 30% 3+ (CsH,O5) 392 3/20 5/33 320 4/27 82 1.12
Hemicell.-‘exp.” 19 33 19 29 90 1.03
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Fig. 7 H/C versus O/C for various coals and biomass species

normalized to that of SP. Hemicellulose “experimental” values
were determined by difference.

The overview “coalification” diagram in Fig. 7 (Green et al.,
1997) shows the y = H/C and x = O/C positions of fossil fuels
(“aged biomass™) as well as biomass fuels (“prenatal coal”). The
contour lines give ratios of HHV to that of carbon as calculated
from the Dulong law. The tick marks along the coalification curve
give standard volatility assignments, The new entries on this figure
are the positions of the three components (Hm, Cl, and Lg) of
biomass. Every type of biomass might be viewed as a unique
feedstock blend of these three major components.

Discussion and Conclusions

From the results of experimental measurements with identical
inputs it is clear that the laboratory IHGs are capable of good
reproducibility. From work with varying types of inputs, a differ-
entiation is observed in the effective yields and rate constants for
different samples. The ability of the laboratory IHG system to
provide a gaseous sample for GC-TCD analysis greatly enhances
the type of information obtainable with respect to the standard
ASTM method of measuring biomass volatility based upon mass
loss at 950°C. The time needed for most of the biomass experi-
ments in MG3 and MG4 are of the order of one to three minutes,
This is to be compared with TGA measurements which usually
take 1 to 3 hours.

On the interpretive side it is clear that heat transfer rather than
chemistry dominates the time dependence of gaseous release in the
MG’s as in commercial IHGs. The exploratory experiments with
spruce dowels at 1000°C have been particularly illuminating.
While Eqgs. 12 and 13 were inferred from simple heat transfer
considerations fortuitously they appears to provide an approximate
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way of allowing for phase change temperature delays. The assign-
ment G, = 1 might, in effect, nullify the delay for hemicellulose
because the time to reach the ablation temperature is already
represented by the numerator (i.e., 1 — exp — <yt). The assignment
G, = 10 might be attributed to the stabilization of temperature
while the hemicellulose is volatizing before the temperature rises
again and the cellulose volatizes. The G; = 100 could represent
the delay time due to cellulose volatizing before the temperature
rises again and the lignin starts to volatize. Note also that k, the
chemical decomposition rate constant, is reasonably large as com-
pared to the thermal rate constant y. Most of the parameters used
with Eq. 13 were coarsely estimated since these were simply
exploratory measurements. Clearly further adjustment of parame-
ters and the assignment of separate k,s and possibly the ;s should
refine the fits.

The results suggest that CO, components arising from hemicel-
lulose is higher than in cellulose or lignin. The CO yield of
cellulose is highest. The char-tar weight percentage is highest in
lignin. From the residual compositions derived for the char-tars
one might expect to get higher gaseous yields at higher tempera-
tures.

The molecular modeling efforts point to a possible way of
anticipating the major gas output from any wood whose weight
percentages of Hm, Cl, and Lg are known by reproportioning the
results given in Table 3. Note that one cannot conclude that these
experiments display a simple additivity rule—since in effect such
a rule was assumed in inferring the decomposition products of
hemicellulose. By conducting independent experiments with hemi-
cellulosic material, departures from the additivity rule and even
useful synergies may be found. Pending this study it is not unrea-
sonable to use given molecular decompositions to infer yields of
other forms of biomass with differing ratios of Hm, Cl, and Lg.

These encouraging results from exploratory measurements
strongly suggest that a broader series of dowel measurements at a
number of temperatures be made using pure Hm, Cl, and Lg and
dowels made from several different woods. Such a data set would
check the additivity rule and provide a general way of estimating
the gaseous yields of any biomass and at any temperature.

Indirectly heated gasifiers basically “cook” the feedstock at high
temperatures in an anoxic environment. In carbon rich cases steam
is often used although under some circumstances green biomass
might do as well. Biomass has the advantage with respect to coal
of easier convertibility to gaseous form but the disadvantage of
lower heating value. The ideal feedstock blend for IHGs is one in
which the char residue is just sufficient that when separated and
combusted could provide the gross heat necessary for the pyrolysis
or gasification process. Calculations in a previous study (Green et
al., 1996a) suggested that the peat region of Fig. 7 was an optimum
region. Thus 70 percent of the mass is readily volatized and the
remaining mass in the form of char is adequate to provide the heat
for gasification and the carbon needed to transform the carbon
dioxide and water vapor to carbon monoxide and hydrogen. Lignin
is in this advantageous same H/C-0/C neighborhood. The prom-
ise of feedstock blending is that many combinations of feedstocks
might also satisfy these requirements. What is needed now is the
development of a predictive science of high temperature cooking
that considers the involvement of the various physical and chem-
ical properties of available domestic feedstocks or the forms they
can inexpensively be converted to by physical or chemical pro-
cessing before the gasifier.

A number of attempts have been made recently to deal with the
heat transfer, phase change, chemistry, and diffusion in the pyrol-
ysis of biomass (Miller and Bellan, 1996; 1997; Di Blasi 1996;
Lede, 1994). It is hoped that this combination of experiment and
phenomenological modeling will also help in reaching the day
when pyrolysis of biomass becomes a predictive science.

More immediately, the mini-gasifiers can be used as surrogates for
commercial IHGs just entering the market to test various feedstocks,
feedstock blends, various temperatures, particle sizes, the relation-
ships between the constituents of the input and the constituents of the
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output gases, in rapid screening of potential catalysts and in exami-
nation of other potential applications of IHGs.
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LM2500 Gas Turbine Fuel
Nozzle Design and Combustion
Test Evaluation and Emission
Results With Simulated Gasified
Wood Product Fuels

The Brazilian Wood Biomass Demonstration Project (WBP) Phase Il was contracted with
the United Nations Development Programme-PNUD, Setor Comerical Norte, Quadra
2-BLOCO A, EDF. Corporation-7° Andar, Brasilia-DF Brasil 70712-900 and General
Electric Marine and Industrial Engines to develop the gas turbine equipment necessary io
utilize fuel produced by the gasification of wood products. The program included perfor-
mance studies, control specification requirements, bleed and fuel valve specifications, a
modified dual gas fuel nozzle for fuel delivery to the combustor and results of two
combustor component tests utilizing biomass simulated fuel. This paper will deal primar-
ily with the fuel nozzle design elements, the setup and evaluation of the component
combustor tests and resulting emissions produced by the simulated Biomass fuel. Details
of the combustor test arrangement, facilities and special test equipment needed to
complete the evaluation will be presented. In addition, background on the two types of
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combustor testing will be discussed.

Introduction

Advances in biomass gasification technology using renewable
resources, such as wood, and the abundant availability of this
resource in developing countries created renewed interest in this
type of fuel as a basis for electrical power generation. In such areas
where coal, natural gas, and water power are not readily available
or already consumed, gasified wood products could promote con-
tinued economic growth and development with affordable electric
power.

This paper evaluates combustion systems that are able to suc-
cessfully burn low Btu fuel with minimum impact to the host gas
turbine. The Brazilian Biomass WBP Project (phase II) was the
venue to enhance the fuel nozzle design, evaluate combustor
operation and to define a gas turbine system which can operate of
low Btu fuel.

The design of the fuel nozzle is an adaptation of current dual
fuel nozzle concepts in which two types of fuel are introduced into
the combustor by the same fuel nozzle. This dual circuit design
allows the introduction of different gas compositions in each
circuit which integrates a fuel change over from starting fuel to
biogas fuel with no affect on the gas turbine operation. Both
component combustor tests utilized this fuel nozzle system for
changing from starting fuel to biogas fuel. .

The first combustion test was a 1 atmosphere test. Key perfor-
mance characteristics evaluated by this test included combustion
light-off and blow-out, low speed delta 7, exit temperature profile,
pattern factor and flammability limits. The purpose of this test was
to compare biomass fuel burning characteristics to current produc-
tion combustor systems.

The second combustion test was a high pressure sector test. The

Contributed by the International Gas Turbine Institute (IGTI) of THE AMERICAN
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sector was a 5 fuel nozzle portion (60 deg sector) of a normal
combustor. The object of this test was to obtain flammability,
efficiency and emissions information about the proposed biomass
fuels.

Combustor and Fuel Nozzle System

The General Electric LM2500 marine and industrial gas turbine
is a derivative of the TF-39/CF6-6 family of engines. The LM2500
engine is used extensively in military marine, commercial marine,
and industrial applications. The LM2500 operates on both natural
gas and liquid fuels and has amassed over 22 million operational
hours on over 1500 gas turbines in service worldwide. The com-
bustion system contains a full annular combustor shown in Fig. 1
with film cooled liners and a multi-swirler dome for atomizing and
mixing the fuel and air in the combustor primary zone. Several fuel
nozzle designs exist (biomass fuel nozzle shown) to support the
large variety of gaseous and liquid fuels needed for engine oper-
ation.

In 1983, General Electric demonstrated successful combustion
system operation on low Btu fuels derived from coal or nonfossil
fuel gasification processes (Bahr et al,, 1985; Sabla and Kutzko,
1985). These gases typically have a lower heating value in the
range of 100 (3.72 Mi/m’) to 250 (9.3 MJ/m*) Btu/SCF. Combus-
tibles were chiefly hydrogen (H,), methane (CH,), and carbon
monoxide (CO) with large proportions of CO, and N,. Based on
these earlier tests stable operation to 100 Btu/SCF is expected
provided there is 10 percent of H, in the fuel mixture (Sabla and
Kutzko, 1985).

The Brazilian WBP project represents the first LM2500 engine
demonstration on low Btu gas. Listed in Table 1 is the expected
makeup of the Brazilian biomass fuels. Fuel “A” is the product of
a low pressure gasification process and fuel “B” the product of a
pressurized system.

Based on the results of the 1983 testing, low Btu fuel LFHV can
impact the ability of the fuel to sustain flame. The percentage of H,
plus CO of the combustibles in the fuel is an indicator of this fuel
flammability. Reproduced in Fig. 2 are the results from the 1983

Transactions of the ASME

Downloaded 02 Jun 2010 to 171.66.16.118. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



\gnitor

\ New Swirler Venturi
o u
Ol ) 4

Combustion
Zone

Compressor
Discharge

Fig. 1 LM2500 combustor with biomass fuel nozzle

test which showed that if the sum of H, and CO in the fuel
exceeded 80 percent and the LFHV was equal to or greater than
100 Btuw/SCF (3.72 MJ/m?), combustion could be sustained in an
LM2500 configured combustor at all power levels. The various
levels of flammability are compared at different combustor inlet
temperatures ranging to maximum power. For both fuels the com-
bination is above the minimum value to sustain flame. Considering
this, General Electric predicted that the LM2500 should operate
successfully on both fuels.

Fuel Nozzle Design Criteria. Engine operation on the pro-
posed biomass and start fuel compositions requires a dual gas fuel
nozzle as shown in Fig. 3. This design concept is capable of
handling the voluminous biomass fuel flows required at full power.
The start fuel was vaporized commercial grade liquid petroleum
(LPG).

The following were fuel nozzle design criteria:

(1) Size the fuel nozzle tip outer diameter to fit the LM2500
Dual Fuel Steam combustor configuration shown in Fig. 1.
It features a larger swirler bore than the standard config-
uration. Flow splits of the primary and secondary air
swirler remain the same.

(2) Design separate gas circuits. Startup to be accomplished
when high energy start gas flows through the inner circuit.
Full power operation should be achievable on the start gas.
Full power operation on biomass gas fuel will utilize both
fuel nozzle circuits to flow the biomass fuel.

(3) Operation to full power on high energy start fuel is re-
quired. Off engine purge of the outer biogas circuit is
required to avoid combustion gas back flow.

(4) Set the fuel nozzle tip pressure ratio (Pr = FMP/Ps;) at full
power equal to that used by General Electric Marine &
Industrial Engines in successful natural gas applications.

(5) Demonstrate transition from start fuel to biomass fuel at or
above 2 MW'’s of output power, corresponding to power
just above synchronous idle of generator to power grid.

All of the design requirements were met in the proposed design.
Listed in Tables 2 and 3 are the important design characteristics of
the fuel nozzle. Pressure ratio is listed instead of pressure drop
(Delta P) in Table 3. All of the values listed for pressure ratio fall

Table 1 Fuel compositions, percent by volume

Constituent Formula Fuel "A" | Fuel “B”
Hydrogen Ho 16.5 11.2
Carbon Monoxide CcO 23.45 17.4
Methane CHa 3.94 6.0
Ethane CzHg 0.05 0.0
Ethylene CaHgy 1.45 0.0
Nitrogen N2 37.76 43.6
Carbon Dioxide CO2 12.05 13.2
Water Vapor H.O 4.75 8.6
Total 99.95 100.0
LFHV Btu/SCF 179.4 | 141.6

(MJ/m®) (6.67) | (5.27)
% Hz + CO in Combustibles =100 x 88.0 82.7
(H2+CQ) / (H2+CO+CH4+CoHg+CoHs)

within the experience bands of successful LM2500 engine opera-
tion on various gaseous fuels.

Combustion System Test Evaluation

Full Annular One Atmosphere Test. Important design fea-
tures of combustion systems can be evaluated at atmospheric
conditions. The approach is to scale engine operating conditions to
atmospheric conditions by maintaining the correct combustor inlet
Mach number, inlet temperature and fuel air ratio. This approach
provides good correlation to gas turbine experience, reduces test
complexity and saves cost as compared to testing at high pressure.
Both new development and current production designs are tested
in the same manner to confirm that key characteristics are within
General Electric experience.

Key performance characteristics evaluated in the Biomass at-
mospheric test included combustor light-off, and blow out, low
speed delta T, exit temperature profile, pattern factor and flamma-
bility limits.

The test was conducted in an improved and updated test facility
compared to the facility used for the prior low Btu fuel tests in the
mid 1980’s (Sabla and Kutzko, 1985). The new combustion test
facility began operation n 1994,

Atmospheric Test Vehicle. The test utilized the CF6/
LM2500 test vehicle which has been used for many years to test
this family of combustors. The combustor casing is mounted in a
test dolly to facilitate vehicle build up, transport, and installation
into the test cell.

The test vehicle includes two manifolds: the 6 inch (152.4 mm)
biomass fuel manifold and the 3 inch (76.2 mm) start gas manifold.
The biomass fuel manifold is hooked up to the outer circuit of the
30 fuel nozzles through 38.1 mm (15") diameter flexible jumper
tubes. The start fuel manifold is hooked up to the inner nozzle
circuits through 19.05 mm (") diameter flexible jumper tubes. The
biomass and start gas manifolds are connected together by the
transfer system. This system allows biomass fuel to transfer into

Nomenclature
Ps3 = combustor inlet static pressure, Tt4 Avg. = combustor average Pr = pressure ratio
psi (kPa) exit temperature, °F Ae = effective area, in® (mm?)

Wt = fuel flow, Ibs/hour (kg/h)
FAR = fuel-air ratio
Tt3 = combustor inlet temperature, °F

°C)
Tt4 Local Max. = combustor maximum
exit temperature, °F

ppm = parts per million
LFHV = lower fuel heating value, Btu/
SCF (MJ/m’)

°C) O FMP = fuel manifold pressure, psi
Pt3 = combustor inlet pressure, psi Delta T = combustor temperature (kPa)
(kPa) rise W = mass flow, Ibs/s (kg/s)

Pt4 = combustor exit pres-
sure, psi (kPa)
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the start gas manifold and hence to the inner circuit of the fuel
nozzles when the rig is running on biomass fuel.

The test vehicle is equipped with an inlet instrumentation plane
measuring Pz, Ps, and Tt with simple rakes, The discharge plane
is more complex and consists of four, seven element temperature
rakes and four, three element pressure rakes mounted on a travers-
ing ring. Each temperature and pressure rake captures data in a 90
deg sector. The automatic traverse control drives the ring in 13
degree steps and data is captured from all eight rakes at each step.
This amounts to 1680 individual temperatures being recorded over
a complete traverse for exit temperature profile determination.

An air purge system is incorporated that allows purging of the

biomass fuel manifold with air from the vehicle inlet. Both man-
ifolds are also supplied with high pressure N, inputs that allow
purging of flammable gases during shut down as a safety precau-
tion.

Test Air Supply. Pressurized test air (shown in Fig. 4) is

Table 2 Biomass fuel nozzle—tip area characteristics

Mix Cart

. & ( Heat Exchangers
Stack \ co
Discharge.
~—
Valve Gas Trailer Pad
. ~——
Natural Gas R\Test Vehical - Full Annutar
{Sector) Atmospheric Cell - A19
L3
E X Heaters
20 Atmos.
Header Heaters \Test Vehical - Sector
High Pressure Cell - A18

401 AIR SUPPLY

Fig. 4 Air and fuel supply sketch

routed from the air supply building. Heating of test air, if required
to simulate compressor discharge air, is by gas fired heat exchang-
ers located just outside the test cell. Measurement of inlet air to the
vehicle is by a choked, circular arc venturi installed in the inlet
piping.

Two separate, controlled, and metered bleed systems, powered
by air ejectors, were available. One of the bleed systems, simulat-
ing the gasifier pressure requirements, was used to pull bleed from
the test rig. The second bleed simulated normal gas turbine cool-
ing.

Biomass Fuel System. Shown in Table 4 are the test fuel
compositions used in the component tests. The proposed biomass
fuels, fuel “A” and fuel “B”, contain carbon dioxide (CO,) and
water vapor (H,0) as shown in Table 1. The substitution of
nitrogen (N,) for CO, and H,O for the test fuels was made to
simplify the component tests. The substitution of N, for H,O
should have no impact on the results. The substitution of N, for
CO, could produce less conservative results on flammability.
However, based on results from earlier low Btu tests (Bahr et al.,
1985), the impact was not expected to adversely affect the results
by more than 5 percent. Fuel “B” also has a small amount of
ethylene (C,H,) that was replaced with an equivalent heat content
of methane (CH,). This, likewise, was not expected to impact the
results.

Figure 4 shows the biomass fuel delivery system. Tube trailers
were hooked up to delivery piping that supplied the flammable
gases to the test cell. Nitrogen was supplied from a truck mounted
liquid nitrogen plant. A nitrogen tube trailer was located on the
same pad and tied into the system to act as an accumulator.

The constituent gases in the biomass fuel mixture were con-
trolled, metered, and mixed in a Mixer Cart. Constituent flow was
controlled by an appropriately sized V-ball valve with diaphragm
actuator and positioner. Each flow was measured with an ASME
orifice run. Each control and meter run is also equipped with a
remote operated shut off valve and check valve. The gases were
mixed in a Koch mixer.

The mixed biomass fuel was piped to an air/fuel heat exchanger
shown in Fig. 4 where it was heated to the required test temper-

Description Units Inner . Outer
Tip Effective Area = Ae In®, \ 0.0192 | 0.2112
- (mm) (12'387) (136'26) Table 4 Test fuel compositions percent by volume
Biomass Fuel Flow Splits Percent 8.3 91.7 —
Constituent Formula | Fuel "A" Fuel 'B"
Test Test
Table 3 Biomass fuel nozzle—pressure ratio characteristics Hydrogen Hs 16.5 11.2
e - Methane CHq 6.4 6
D AN F e n
escription Fuel "A uel “B St(ir; g)as Experience Carbon Monoxide O 535 174
Tip Pr @ Max Power| 1.16 | 1.20 11 | 1.06-1.30 | |Nitrogen Ne 53.6 65.4
FMP @ Max Power | 299 304 239 330 Total 100 100
psi (kPa) (2062) | (2096) | (1648) (2275) LFHV Btu/SCaF 179.4 141.6
Tip Pr @ Idie N/A N/A 1.06 1.025 Min {(MJ/m~) (6.67) (5.27
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ature. The required fuel temperature was supplied by each gasifier
as the expected temperature result from the gasification cleanup
processes and delivered to the gas turbine. The heated, mixed
biomass fuel was then piped into the test cell and into the fuel
manifold on the test rig.

The start fuel for the atmospheric test was propane, similar to
that proposed for use in Brazil. The fuel was processed in a
vaporizer and delivered to the manifold at 300°F (149°C).

Performance Results. The biomass configuration uses the
dual fuel steam combustor described in Fig. 1. The specific com-
bustor tested during the biomass program was performance tested
on standard fuels in November of 1993. The results from that test
and the General Electric data base form the basis for comparison
to the current test results.

Performance testing determines the combustor exit radial tem-
perature profile, pattern factor and pressure loss at simulated
maximum power operating conditions. Some special definitions
are required to explain the results of the multiple temperature
measurements and to show how these data are used to evaluate
combustor performance.

(Pt3 —~ Pt4)

PO *100%

combustor pressure loss =
Combustor exit temperature profile is calculated as follows: ((the
arithmetic average of all combustor exit thermocouple temperature
readings at each given radial immersion) — (Tt4 Avg.))/(Tt4 Avg.
— Tt3).

(Tt4 local max. — Ttd avg.)
(Tt4 avg. — Tt3)

combustor pattern factor =

Profile and Pattern factor characterize the combustor exit tem-
perature (see Fig. 5). Profile represents the average of the temper-
atures at selected radial locations in the combustor exit. Profile
factor is an index of the maximum average temperature at a given
radial position. Pattern factor represents the highest individual
temperature measured at any of the selected radial locations.
Profile could impact downstream rotating parts whereas pattern
factor could affect the stationary parts downstream of the combus-
tor.

Shown in Table 6 and Fig. 5 are the maximum results from the
biomass performance test and data from the General Electric data
base. The General Electric data base (section 1 of Table 6) consists
of data from 1.M2500 combustors with standard size fuel nozzle
swirler bores tested at consistent parameter conditions.

The audit power setting represents a generic set of test condi-
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Table 5 LM2500 biomass atmospheric ignition and efficiency results

Current Data Base
Test
Fuel Propane JP5 Nat, Gas
Ignition - Wf @ 8 Ibs/s air flow | 272 Ibs/hr | 430 269
(3.63kg/s) 123.4kg/hr | 195 122
Low Speed Efficiency = Delta T | 1700 °F 1104 °F | 1675 °F
@ Wa = 8 (3.63) FAR=0.024) | (389 °C) (613°C) | (831°C)

tions used during combustor production quality audits. Data re-
corded at audit conditions are compared to the data base as a “go,
no go” evaluation of a combustor. Data falling within two sigma
bands of the average are acceptable. )

The results from the Nov. 93 test (section 2 of Table 6) on
natural gas were within the two sigma bands of the data base
average. This test confirmed that the larger fuel nozzle swirler bore
had no impact on combustor performance.

The current series of tests evaluated the impact on profile factor,
pattern factor and pressure drop using biomass simulated fuel.
Results for the biomass fuels are shown in section 3a and 3b of
Table 6. Test conditions simulated the actual maximum engine
operating conditions expected in Brazil. This included modifying
the atmospheric test rig to flow the high bleed flows requested by
the gasifiers of up to 12 percent of the engine flow rate. Bleed flow
simulated either gasifier requested pressurization for startup of
system or to balance the stall margin at high power operation.

Profile and profile factor were acceptable for all of the config-
urations tested and are not a concern. The expected profile factor
is 10 percent based on General Electric historical data. The bio-
mass fuels have a smaller profile factor of 7.6 to 8.2 percent or a
flatter Tt4 profile across the annulus than the base fuels (JP5 and
natural gas).

Operation with simulated fuel “A” resulted in a high pattern
factor of 0.341. This may be due, in part, to the increased mass
flow of fuel plus engine air flow where the fuel flow of low Btu
fuels could be 5 to 7 times that of natural gas. This results in poorer
mixing in the combustor and some gas reaching the combustor exit
at a higher absolute temperature (Bahr et al.,, 1985; Sabla and
Kutzko, 1985). The pattern factor affect may also be offset by the
reduced turbine inlet temperature compared to standard LM2500
operation. The significant added mass flow of the fuel contributes
to the total power delivered by the gas turbine, requiring less Delta
T to attain the same power output.

Conversely, operation with fuel “B” gas resulted in a low pattern
factor of 0.239. This result is surprising based on the low Btu tests
conducted in 1983 (Bahr et al., 1985; Sabla and Kutzko, 1985). A
high pattern factor was expected for both biomass fuels. Although it
is a positive result, and somewhat more consistent with the data base.
for audit tests, the reason for the lower pattern factor on fuel “B” will
require further analysis an is beyond the scope of this paper.

Pressure drop on fuels “A” and “B” were both low at 3.95
percent and 3.56 percent, respectively. This represents a potential
concern to the high pressure turbine nozzle vanes. A large com-
bustor exit pressure level increases the potential for nozzle gas side
back flow into the vane cooling circuit, since the cooling pressur-

Table 6 LM2500 biomass atmospheric test performance results

Section 1 2 3a 3b

Date Data Base | Nov.93 May-95 | May-95
Power Setting Audit Audit | Max Brazil Max

Brazil
Combustor Swirler Standard | Large Large Large
Fuel JP5 Nat. Gas | Fuel "A" | Fuel "B"
Profile Factor 0.101 0.113 0.082 0.076
Pattern Factor 0.219 0.25 0.341 0.239
Combustor Press 4.85 4.84 3.95 3.56
Loss
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Fig. 6 Sea level ignition results on propane

ization is supplied by the compressor discharge pressure (Ps3).
These results indicate that biomass fuels will require further study
as to the impact on the service durability of hot section compo-
nents of the high pressure turbine. A conservative estimate of the
hot section overhaul interval for the smaller pressure drop only is
between 12,500 and 25,000 hours which corresponds to General
Electric experience with liquid and natural gas fuel with steam
augmentation on hot section intervals. Actual estimates will be
dependent on other factors including contaminants in the resultant
fuel delivered to the gas turbine. When the prototype project is
launched this impact will be evaluated as part of the next phase
engineering effort.

Sea Level Ignition and Low Speed Temperature Rise.
Tests were conducted using propane to simulate the start fuel.
Listed in Table 5 are the test results and data from the General
Electric data base. For comparisons, General Electric quotes igni-
tion and low speed combustor temperature rise (delta 7') results at
8 Ibs/s (3.63 kg/s) of combustor airflow and FAR = 0.024. This
approximates the actual engine airflow. :

Figure 6 shows the data recorded at 6, 8, and 12 lbs/s (2.72,
3.63, 5.44 kg/s respectively) for ignition. Ignition was evaluated
with ambient and 149°C (300°F) propane as well as purge of the
biomass manifold.

Light-off on propane at 3.63 kg/s (8 1bs/s) is good at an average
of 23.4 kg/hr (272 1bs/hr). Heated fuel and purge (on or off) did not
significantly impact the results. Purge media is used, from an
independent supply source, to protect the biomass circuit from
back flow of combustion gases.

Figure 7 shows the data recorded at 2.72, 3.63, 5.44 kg/s (6, 8,
and 12 Ibs/s respectively) for low speed delta 7. The figure also

& 2500
® 2000
o
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L
]
& 500 .‘./
o
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Fuel-Air Ratio
AJP5 ¢ Natural Gas [Propane

Fig. 7 Low speed efficiency at 8 lbs/s
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contains comparison data for natural gas and JPS. Delta T was
evaluated with 149°C (300°F) propane and purge (normal engine
operation). Delta Temperature of 944°C (1700°F) is excellent at
3.63 kg/s (8 lbs/s) airflow and FAR = 0.024.

Sector Tests

To control costs, General Electric uses both low pressure and
high pressure sector testing in conjunction with full annular tests.
It also allows the use of facilities that are flow limited when the
objective is to test at actual engine operating conditions. Sectors
can range from one cup to as many as fifteen in triple annular
combustors. A 5-cup sector with air cooled side walls was used in
the biomass program. The primary objectives of the high pressure
test were to obtain flammability, efficiency and emissions infor-
mation about the two simulated biomass fuels.

Sector Test Vehicle. The test vehicle was the LM2500 5-cup
sector rig. The S-cup sector is housed within a portion of the
engine flow path and is contained in a pressure vessel designed for
20 atmospheres of pressure service. The vehicle is mounted in a
test dolly to facilitate build-up, transport and installation into the
test cell.

Sector Test Air Supply and Fuel System. The biomass 5-cup
high pressure sector test (see Fig. 5) was conducted in the same
facilities as the earlier tests. This test cell shares the same air
supply, building and control room as the atmospheric test cell. Test
air is available in the test cell at up to 40 atmospheres of pressure,
113.4 kg/s (250 1bs/s) flow and 760°C (1400°F) temperature.

The biomass fuel system was the same as that used for the one
atmosphere test. Biomass mixture control operated the same as the
previous test.

Sector Starting Fuel System, The fuel system was the same
as the one atmosphere test. High pressure natural gas was supplied
to the test rig in place of propane for start up and re-light purposes.
This was done to minimize the cost of the test. However, some
propane test data was taken to capture low power efficiency up to
the facility capability.

Sector Instrumentation. The vehicle had pressure and tem-
perature rakes at the inlet. Four, four element gas sampling rakes
and one temperature rake were installed at the combustor dis-
charge for emissions, pressure, and temperature readings.

The emissions analysis system (EAS) located in the control
room acquired the gas sampling data. This system gives near real
time gas analysis data that is merged with the steady-state data
readings as they are taken. The data system and control system
were the same as the atmospheric test.

Flammability Test Results. The sector test determined flam-
mability limits and combustion efficiencies when operating on “A”
and “B” fuels. Determination of flammability limits was made by

0.3
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0.2 /_E
E 0.15 IR s = i
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o = © 0|
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—B-- Engine Operating Line
—o— Blowout FAR4

Fig. 8 Fuel “A” fuel air blowout
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reducing both the overall fuel air ratio and the lower fuel heating
value to blowout. Lean blowout tests were conducted by each of
the following two methods: (1) decrease fuel flow while holding
constant mix until lean blowout; (2) increase N, flow until lean
blowout.

Lean blowout occurs when the fuel mixed with the compressor
discharge air flow does not contain enough energy to sustain a
flame. A loss of and/or decrease in the fuel pressure or any large
reduction in fuel heating value could cause a lean blowout and
corresponds to the two test methods respectively. Both test fuels
have tolerance margin for the expected variation in fuel quality and
supply pressure. The overall fuel air ratio was reduced by main-
taining the combustor air flow constant while reducing the fuel
“A” and “B” flow. The results are shown in Figs. 8 (fuel “A”) and
Fig. 9 (fuel “B”). The two biomass fuels have robust fuel air ratio
blowout margins across the entire operating range. At core idle,
blowout margins for fuel “A” and “B” were 83 percent and 66
percent, respectively.

The results at maximum power were from the one atmosphere
tests. Full power conditions could not be set during the sector test.
Regardless, the results at full power would be expected to be better
in the sector test due to the beneficial effects of increased pressure.

The lower fuel heating value was reduced to blowout by main-
taining the combustible flows while increasing the nitrogen flow.
Listed in Table 7 are the results at core idle, 2 MW and 7.8 MW.
The nitrogen system did not have the capacity to evaluate higher
power levels.

Lower fuel heating value (LFHV) margin at core idle for fuel
“A” and fuel “B” were 49 percent and 15 percent, respectively.
The LFHV quoted by the gasifier vendor can vary on the low side
by nearly 25 percent. This much variation would prevent transition
of fuel at gas turbine idle for fuel “B”. The blowout margin
increases to 28 percent at 2 MW and to 34 percent at 7.8 MW. The
blowout margins for both fuels would continue to increase up to
full power and is not a concern.

Test results confirmed pretest predictions that transition from
propane to biomass fuel can occur at a power level of 2 MW’s or
above for either fuel.

Combustion Efficiency Results. As expected, fuels “A” and
“B” have good combustion efficiencies at part power operation as
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Fig. 10 Combustor efficiency versus power leve!

shown in Fig. 10. This is driven by the significant amount of H, in
the fuels. Natural gas and propane efficiencies are shown for
comparison.

Emissions Test Results. Listed in Table 8 are the emissions
measured during the sector test on the simulated fuels. The NOx
values in Table 8 apply to the thermal NOx produced by the
simulated fuel. The test fuel did not contain any other forms of fuel
Nitrogen, such as Ammonia, that would be present in a biomass
fuel gas. The data followed expected trends.

NOx is primarily an exponential function of the fuel adiabatic
flame temperature. Higher flame temperatures produce higher NOx
emissions. In the sector test, natural gas had the highest flame
temperature, followed by Fuel “A” and Fuel “B”, respectively. The
data aligns in the correct relative order across the operating range
as shown in Fig. 11. A conservative extrapolation of the data
indicates that a 50 percent reduction in NOx, compared to a
standard LM2500 operating on natural gas, can be expected with
the biomass fuels at maximum power.

Review of CO emissions data indicates that a large CO level
was measured at the same power level that provided the reduced
NOx emissions (see Fig. 12). The CO levels seem to be unaffected
by the burning of biomass simulated fuels. CO levels may be
10-15 times higher than the NOx level when operated on low Btu
fuel at maximum power. Actual emissions levels will be deter-
mined during the site demonstration and commissioning phase.

Conclusions

The LM2500 will likely operate successfully on either Fuel “A”
or Fuel “B” biomass fuels. Combustor exit temperature profile
should not be a concern for any of the proposed fuels tested.

Table 8 LM2500 biomass sector NOx ppm (Ref. 15% 02) emissions
results

Table 7 LM2500 biomass sector blowout results

Baseline Core Idle 2 MW 7.8 MW
LFHV Blowout Blowout Blowout
Btu/SCF Btu/SCF Btu/SCF Btu/SCF
(MJ/m®) (MJ/m®) (MJ/m°) (MJ/m?)
Fuel 179.4 91 85 Nz Limited
“A” (6.66) (3.39) {3.16)
Fuel 141.6 121 102 93.9
“B” (5.25) (4.50) ~ (3.79) (3.44)
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The combination of high pattern factors and low combustor
pressure drops may represent a concern for the high pressure
turbine hot section. The temperature level may be suppressed due
to the greater fuel flow rate, but the pressure drop could affect the
cooling capability of the turbine blades and nozzles. This com-
bined characteristic may influence hot section installed service
time.

The two proposed biomass fuels should have wide flammability
limits for stable operation down to 2 MW. The biomass fuels (fuel
“A” and fuel “B”) seem to have excellent combustion efficiencies.

A 50 percent reduction in NOx emissions should be expected at
full power using biomass fuels compared to the same power using
natural gas. This does not include the negative impact of NH; to
NOx conversion.

CO emissions will likely increase 10~15 times the NOx values
at full power on the biomass fuels. Exhaust stack scrubbing or
other emission improvements may be required. Actual emissions
levels should be determined during site commissioning.
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The Application of Expert
Systems and Neural Networks
to Gas Turbine Prognostics and
Diagnostics

Condition monitoring of engine gas generators plays an essential role in airline fleet
management. Adaptive diagnostic systems are becoming available that interpret measured
data, furnish diagnosis of problems, provide a prognosis of engine health for planning
purposes, and rank engines for scheduled maintenance. More than four hundred opera-
tions worldwide currently use versions of the first or second generation diagnostic tools.
Development of a third generation system is underway which will provide additional
system enhancements and combine the functions of the existing tools. Proposed enhance-
ments include the use of artificial intelligence to automate, improve the quality of the
analysis, provide timely alerts, and the use of an Internet link for collaboration. One
objective of these enhancements is to have the intelligent system do more of the analysis
and decision making, while continuing to support the depth of analysis currently available
at experienced operations. This paper presents recent developments in technology and
strategies in engine condition monitoring including: (1) application of statistical analysis
and artificial neural network filters to improve data quality, (2) neural networks for trend
change detection, and classification 10 diagnose performance change, and (3) expert
systems to diagnose, provide alerts and to rank maintenance action recommendations.
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Introduction

Years of accumulation of knowledge of jet engine diagnostics
has led to an understanding of the processes, rules of thumb,
diagnostic fingerprints, and hierarchies for ranking, and fault iso-
lation techniques. Effective and timely diagnostics and prognostics
now necessitates that the users of diagnostic tools exercise con-
siderable judgment and experience in applying this accumulated
knowledge. A minimum of one week of intensive training is
required to apply this knowledge, but effective utilization of cur-
rent tools requires years of experience.

A critical mass of diagnostics knowledge has been achieved to
permit the effective use of artificial intelligent systems such as
neural networks and knowledge based systems, to emulate much of
the required judgment and experience.

Overview of Diagnostic Processes

The diagnostic process (Fig. 1) is modular and begins with
propulsion system data, and applies data validity analysis to con-
vert the data to more usable information. It then extracts the
knowledge of performance and mechanical trends from the infor-
mation. Then it compares the extracted knowledge to several
knowledge bases, and completes a diagnosis or prognosis of the
propulsion system’s health. Finally it alerts the operator to any
important findings, and constructs a hierarchy of potential actions
to correct any problems it uncovered.

A robust diagnostic process uses competing strategies with
alternative analytical processes that operate in parallel. It considers
from the outset, more than one possible explanation for any trends
it discovers. By using knowledge of the measurement uncertainties
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and the fingerprints for the possible explanations, it identifies and
ranks the suspected root causes. It can carry the recommendations
further by consulting additional knowledge bases and providing
check procedures and maintenance procedures.

Adaptive Diagnostics

The computational engine of a diagnostic system is an adaptive
performance model of the gas turbine being analyzed. The model’s
primary function is to normalize data so that every data point is
evaluated at effectively the same flight condition, power setting,
system power off-takes and bleed off-takes. This is accomplished
by running the model to each input data condition and computing
the difference between the model and the data.

Adaptive diagnostics requires that the model be able to adapt
itself to reasonably match revenue service data, Models now have
the capability of thermodynamically scaling their component maps
to close with early engine revenue service data. The closer the
thermodynamic match of the baseline model, the better the nor-
malization of the data.

Data Validity

Statistical analysis is essential for evaluating the quality of the
data. Rolling averages typically waste the initial data points and
are slow in responding to trend changes. Several data validation
improvements have been developed.

First the rolling average method is replaced by an exponential
memory retention method. An exponential average equivalent of a
ten point rolling average requires the storage of only the exponen-
tial average, not the ten preceding points. With each new data point
15 percent of the remembered average is replaced by new data.
Therefore, the old data is forgotten 15 percent at a time, resulting
in an exponential decline in its usage. In a ten point rolling average
the old data is 100 percent recalled until it is 11 points old. Then
it is 100 percent forgotten. The exponential equivalent of the 10
point moving average is given by the following:
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Th e Diagn OStic Process reducing the likelihood of false alarms. Unlike a moving average,

an exponential average can be changed at the moment of the trend
change detection, so the statistical bands also show the disconti-

AIRPLANE ENGINE DATA nuity.
CRITICAL PARAMETERS If care were not taken, pure statistical analysis disregards trend
- changes presuming them to be bad data. Therefore, earlier diag-
{} nostic systems kept the bad data and gave the analyst a warning
ADAPTIVE ENGINE flag and a few rules to evalunate the data validity. A neural network
SIMULATION BASELINE (Fig. 3) 1s a system of computations plus logical tests that can be
used to recognize patterns. The input to the network is the instan-
{} taneous average value and standard deviation of each critical

parameter. The neurons apply the knowledge and experience that
the analyst would normally consider. The network can act as
templates to eliminate bad data much the same as analysts would

STATISTICAL PREPROCESSING
WITH DATA TEMPLATES, “RULES

"
OF THUMB” FLAGGING with their rules of thumb. :

U {} These templates (Fig. 3) identify spurious TAT, EPR, input
_ errors, and large instrumentation errors. The first two ANN tem-
TREND CHANGE DETECTION plates identify errors that result in all four parameters being either
AUTOANALYSIS | NEURAL NETWORK high out of statistical limits or low out of statistical limits. The
remaining four ANN templates detect single parameter limit ex-

{} G ceedences that are not physically possible.
RANKING OF FINGERPRINTS When five key jet engine parameters (EPR, EGT, WF, N2, N1)
AUTOANALYSIS ) NEURAL NETWORK are considered, six basic templates can be defined which correct
™ - approximately 9 percent of typical data (example Fig. 4). In this
m typical example, 9 percent of the data caused 26 percent to 63
- ) percent of the raw data measurement uncertainty. A separate report
KNOWLEDGE BASED FAULT is generated so that the raw and corrected data are both available.
DETECTION/ISOLATION The test case selected was a recent event where a JT3D com-
EXPERT SYSTEM ‘ bustor crack occurred. The weightings for each of the four engine

parameters entering the first two template ANN nodes were set
equal to one another and then optimized. The optimum node
threshold limit was found to be 1.4 sigma for four parameters. That
is the equivalent of more than 2.5 sigma for a single parameter
statistical test. :
The weightings for the other four template nodes were individ-
ually optimized because JT3D experience showed N2 to be the
ng::ggl;sC’AL WI!I"\IHTEA:'I:\IAUiELS most reliable parameter and WF to be the least reliable. The
RANKING, FLAGGING optimum relative weightings for this case were found to be, N2
(1.30), EGT (0.96), N1 (0.93), and WF (0.81).

ALERTS,
EXCEEDANCES, REPORTS,

DIAGNOSIS, HIERARCHICAL
PROGNOSIS. CHECK LIST,

Fig. 1
N Smoothing Averages

——eef xponential With 85% Memory
wedit4 Qpt MoOvVing Average '

e

, 2 % Step

EXP_Average(t),, = Exp_Average(t — 1)%,0.85
+ New_Data*0.15

With each new data point a fraction of the memory of the older
data is replaced. This means that since only the last average is
retained, the exponential averages can respond instantaneously to
step changes in trends.

Figure 2 shows the response of the two methods to a 2 percent
step increase with 1.5 percent random scatter. The exponential
has an equivalent or better response and definition. As soon as a
trend is detected the exponential average can be incremented to
show the step change. :

Similarly, the exponential averaging method allows statistical 0 5§ 10 15 20 25 30 35 40 45
bands to be carried with little overhead. That allows the statistical
analysis to adapt quickly to changes in data quality. Therefore, the

% Change In Average

© 0O 0 4 =2 NN O
© m o no meowmo,mo

L}
-

Point Number

diagnostics automatically adapt to the data quality of each airline Fig. 2
Nomenclature
EPR = engine pressure ratio HPT = high pressure turb. W = weighting of neuron input
EGT = cor. turbine temperature LPC = low pressure compres. TAT = total air temperature
WF = cor. engine fuel flow i = exponential average HPC = high pressure compres.
N2 = cor. high rotor speed o = standard deviation about LPT = low pressure turb.
N1 = cor. low rotor speed ANN = artificial neural network TCC = turbine case cooling
T3 = cor. HPC exit temp B = bias applied to a neuron
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Filtering Data With Six Templates

If > 0, Replace
EGT with pu

If > 0, Replace
WF with

If > 0, Replace
N2 with p

If > 0, Replace
N1 withp

Fig. 3

Several training cases are typically used to determine the ANN
weightings. However, the direct knowledge of the individual en-
gine’s current data scatter is an available and useful alternative for
a diagnostic system that adapts to the data being analyzed. As
processes are improved and data quality improves, the improve-
ment is measured and the sensitivity of the diagnostic system
adapts.

Over the range of the 44 points before the event, the templates
reduced N2 scatter 49 percent (Fig. 5), EGT scatter by 34 percent,
N1 scatter by 26 percent, and WF scatter by 63 percent. The
preprocessing of the data with statistical analysis applied through
ANN templates improved the data validity significantly thereby
improving the accuracy of all the downstream processes.

Trend Change Detection—Neural Networks

Figure 5 shows that the current system required six data points
collected over a period of six days before the sample trend change
was detected and the engine was removed. N2 was the most
reliable parameter for detecting this trend change. That is charac-
teristic of the data acquired from JT3D and JT8D engines. EGT is
the most reliable parameter for high bypass engines such as
PW2000, PW4000, and JT9D engines. Having four or more pa-
rameters for detection improves the reliability of the prediction.
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Therefore the detection system can be used on all the key param-
eters to improve the confidence level. It is quite likely that as
experience is gained with intelligent diagnostic systems, that cal-
culated parameters such as efficiencies and flow capacities will be
used for detecting trend changes. Synthesized non-dimensional
parameters may also come into use.

In this example (Fig. 6) we use an ANN that evaluates three
different exponential averages for corrected N2, the equivalents of
3 pt, 5 pt, and 10 pt moving averages.

The ANN is trained with trend changes in the positive direction
and then used to process the trend twice to account for both
positive and negative trend changes. A separate calculation of the
magnitude is computed based on the relationships between the
moving averages and the response of the detection system. The
calculation is a weighted sum of the three averages trained separate
from the neural network. The magnitude of the change is a criteria
to filter out spurious detection. The filter is applied to inhibit trend
change detection when the change detected is less than one third
the data’s noise level. It is very important to inhibit potential false
alerts. It is preferable to miss a detection than to give a premature
alert. For that reason three detection systems are used, the first to
detect significant changes within two to three data points, the
second to detect subtler significant changes within five or six data
points, and the third to detect 1 percent or greater moves in ten data
points.

Detector With Noise Filter

B1 |
S

wii
MA10
=

Node 2

MAS w1 WH200 |

- = !

W = oMA Filter

Fig. 6
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TREND DETECTOR FIRES ON SECOND POINT
JT3D ENGINE P678967, March 1997
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Fig. 7

Figure 7 shows the trend detection system applied to the filtered
N2 data. A 66 percent improvement in detection time response was
achieved using the ANN/filter detection system in this example.
The initial estimate of the step change was —3 percent, and settled
at about a 4 percent decrease in corrected N2.

Trend Change Detection—AutoAnalysis

AutoAnalysis is an analytical tool developed by Pratt & Whit-
ney to assess changes in the performance of engine components.
The AutoAnalysis process is an independent, parallel analytical
process for detecting trend changes. For gradual changes it does a
modular analysis of performance retention. It uses a Kalman filter
which makes it adaptive to the quality of the data being analyzed
[2].

The Kalman filter attempts to model and explain the data. When
an abrupt change in performance occurs, the change is first per-
ceived as a large sensor error. A persistent sensor error term is
therefore used for trend change detection.

Trend Change Root Cause Determination—Neural Net-
works

The root cause of performance trend shifts needs to be deter-
mined to make recommendations for corrective action. Measure-
ment uncertainty and the similarities of some problem symptoms
does not always yield high confidence in the most probable root
cause. Typically three alternative assessments are needed to en-
compass the true root cause. Neural networks provide easy access
to other possible root causes. The computations of the output
neurons of a neural network can be intercepted. That reveals the
most probable alternatives and allows them to be ranked in the
order of the strength of their signals.

Each neural network node represents a line that partitions the
data [1]. The slope of the partitioning line is given by the ratio of
the two input parameter weightings (Fig. 8). That ratio can be
determined from gas generator influence coefficients. Therefore all
the node weights for hidden layers in this particular network can be
calculated and require no training or optimization. Each data phase
space was partitioned into high ratio (>), low ratio (<), and
intermediate ratio regions. Nodes based on ambivalent gas gener-
ator parameter ratios that could easily change signs were removed.

There are two design strategies for neural networks. The most
common strategy is to use a symmetric matrix of neurons and train
them with specific cases using an error back propagation tech-
nique. This method can provide the best fit of the data with the
least number of neurons. However this method provides solutions
that are for the most part incomprehensible, and non adaptive. This
method can also provide the best fit of the data with the greatest
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number of neurons. However, again the network tends to be
incomprehensible and the data over fitted.

Another strategy is to partition the problem into key elements
and independently optimize those neural network sub functions.
Adaptability then becomes a part of the solution. For instance, in
the detection system previously discussed (Fig. 6), the neuron bias
terms were made a linear function of the standard deviation of the
data, and of the magnitude of the deviation of the data from the
model baseline. The network was then first optimized for one
signal to noise ratio, with no deviation of the data from the
baseline, and with constant neuron bias terms. The neuron. thresh-
olds were then independently optimized as a variable accounting
for different signal to noise ratios, different moving averages, and
different deviations between the data and the baseline. It was found
that as uncertainty increased, the threshold required for firing the
neurons also increased. This method that applies first principles
and physical insight, is easier to understand and to optimize [3].

A useful feature applied in these networks was the implemen-
tation of gains as transfer functions, so that the use of classical
sigmoid functions were not necessary. The sigmoid functions are
continuous functions that increase the uncertainty of the input data.
The gains on the other hand are analogous to the biological neuron
function and allow the output of the nodes to be variables. There-
fore, if the node’s input barely meets the threshold, the node’s
output is calculated to be less than 1.0. If the input greatly exceeds
the threshold then the node output carries a percentage (typically
20 percent used) of the amount by which the input exceeded the
threshold. The gain is kept small so that the network is stable.

The input parameters were normalized for the data uncertainty
by dividing each input parameter by its respective standard devi-
ation. The standard deviations were exponential averages that
continuously adapted to changing data quality. v

The network weights between the hidden layer and the output
root causes, are independent and are trained one root cause at a
time.

The symptoms or fingerprints of the root causes of the perfor-
mance trend shifts have the efficiencies, flow capacities, and
effective areas of the modules coupled the way the problems
usually occur. That improves the effectiveness of separation of
root causes such as the HPC versus HPT deterioration. During
development, false positive indications are minimized by treating
no-fault found (NFF) results as faults.

The focus of this paper is on diagnostics for a minimum case of
four measured key engine parameters (EGT, WF, N1, and N2) at
constant EPR. However, typically as many as nine parameters are
monitored. 73 is shown to indicate how additional measured data
is used in areas where they can improve the separation of root
causes of performance changes. In Fig. 9, T3 is shown to be used
to separate a 2.5 bleed from a 2.9 bleed problem, or an HPC from
an HPT problem.

ANEURAL NETWORK NODE, CREATES A PARTITION
OF THE PHASE SPACE DEFINED BY THE INPUT

Separating Line Definition 2
2>=-H*W11/\21+ Bas 1/\21

551

Fig. 8
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In addition to engine modular changes, it is necessary to identify
systematic sensor errors or changes to instrumentation. They too
can trigger trend detection logic. These changes are not quickly
detected by the rules of thumb data filter templates because they
are repeated and are gradually accepted as significant. Systematic
sensor errors can be of three types, aircraft instrumentation errors
(total air temperature, Mach number, and altitude), engine instru-
mentation errors (all measured parameters), and changes that can
result from installation of new sensors or equipment.

Systematic airplane related instrumentation changes and errors
affect all engines equally. When the root cause of a trend shift is
found to be the same for all the engines on the aircraft, then the
aircraft instrumentation is identified as the actual root cause.

Systematic engine related instrumentation changes and errors
usually affect one engine, and often only one parameter. When an
engine instrumentation change or error is responsible for a trend
change, the affected instrumentation shows the change and is
therefore identified.

The neural network can determine the alternative root causes,
but the magnitudes of the root causes are best determined using
AutoAnalysis. The aerothermal diagnosis is ranked in order of
probability in Table 1.

Trend Change Root Cause Determination—AutoAnalysis

AutoAnalysis includes a Kalman sensor error analysis followed
by a statistical determination of the root causes. It uses the instru-
mentation uncertainties and an adaptive engine model to generate
a matrix of influence coefficients. AutoAnalysis independently
assesses the most probable root cause as well as its magnitude [4].

In addition, AutoAnalysis accepts the alternative root causes
determined from the neural network, and computes the magnitudes
of the alternative root causes. In Table 2, 2.3 percent high turbine
distress is the most probable root cause to explain the performance
loss. A 100 percent TCC failure or a 2 percent burner pressure loss
are possible alternative root causes.

Table 2 Trend change detection 5-18-87, JT9D-7Q, P702143

Probability Magnitude
Boroscope HPT (%EFF/FC) 74% 2.0/15.%
Check TCC system (%TCA) 62% 100%
Boroscope Burner (%DP) 30% 2%

The AutoAnalysis assessments provide detailed modular break-
outs suitable for engineering analysis. In addition, a knowledge
based expert system is used to provide the flight line recommended
checks and maintenance procedures.

Knowledge Based Expert System for Fault Detection
and Isolation

The knowledge based expert system diagnostics provides the
maintenance mechanic with “What’s wrong and how to fix it,”
value analysis based task optimization.

The expert system integrates the aerothermal input from Auto-
Analysis with onboard control status and maintenance words
(codes) for additional fault detection and isolation with mainte-
nance recommendations, It is an object oriented system [6] de-
signed to emulate the human thought process. The control identi-
fies faults in scheduled system switches, valves, and indicators.
The root cause assessment of AUTOANALYSIS is compared and
linked with the control fault analysis providing a specific check
list. The reasoning is temporal in that it considers not only the
facts, but the order in which the facts occur [7]. A Bayesian type
statistical evidence approach is used to reflect the uncertainties in
the rule based analysis.

Value analysis considers the probability that the diagnosis is
correct, and the cost required to check the hardware and verify the
diagnosis. An alert is issued with the recommended corrective
action whenever a significant trend change occurs (Table 3).

The maintenance recommendations provide ‘Answers-not-Data’
type of results. The information will be available in a hand held
computer for powerplant analysis or line maintenance groups.
Substantial maintenance cost saving and reduced down time are
predicted for the quicker, and more accurate diagnostics [5].

Symptoms of open clearances or Hot Section Distress

Maintenance word indicates TCC valves powered.
Action: Check function of valves

If valves are functional, then
Action: Check for system cracks and loose fittings

If TCC system OK, then
Action: Boroscope HPT looking for distress

If HPT system OK, then
Action: Boroscope burner looking for distress

The expert system prognostics module integrates the aerother-
mal input from AUTOANALYSIS with module configuration
information and the fault detection maintenance information from
the control.

Knowledge Based Expert System for Prognosis

The knowledge based expert system prognostics provides the
quality assurance, reliability engineering, maintenance support,

Table 3 Trend change detection 5-18-87, JTID-7Q, P702143

Table 1 Trend change detection 5-18-87, JTID-7Q, P702143-  (for illustration only)
Probability Probability ~Magnitude Cost Rank
Boroscope HPT T4% Boroscope HPT (%EFF/FC) 74% 2.0/1.5%  $260 2
Check TCC system 62% Check TCC system (%TCA) 62% 100% $60 1
Boroscope Burner 30% Boroscope Burner (%DP) 30% 2% $220 3
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Table 4 Workscope 5-19-87, JT9D-7Q, P702143 (for illustra-
tion only)

Probability Value Cost Rank
Replace TCC valve 100% 1.5%/15C $1523 1
Replace 2.5 Bseal 100% 0.3%/4C $2022 2
Waterwash engine 20% 0.5%/5C $535 3

flight operations, and fleet management teams with projections and
advice based on the expected long term behavior of the engine
with the diagnosed condition.

Having isolated the cause of the fault(s), the expert system
presents a prognosis. A critical fault could result in the prognosis
that requires the engine immediately be removed from the wing or
that the engine be grounded until a critical part is replaced.

If the isolated fault is noncritical such as a missing bleed seal or
a TCC valve failure, the prognosis may (depending on other
conditions) be, that the fault need only be corrected at the next
scheduled maintenance, or that the aircraft can safely fly to the
overhaul facility.

A fault occurring as the normal maintenance cycle approaches
may result in the prognosis that the aircraft can continue to operate
between city pairs in cooler climates where the engine operates at
cooler internal temperatures.

Another prognosis could advise if overhaul can be postponed or
if overhaul should be pulled forward.

With a prognosis for all engines in the fleet, scheduling of fleet
maintenance as well as the ordering of spare parts can be planned.
This information can be used for asset management to assure that
spare parts are available on site on time.

Expert System for Integration of Flight and Test Cell
Data Analysis

Flight data can be used with or in lieu of tested-as-received-data
for workscope value analysis. The probabilities are set to 100
percent when inspections and checks verify the causes of the trend
changes. In the following case the certainty of the TCC and 2.5
bleed seal involvement make them highest ranked for maintenance
and repair (Table 4).

Conclusions

A modular intelligent and adaptive system is presented for gas
turbine diagnostic and prognostic analysis.
The system uses adaptive intelligent diagnostics to improve data

612 / Vol. 121, OCTOBER 1999

quality, detect trend changes, interpret data, furnish diagnosis of
problems, provide a prognosis of future engine behavior for plan-
ning purposes, and provide corrective actions on the basis of value.
Artificial intelligence is used to automate, improve the quality of
the analysis, provide timely alerts, and to integrate flight data and
test cell data analysis for workscope and value analysis.

A robust dual approach is taken combining the attributes of
neural networks, Kalman filters, statistical analysis, Bayesian/
Evidence based decision making, and rule based analysis. An
expert system is used to integrate the analysis and to perform value
analysis in making recommendations.

Significant improvements in accuracy, quality of analysis, time-
liness and usefulness of reporting are shown.

Further development is underway to provide additional system
enhancements. Diagnostics will be expanded to include vibration
and oil systems to detect blade damage, schedule trim balance/
lubrication, detect shifts in SVS schedule or rigging, detect bearing
thrust balance changes, improve fatigue analysis, and possibly
enable safe life analysis.

Other enhancements include the use of artificial intelligence and
value analysis to do more of the decision making for asset man-
agement, and to predict part lives, shop visits, work scopes, and
inventory requirements. Improvements are also planned for sen-
sors, real time telemetry of data, data links, and secure Internet
collaboration.

Maintenance costs can be reduced by

—early detection for prevention of collateral damage.
—reduced in flight shut downs

—reduced down time

—improved planning and asset management
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Gas Turbine Parameter
Corrections

The various parameters appearing along an engine’s gas path, such as flows, pressures,
temperatures, speeds, etc., not only vary with power condition but also with the ambient
conditions at the engine’s inlet. Since a change in inlet temperature and/or pressure will
contribute to an attendant change in a gas path parameter’s value, it would be difficult to
characterize the aero-thermodynamic relationships between gas turbine engine parame-
ters, (even at a constant engine operating point) unless the ambient conditions are
somehow accounted for. This is usually accomplished through the use of corrected engine
parameters. Although most of these corrections are well known by practitioners in the
industry, knowledge of their origin does not appear to be as commonpiace. The purpose
of this paper is to fill that gap and furnish a summary of the commonly used corrections
for the “major” gas path parameters that are used in performance analysis, diagnostics,
and control design, and to offer a derivation of these corrections. We will suggest both an
analytic approach as well as an empirical approach. The latter can be used to establish
the correction for parameters not directly addressed in this paper, as well as to fine tune
the correction factors when actual engine data is available.

A. J. Volponi

United Technologies Gorporation,
Hamilton Standard,

One Hamitton Road, MS 3-2-A6,
Wondsor Locks, CT 06092

where each product in the sum is a dimensionless quantity. If we
represent each of these terms by r;, then we may rewrite this
equation as

Historical Perspective

The use of corrected parameters to describe the performance of
a gas turbine appears to be as old as the machine itself (Warner,
1945; Sanders, 1946; Shepherd, 1949). Earlier works (e.g., Capon,
1930) reference many of the same parameters as applied to more
general aero-thermodynamic machines such as air compressors.
These typically take the form of so-called dimensionless quantities
derivable from dimensional analysis, which has been the primary
technique for establishing what I will refer to as the classical
parameter corrections. Since this technique is somewhat old and is
not necessarily known to all, the analytic derivations that are
provided in this paper will use a more general method which relies
only on a knowledge of basic calculus and a handful of thermo-
dynamic principles. Since dimensional analysis has played such an

f2(ﬂ-19 Ty oo v s 7Tn) = O (2)
Loosely stated, the Buckingham -Theorem declares that the
number of dimensionless products ; necessary for Eq. (2) to
represent Eq. (1) is n — k, where k is the number of fundamental
dimensions used to define the variables.

Applying the above principles, let us assume that we have a
single spool turbojet engine having the following independent
parameters (and dimensions)

important historical role in establishing these corrections, we will Parameter Dimension
desc;ribe (bl.'ieﬂy) its principle and der'ive a part.icglar correction as spool speed (rpm) 1/t

an illustrative example. The following description follows that = 7 ambient temperature T
given by (Buckingham, 1914). ambient pressure MI(Lt%)

Let us assume that we have a physical relationship to be repre- aircraft velocity Lt

XU Nz

sented by n physical quantities Q,, Q.. . .., @,. Without any loss czgng;issi:;tdiameter Iiz T
of generality, we may write this relationship as &

40y, Oy ..., Q,) =0, (1) and dependent variable
Since physical quantities are measured in physical units (feet, p, Thrust MLIt,

seconds, lbs, degrees, etc.) or some algebraic combination of units,
it can be shown that the above general relationship must have the

form
D MQYQY .. Qi =0,

where M is a dimensionless number and each of the products being
summed must have the same units (otherwise you could not add
them together). If we divide both sides by any one term in the sum,
the expression takes the form

> NOPOS. Qe+ 1=0,
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where r = time, T = temperature (degrees), M = mass, and L =
length. The total number of fundamental dimensions in this case is
four.

Thus, if we assume that we have a relationship of the form Fn =
SN, Ty, P,, v, D, R), which implies an implicit form f(Fn, N, T,,
P,, v, D, R) = 0, involving 7 quantities, By virtue of the
m-theorem, we may express the relationship in terms of 7 — 4 =
3 dimensionless quantities as follows:

‘P(ﬂ-[’ Ty, 7T3) = 07
where
a, = NP4TSDRY,

m, = vPiTLDERY, 7, = F,P:TTD"R",

The 7, terms are dimensionless, and, hence, their units must be
equal to L°M°T°t°. For example,
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1 M\® L2 d
R N brel Z_ ) — joas070,0
m=(1)(2) (i) = rowere

— Lc+2d—aMaTb—dt—-l—2a—2d

0=1+4+2a+2d

which implies

This yields a parameter of the form

N/(L\RT,).

Repeating this process for the other dimensionless quantities yields
the following relationship: ‘

F _ N v
PAa -\ D JRT," \RT,)’
and if we assume a constant geometry (A = const, D = const) we
obtain

F N M) > F N u

Pl—fz \/772, n 5_f3 \/5, nj,
which would imply that the appropriate corrections for net thrust
and spool speed are F/& and N/V/6, respectively.

Introduction

In the sequel, we will assume a two shaft, mixed flow, turbofan
engine with station numbers as depicted in Fig. 1 below. This
reference is made for convenience only, and all corrections that are
given in this paper can be applied equally to all gas turbine

T4

24
3d

Fig. 1 Twin spool mixed flow turbofan

eter will be denoted by %* throughout this discussion. In general,
a change in the engine inlet conditions T, and P, will be accom-
panied by an attendant change in any downstream gas path param-
eter P. A corrected parameter P* would be constant regardless of
the change in inlet condition and represents the value the param-
eter % would have at some fixed reference inlet condition. This
reference condition can be whatever you like, however, it is
common practice to select standard day conditions (7, = 518.67
deg R, P, = 14.696 psia) for this purpose. Thus, we can assume
without loss of generality that P = A(T,, P,, P*). Thus, it follows

that
P P 9P
dT, + dP, + | == | dP*

a9 = (ﬁ 3P, FEL

aP [ oP/P T, ([ 3PIP
Py=const Ta=const

@ 6T2/T2 P*=const TZ ' m @*=const
(4P ([ 0912 dP*
'[72_ QP JOp = $2=consl W
2 =const

Now if we make the simplifying assumption that the first two
partials are constant (the third clearly is constant and equal to
unity) and denote them by a and b, respectively, then

d® dT, dapr, N dPp*
¥ 4T, P, o

If we now define, the dimensionless parameters § = T,/518.67
and 6 = P,/14.696, then we arrive at

dP* 4P do dé P

engines. ~ R N %
For any gas path parameter &, the equivalent corrected param- P P ‘g b 8 > 68" )
Nomenclature
A = area k = ratio of specific heats (c,/c,) p = density
¢, = specific heat @ constant pressure m = mass (Ibm) k = fluid thermal conductivity
(BTU/Ibm°R) N = speed (rpm) v = fluid velocity
¢, = specific heat @ constant volume P = pressure (psia) = fluid viscosity
(BTU/Ibm°R) % = arbitrary gas path parameter m = adiabatic efficiency
D = diameter * = arbitrary gas path parameter cor- I' = flow capacity
Fn = net thrust (Ibs) rected to standard day conditions Subscri
g = acceleration constant (32 ft/sec®) Q = torque ubscripts
H = heat transfer coefficient (BTU/hr R = gas constant 1.2.3 = Engine station number
20 s ey Dy
ft*°R) § = entropy s = Static quantity
HP = horsepower T = temperature (degrees R) t = Total quantity
h = enthalpy Wa = air mass flow (lbs/sec) .
I = moment of inertia Wf = fuel mass flow (Ibs/sec) Superscripts
J = mechanical equivalent of heat (778 0 = nondimensional temperature (ratio) * = C .
ft-lbs/BTU) 8 = nondimensional pressure (ratio) orrected quantity
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Table 1 Common gas turbine parameter corrections
Parameter a b Corrected Symbol
Rotor Speed 0.5 0 N
N*= —‘/—-?
Airflow -0.5 1
Wa* = Wa;/é-
Fuelflow a 1 wf W
H 3 W o =
(classical: 0.5) f 8% -Jé?
Thrust 0 1
Fnt = n
HorsePower 0.5 1
HP* = HP
03
Torque 0 1
-2
Temperature a 0 T T
(classical:1.0) = =—
0 0
Pressure 0 1 P g
Acceleration 0 ; 1 :
N = %
Metal Temp 0.74 0.8 ] 7
Rate T*= 5‘0‘.‘7’{@'

Thus, a corrected parameter maintains the same units and is
calculated by means of theta and delta exponent corrections. We
might mention at this juncture, that Eq. (3) is not only approximate
for the reasons already alluded to, but, in addition, some gas path
parameters such as fuel flow (Wf), for example, are also corrected
for humidity and fuel heating value. The impact of changes in
viscosity with altitude (Reynolds effects) or changes in the gas
composition and their impact on gas path parameters will not be
considered in this paper. A discussion of these types of corrections
are beyond the scope of this presentation and thus, we will assume
the above form (Eq. 3) for all corrected parameters P*.

In general, the values for @ and b will vary with engine type and
cycle; however, there are some values which might be considered
standard classical corrections and are approximations which are
commonly used in practice for all gas turbines. Table 1 depicts
many of the common gas path parameters and their standard day
corrections. In the sequel we will attempt to develop all of these
and show the classical value as a special case, where applicable.

Derivations

In the sequel, we shall attempt to supply some rationale for these
corrections. Most will be motivated from simple thermodynamic
relationships and simplifying assumptions and do not require an
extensive knowledge of either thermodynamics or gas turbine
operation. Where applicable we will attempt to supply the required
definitions.

The most extensively used and perhaps the simplest correction
of all is the correction for temperatures, and is the first one which
we shall consider.

Corrected Temperature: 7/60. As a general rule, it seems
reasonable that engine inlet temperature (7,) should have a direct
effect on downstream temperatures in the engine’s gas path. It
seems natural, for example, that at a given operating condition,
increasing 7, would in turn increase 75, which in turn would
increase T, etc. To motivate this concept, we need to consider the
T-§ diagram. To be definite, let us consider the compression
induced by the Fan and LPC from station 2 to station 3 of our
sample engine in Fig. 1. Without loss of generality, an isentropic
compression has been assumed. Figure 2 depicts a compression

Journal of Engineering for Gas Turbines and Power

from P, to P, starting at different temperatures (T, and T%).

At this point we will note two properties of the 7-S diagram
which we will state without proof. (The reader can derive these for
him/herself, armed only with the elementary laws of thermody-
namics.) The relationships are

1 the curves of constant pressure are monotonically increasing
with S

2 the constant pressure curves diverge from one another with
increasing S

These properties suggest that the * quantities are larger in
magnitude than their nonstarred counterparts and that (7, — T,) <
(T% — T%). What we will now show, however, is that the ratio of
T; over T, is approximately equal to T% over T%!

To accomplish this we need one more relationship from basic
thermodynamics (which follows from the definition of entropy and
the perfect gas law).

s = dh R dP
S=7 P’

where S, h, T, P, and R denote entropy, enthalpy, temperature,
pressure and the gas constant, respectively. Integrating this rela-

tionship between states 2 and 3 and assuming constant specific
heat, yields,

3 *dh dP *dT dp
ds = —7*:—R BT T—R N
2 2 2 2 2
T P
~on(z) -xn(z)

>
T3 3 P3 Ricp
TZ B P2 '

Likewise, integrating between 2* and 3* with the same assumption
on specific heats, provides

B=<&>R/cﬂ
T3 \P,

o
i

T
>
T T
TS = o =
TITH " 8

as required.

Corrected Pressure: P/8. The pressure changes experienced
at various stations throughout the engine’s gas-path are the effect
of either compressions or expansions resulting from the action of
the engine’s turbomachinery. For purposes of motivating the cor-

S

Fig. 2 Compression 7-S diagram
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rection for pressure, we can consider without loss of generality, a
compression process; the argument for expansion pressures would
be similar.

Let us consider, for example, the pressure P, at the exit of the
LPC. This pressure is related to temperature and pressure by virtue
of the following relationship:

T3 P3 (k—1)/km
7 ()

where 1 = polytropic efficiency, and k =
heats.

Thus, since T»/0 = constant implies 75/, = constant, we have
that P,/P, = constant, which in turn implies that P,/8 = constant,
which establishes the correction at station 3. Implicit in this argu-
ment is that the ratio of specific heats k and efficiency 1 do not
change. Moving downstream to station 4 we have that

P4 T4 knpl(k—1) T4/9 knf(k—1)
F; = (F;) = (Tg/@) = const,

¢,/c,, = ratio of specific

P, PPy

5P, 5 = const
Thus, we proceed downstream and establish in general that P/§ =
constant = P*,

Corrected Mass Flow: W,\/0/6. Consider flow W, (in PPS)
moving with uniform velocity v through a pipe having cross
sectional area A (ft*). Then,

W, = pAv = density (Ibs/ft®) X area (ft*) X velocity (ft/sec).

For an ideal gas, we also know that Py = pRT, from which it
follows that

Wa P.Y

A PUT RV

and from the definition of mach number M, ,

M, = vl \JgkRT,,

we obtain the relationship

W, PM,, gkRT

A RT,

5

We know, however, that for an isentropic process
T, k—1 ) P, ) k—1 2"’("”
Fs——l‘f'TM,, and P_v +-2—M .
Substituting, we obtain

AN

k=1,
AP,

_ gk
= RM,,<1+ 3 2

and multiplying both sides by (6/T,)"*/(8/P,) to get the proper
units (pps) yields

) k+1)(2(1-k))

gk(T,/0)

_ (k+1)/(2(1=k))
i ‘f 2 w1+ )
P /16 R " 2 "
= constant

for M, = const., thus providing a corrected quantity.'

' 776 and P/8 are corrected parameters and, hence, constant by virtue of the
previous derivations.
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Corrected Fuel Flow: W /8V0. Consider the (simplified)
energy equation bounding the combustor '

BTU

Tsec =NpqWr = (W, + Wp)Ah = (W, + Wr)(hs — hy),
where % denotes enthalpy, g denotes the heating value of the fuel,
and m denotes the adiabatic efficiency of the combustor. If we
assume that (at a given operating point) efficiency and fuel heating
value are constant, then if we take logs of both sides and differ-
entiate, we obtain

de—
W,

AW, + Wy d(Ak)
W+ w. T AR

_( W, >dW,,< Wr
“\worwn) W, T\ rwo

N cpsTs\ dTs ey dT,
Ah ) Ts An ) T,
and a little algebraic manipulation gives
( W, ) AWy
W.+ Wp) We
B W, aw, N (cl,STj dTs cpuTy\ dT,
AW, W) W, Ah ) T Ah ) T,

Now, at a given operating point, we can assume that the following
relationships hold:

) dWg

W,,\[ dW 1dT, dP,
F; 2 T4 P,
T, . s dT, dT, _dT;
g an 9—const$ T4_T2—T5
P, P, _dP,
3 const = —4 B,
Thus,
dWF '— dP2 1 dT2 <Wa + Wp cp5T5 dT2
W, P, 2T, W, Ah T,
W, + Wi c,a T3\ dT,
W, Ah ) T,
_ 4 + {1+ Wr (CPSTS ¢y 1] dT
P W./)\ Ah AR 2| T,
ap, darT,
P T,
We _ ' s
> 50 const. (5)

Furthermore, if we make the assumption that specific heats are
constant, i.e., ¢,, = c,s then the exponent x reduces to 3 +
Fuel-Air Ratio = (approximately) } and we obtain the classical
normalization

W
58

Corrected Net Thrust: F,/6. Expressions for the net thrust
produced by a gas turbine engine will depend upon the configu-
ration of the engine, i.e., whether it is a turbojet or a turbofan,

mixed flow or nonmixed flow, as well as an expression for ram
drag as a function of mach number. To keep the derivation as
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simple as possible, we will assume a static thrust expression, i.e.,
mach = 0, no ram drag and, we will once again refer to our sample
engine configuration which is that of a mixed flow turbofan. It
should be noted that derivation that follows can be repeated (in
spirit) with more complicated expressions for net thrust for other
engine types and flight conditions to arrive at similar representa-
tions for corrected thrust.

The thrust produced by this engine depends on the momentum
of the air ejected from the exhaust nozzle as well as the net force
(due to pressure) acting across the total area of the nozzle. In
symbols,

W,
F,=—uy+ Ag(Py— Py),

8
where
W, = W, = total airflow at nozzle
A, = nozzle area
Py = nozzle exit total pressure
P, = P, = nozzle exit static pressure (ambient)
s = V2gJ(hy — hye) = velocity at exhaust nozzle
hy = total (stagnation) enthalpy at exit
h, = static enthalpy at exit
J = mechanical equivalent of heat (778

ft-1bs/BTU).

The expression for the exit velocity follows directly from the
definition of stagnation (total) enthalpy. Similarly, there is an
expression for the velocity at station 8 (mixer) involving total and
static enthalpies at station 8. The flow from station 8 to 9 (through
a nozzle) we will assume to be adiabatic, i.e., no work done, no
heat added. By conservation of energy, the total enthalpies are
equal (ks = hy). If we denote the change in enthalpy (hy — A,) =
(hg — hy) = Ah, then we may rewrite the above expression for
thrust as :

4
F, = _g_" 28JAR + Ag(Py — Py).

Taking logs of both sides and differentiating produces

dF, (Welg) \28JAR [ dWy + 1 dAh
F, F, W, 2 Ak

Ay(Py ~ o) [ dAs Pq dP9 ( ap,
YT, A " )

Wg/g)\/ZgJA dW, ( dhy ( )d
2Ah) hy  \2Ak/ h,

A T
+A9(P9_P.v9) @ + Py dPg dpP,
F, Ay Po—P,| Py Pz Py
zero (fixed geometry)
(ngg) 28JAR dW,; ey de c,,gTvg)
Fn Ws 2Ah Tg 2Ah

+A9(P9_P:9) ( Py ) Eﬂ_( P, > dpP,
F, Py—=Py) Py Py—Py) Py ]’
Now, at a given engine operating point (steady state), the follow-
ing conditions hold:

W; /05 dWy 1dTy dPg
5, = constant = —~— W, + 7T, $8——
Ty dTy 4T, _
6, = constant = T, T,

Ty o 4Te _dlr_
6, = constant T T, =

Journal of Engineering for Gas Turbines and Power

Py dpP, dP,
E; = constant = T - _P: =
P, dP, dpP,
8—2 = constant = —9 - 7)2— =

Substituting, we obtain

dF, (Wylg)\2gJAh
F!l B F!l
x E{Pig C,,g T8 _ Cp‘) T.v9 _ Cp‘) T:Q _ l _d_Tl
Py 2Ah 2Ah 2Ah 2| T,
+A9(P9_ ng) fg&
Fn PZ
(ngg) J2gJAh dP8 dT, N Ay(Py — Py) dP,
— F_\m T F, P,
—_——
n »2
_ + dpP, + dar, _ dpP, + dT,
—()’1 y2) P2 yix T2 - })2 Y1x?2
F}l
= —— - = constant,

626)2”)

Since the specific heats at station 8 and 9 are approximately equal
(since Ty =~ Ty,), we may assume a common specific heat ¢, In
this case, the theta exponent x reduces to 0 (since Ak = ¢,AT).
Thus, we arrive at the classical correction for thrust, namely

Corrected Horsepower: HP/8\/0. Horsepower required (or
developed) by a compressor (or turbine) is given by

HP = W, c,Ah =~

J
550 Welr W,c,AT where

J
550
J=1778.17 ft1b/BTU.

A corrected horsepower will not vary with inlet temperature and
pressure, and, thus, can be written as above with corrected flow
and temperature, i.e.,

_ 7 Ah*
_S_SEWC

JW\f

550 & 9

HP* W¥e, AT*

J
=550

W,c, AT

T
_up
_ar,

Corrected Rotational Speeds: N/\V/0. Tangential velocity is
related to rotational speed (rpm) by the radius of the object
(compressor or turbine blade) in question. It is also related to
acoustic velocity by Mach number and the square root of temper-
ature.

Mathematically, we have

J
550

v=rN=M,\gkRT,
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where v is the velocity in ft/s, 7 is the radius (ft), NV is the rotational
speed (rpm), g, k, and R are constants (gravity, ratio of specific
heats and the gas constant respectively), and M, is Mach number.
Taking logs and differentiating, we obtain

dN dM ldT 1dT D=

N + = ST 2T since Mach = constant
dN 1d0_
N 206

N
—= = constant.
> o

Corrected Torque: 3/8. The correction for torque follows
from corrections for speed and horsepower, since horesepower is
the product of torque and speed. It follows that a corrected horse-
power should be a product of corrected torque and corrected speed,

ie.,
HP* = Q*N*
HP N
= —== Q*~._
88 = 0
>
HP @
=N

Corrected Acceleration Ndot: N/8. From Newton’s law,
torque (force) = moment of inertia (/) X acceleration:

0=IN
Q*=IN*:>%=IN*

_ N
=15
> N* = N/8

Corrected Metal Temperature Rate 7, dot: (T,,/07'6%). The
(time) rate of change of a metal temperature is typically modeled
as a 1* order lag heat transfer between the gas path temperature T
and the metal temperature T,,. In symbols,

1
=;(T'— Tm), | (3)

where time constant T = (mc,/HA).
The McAdams correlation for turbulent flow over a flat plate
(Shepherd, p. 254) is given by
Nu = 0.023(Re) “4(Pr) 4,
where Nu, Re, and Pr are the Nusselt’s, Reynold’s, and Prandtl’s
numbers, respectively, which are defined as follows:

HD pvD

C
Nu=—, Re=—, pr=
K "

PR

Substituting and re-arranging terms we can obtain the following

form:
D 0.4
H= 0023»<3L> <””‘>
7 K

06 04 0.8 08
pv
=0.023 DO; ‘7;(,4—
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N (0023K06> c I_LOZpOB,UOS
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cpu”’p v

~0.027 “"Far—,

)

where the final approximation is obtained by noting that Prandtl’s
number is approximately constant in the range of interest (Shep-
herd, p. 254). At this juncture we may recall that mass flow W, =
pAv was corrected by square root of theta over delta. Combining
these observations, we have

W, ) B
A = —\/70~ = pv.
Therefore,
(pv)().g —_ (st)().ﬂa().ﬁo—().dq.

Using the approximation at the end of Egs. (4) to define the
reference condition H* and noting that D = D*, we can write the
ratio

- () ()"
()

= (C”) §o4-02ng~ os

Cp

where we have assumed that the ratio u*¥/ is solely a function of
temperature (#). Now using Eq. (3) to define 7% in a similar
manner, we can form the appropriate ratio and use the above
relationship to simplify the expression.

T (H*\[c,\ T* — T%
T, \H)\c¥ T-T,

(5)-(5)
9 0
— p0.4-02n5-08

6 ) S

m

=0 —0‘6~0.2n6 -0.8

>

P = s
m 9046+0.2n8 0.8 -

The value of n appearing in the theta exponent can be determined
experimentally by correlating viscosity with temperature from
which it is observed that n varies from 0.8 at low temperature to
0.6 at high temperature. These values provide a theta exponent
ranging from 0.76 to 0.72, respectively. The average value of 0.74
is recommended, thus providing the requisite correction.

. T,
T = Guregos-
Determining Correction Factors

The methods for obtaining appropriate corrections for gas path
parameters depends in part on the application at hand as well as the
amount and type of information (data) available. These methods
can be split into essentially the following two groups: (1) analyt-
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Table 2 Nonlinear engine simulation data

Parameter Station 4 | Station 5 Units
k 1.39801 1.30214 fi-lb/deg R
h 300.297 657.18 BTU
T 1235.18 2436.52 degR
W, 232613 23.7252 Pps
73 04639 pps
4h 356.883
Wi /W, | 0.019943
cp 0.24081 0.29542
cp T/ 4h 0.83346 2.01690
I+Wf/ Wy 1.019943
Exponent 07

ical and (2) empirical. In practice, it is more than likely that a
combination of both types of techniques will be utilized. We will
briefly illustrate both of these approaches.

Analytical Methods. As a practical application of how to
utilize some of the above information to determine a theta correc-
tion for Wf in a turbo-fan engine from engine simulation informa-
tion, consider the information contained in Table 2. This data was
obtained from a nonlinear aero-thermodynamic representation of a
small turbofan engine. In order to avoid introducing new station
numbers, we will use the corresponding station numbers of our
sample engine in Fig. 1. The thermodynamic deck provides the
following information at station 4 (HPC exit) and station 5 (HPT
inlet) at one engine operating point.

Applying these values to the Wf, Eq. (5) yields a value of 0.707
for the theta exponent “x”. The actual value used for this engine is
0.69. Presumably, the above calculation would yield slightly dif-
ferent results at differing engine operating points, the average of
which is probably around 0.69.

This type of analytic approach could be made by applying some
of the intermediate equations used in the derivations for various
gas path parameters in much the same way as in the above
example. Another analytic method would be to construct a com-
plete differential model of the engine (Volponi and Urban, 1992).
Models of this type provide sensitivities to percentage changes in
independent parameters (7', is one such) to corresponding percent-
age changes in dependent engine parameters (such as Wf, for
example). The difference between this and what was done in the
derivation of the Wf correction, is that the latter would be one of
many differential equations (usually around 40) that would relate
all the independent and dependent parameters at various engine
stations interrelated through the laws of thermodynamics, energy,
and flow conservation. The simultaneous solution of these 40
equations would produce (for example) a sensitivity of 7, on spool
speeds (N), fuel flow (Wf), temperatures at various stations, etc.
These sensitivities give an indication of the (theta) correction to be
applied.

An example of such an approach is illustrated in the sensitivity
matrix in Table 3 below.

The sensitivities of engine inlet temperature and pressure are
given in the last two columns for all of the dependent parameters
listed in the 1* column. For example, the dependent parameter
NI1C2 which is corrected low spool speed has a sensitivity of
—0.0105 with Tam. This means that the following is true:

dNlc2 dN1 1dT2 _ 0,010 dr2
Nies N1 212 - 0010555
N1 489 dr2
Ni 04895 =0,
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which implies that the correction for N1 is N1/60**° instead of
N1/6%°. Likewise, the correction for N2 is .4833 instead of square
root. Now if we choose some raw parameters such as 73, T4, and
T7, we see that the suggested theta exponents are 0.9816, 0.9291,
and 0.9746, respectively, and not 1.0 as the classical correction
would dictate. Fuel flow is demanding an exponent of 0.6014,
instead of 0.5. All of these theta exponents derivable from a
differential model will provide a correction that is closer to the
truth than the classical (providing the model is reasonably correct)
and can be used as a good first guess for the correction to be used.
The fidelity of these corrections will of course depend on the
fidelity of the underlying differential model. For general analysis,
classical corrections often suffice. Several parameters may require
a finer correction. Wf is typically one of those parameters and it is
not uncommon to see theta exponents ranging from 0.5 to 0.7 for
this parameter. Such a refinement is required for work demanding
greater accuracies, such as diagnostics, and for these purposes it is
customary to use corrections such as those given in the sensitivity
matrix above, and when actual engine data becomes available, to
adjust these first guesses empirically. This leads us to our next
topic.

Empirical Methods. Empirical methods utilize actual engine
data collected over a temperature range and comprise more of a
statistical approach to the subject of parameter normalization and
as such, do not require any in-depth knowledge of gas turbines or
their operation. It has become a generally accepted practice among
engine performance diagnosticians to perform some sort of empir-
ical analysis to verify the validity of the correction factors being
used. Neglecting to do so exposes the diagnostic procedure to
greater error which may render the diagnostics entirely useless.

There are many techniques that can be put forward to analyze
engine data for normalization purposes, however, we will restrict
our discussion to a simple formula (derived by this author, circa
1980), suggest several alternative approaches, and finally offer
some Monte Carlo simulation results that suggest that ail of the
above produce roughly the same result.

For simplicity, we will consider only temperature (6) correc-
tions; pressure (8) corrections can be handled in an analogous
manner. Let P* = P/0", where x denotes the true (sought)

Table 3 Sensitivity matrix

TAM PAM
N1C2 -0.0105| 0.0077
N2C2 -0.0167| 0.0021
WF 0.6014] 0.9933
FN 0.0123| 1.0035
P3/P2 -0.0119| 0.007
P4/P3 -0.014| -0.003
P7/P2 0 0
T3 0.9816| 0.0037
T4 0.9291| 0.0025
T5 0.9265| -0.005
T6 0.9542! -0.005
T7 0.9746| -0.006
P3 -0.0119{ 1.007
P4 -0.0259| 1.0037
P5 -0.0224| 1.0031
P6 -0.0073| 1.0024
WA -0.5076| 1.0056
T2 1 0
P2 0 1
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exponent and let « be a theta exponent used to normalize a set of
data {P;},-, .. .. Letus further assume that each datum P; (for all
i) was obtained at an inlet condition represented by 6; and that we
have available, the nominal value of this parameter for the engine
operating condition(s) at which the parameters P; were obtained.
Let us denote this uncorrected nominal value by Pyom. Then

P, _ P NOM( + ﬁ)

o= 6 100/°

where AG, represents the percentage of point delta from nominal
(for all 7). Now if we plot these deltas against 6, then if o were the
true correction exponent, we would expect to see a scatter plot that
would have zero correlation, i.e., a linear regression line fit hori-
zontal with the theta axis. An upward or downward trend, how-
ever, would indicate the extent to which the exponent o was
deficient. If we let m and b, denote the regression slope and
intercept, respectively, then we have a defined linear relationship
as follows:

AG=m0+b where b=AG— mb

1

! 1
:EEAGi_m ;EG,—

and

Sac
m=y-—,
A
where r is the correlation coefficient and s, and s, are the sample
standard deviations for AG and 6, respectively. Thus, for arbitrary
0, we have

o 1+me+b P 1+m+b 01
PNOM6 h 100 :>PNOM~ o =1
and

P 1_}_m@+b -
Pomt T 100 =0
therefore,

_ mé + b | m+ b

A T / o0 |

Taking natural logs of both sides and applying the relationship
that In (1 + x) =~ x for small x, we obtain an expression for the
new exponent in terms of the old exponent, namely,

m(f—1)

1001n () ©

x=a+

We see from this equation, that if the slope of the regression line
is positive, then the exponent will be raised. Likewise, it will be
lowered when the slope is negative. If the data sample was such
that the mean theta was standard day (i.e., =1), then note that the
limit of (8 — 1)/In (6) as 6 — 1, is 1, and the equation reduces to

m

x=~a+t+ 100" @)
The form of these equations is particularly simple and allows a
rapid check for corrections when engine data is available. The
reader should note that the above can be applied just as well to
pressure corrections (i.e., the 8 exponent) where the relationships

would be identical except for replacing 6 with 8).
There are, of course, other empirical paths which one can take
in pursuit of the proper correction. For instance, one could deter-
mine the exponent which minimizes the standard deviation (o ,)
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Table 4 Monte Carlo simulation

Min Std Deviation
Slope Method Method
TRUE Reduction
Exp Exp Exp Error Exp Error

0.710 0.789 0.707 -0.0035 0.705 -0.006
0.702 0.899 0.710 0.0085 0.710, 0.0082
0.853 0.756 0.954 0.0008 0.850| -0.0028
0.773 0.864 0.768 -0.0046 0.775; 0.0025
0.866 0.827 0.866 0.0006 0.865| -0.0005
0.964 0.710 0.986 0.0218 0.980| 0.0158
0.743 0.936 0.734 -0.0086 0.735| -0.0075
0.749 0.706 0.763 0.0135 0.760{ 0.0109
0.953 0.701 0.950 -0.0023 0.950| -0.0025
0.708 0.809 0.711 0.0027 0.715] 0.0071
0.791 0.787 0.784 -0.0072|. 0.785] -0.0063
0.961 0.747 0.956 -0.0045 0.960| -0.0008
0.775 0.893 0.738 -0.0366 0.740| -0.0347
0.860 0.934 0.850 -0.0098 0.855| -0.0052
0.920 0.988 0.913 -0.0079 0.915! -0.0054
0.729 0.703 0.727 -0.0017 0.725| -0.0039
0.821 0.729 0.844 0.0223 0.845| 0.0237
0.867 0.972 0.862 -0.005 0.865, -0.0018
0.774 0.943 0.770 -0.0039 0.770, -0.0035
0.864 0.811 0.864 -0.0007 0.865{ 0.0007
0.927 0.711 0.929 0.0021 0.930 0.003
0.978 0.986 0.976 -0.0017 0.975| -0.0029
0.756 0.796 0.757 0.0004 0.755| -0.0012

Mean Error = -0.0011 -0.00053

of the parameter deltas {AG;}, or to minimize the covariance
(T ace) between the deltas {AG,} and {6,}, or the correlation
coefficient (r,s,4). Monte Carlo simulations indicate, however,
that the results are approximately the same for all of these tech-
niques. The differences obtained for theta exponents using these
four methods are well within the limits of measurement noise and
are not statistically significant. The three minimization methods
that we have just alluded to do carry a substantial computational
overhead in that each of these methods are iterative in nature and
require that a complete statistical analysis be performed at each
newly chosen exponent, where the exponent is modulated in small
increments over some range. After that is completed, the minimum
statistic is isolated and the corresponding exponent is selected as
the winner. In this regard, the simple formula(s) given in Eqgs. (6)
and (7) above are superior in that they return essentially the same
exponent but require only one statistical analysis.

As an illustration, Table 4 below presents the results of a Monte
Carlo simulation comparison of the slope formula method and the
minimum standard deviation method. This table contains 50 ran-
domly chosen true exponents between 0.7 and 1.0. For each
exponent a set of 200 deltas {AG,} were randomly generated.
These deltas were selected from a normal population where the
variance for each of the 50 {AG,} sets was also selected randomly.
Thus, we have created a set of data where we have differing true
exponent magnitudes and as well as differing variation in the
deltas (simulating different measurement accuracies and/or engine
to engine variation levels). For each of these 50 true exponents
sets, we set a fixed corrected parameter level P* and generate 200
0,’s and calculate a set of 200 uncorrected parameters {P;} by
applying both the theta correction (in reverse) using the true
exponent, as well as the % delta {AG,}. This produces a set of
data that simulates 200 raw measurements, each at a different
temperature, each with a different (measurement/engine) bias
({AG,}). The {P,} are now corrected using one of 50 randomly
chosen incorrect reduction theta exponents. Using this set of
falsely corrected parameters, the aforementioned two methods are
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applied and an estimate for the true exponent determined. This is
repeated for each of the 50 samples exponents. Table 4 contains a
sampling of the data generated. Figure 3 below summarizes the
results of all 50 sets in graphical form.

As can be seen by perusing the table, a reasonably accurate
assessment of the proper exponent can be obtained using the
empirical method described above. In addition, both methods used
in this example return exponents which are essentially the same.
The slope method, however, offers the additional advantage of
requiring far less computational effort.

Summary

We have summarized the traditional standard day corrections
for most of the commonly encountered gas path parameters such as
temperatures, pressures, speeds and flows as well as providing a

Journal of Engineering for Gas Turbines and Power

derivation for each utilizing only simple thermodynamic relation-
ships and fundamentals of the calculus. The topic of dimensional
analysis was also mentioned as a matter of historical perspective in
the treatment of nondimensional quantities and their relationship to
corrected parameters. Other model dependent analytical methods
were also discussed and illustrated. Finally, and perhaps most
importantly, the practical aspects of determining the theta-delta
exponents empirically from samples of engine data was discussed
and a computationally simple method was derived and illustrated.
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High Temperature Silicon
Integrated Circuits and Passive
Components for Commercial
and Military Applications

Advances in silicon-on-insulator (SOI) integrated circuit technology and the steady
development of wider band gap semiconductors like silicon carbide are enabling the
practical deployment of high temperature electronics. High temperature civilian and
military electronics applications include distributed controls for aircraft, automotive
electronics, electric vehicles and instrumentation for geothermal wells, oil well logging,
and nuclear reactors. While integrated circuits are key to the realization of complete high
temperature electronic systems, passive components including resistors, capacitors, mag-
netics, and crystals are also required. This paper will present characterization data
obtained from a number of silicon high temperature integrated evaluated over a range of
elevated temperatures and aged at a selected high temperature. This paper will also
present a representative cross section of high temperature passive component character-
ization data for device types needed by many applications. Device types represented will
include both small signal and power resistors and capacitors. Specific problems encoun-
tered with the employment of these devices in harsh environments will be discussed for
] each family of components. The goal in presenting this information is to demonstrate the
viability of a significant number of commercially available silicon integrated circuits and
passive components that operate at elevated temperatures as well as to encourage
component suppliers to continue to optimize a selection of their product offerings for
operation at higher temperatures. In addition, systems designers will be encouraged to
view this information with an eye toward the conception and implementation of reliable
and affordable high temperature systems.
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environment components. Component failure modes must also be
understood in order to predict the reliability of a design when
subjected to the intended harsh environmental stresses. Finally,
extensive characterization data is required to perform valid circuit
simulations and a worst case circuit analysis of any design destined
for harsh environment operation.

The goal in presenting this information is to demonstrate the
viability of a significant number of commercially available com-
ponents to operate at elevated temperatures as well as to encourage
component suppliers to continue to optimize a selection of their
product offerings for operation at higher temperatures. In addition,
systems designers are encouraged to view this information with an
eye toward the conception and implementation of reliable and

Introduction

Advances in silicon-on-insulator (SOI) integrated circuit tech-
nology and the steady development of wider band gap semicon-
ductors like silicon carbide are enabling high temperature elec-
tronics to be practically employed. High temperature civilian and
military electronics applications include distributed controls for
aircraft, automotive electronics, electric vehicles and instrumenta-
tion for geothermal wells, oil well logging, and nuclear reactors
[1]. High temperature electronic systems will require semiconduc-
tor devices as well as passive components including resistors,
capacitors, magnetics, and crystals. This paper will present char-
acterization data obtained from a number of selected SOI devices

being developed by Honeywell Solid State Electronics Center
(SSEC) as well as from passive components evaluated over a range
of elevated temperatures or aged at a selected high temperature.
The collection and sharing of this type of device characterization
data among designers and manufacturers of harsh environment
components is crucial for several reasons. Primarily, it is necessary
to evaluate whether specific components or families of compo-
nents will perform well and how their performance degrades over
temperature and over time at temperature. Secondly, this testing is
required to identify failure modes specific to the components being
evaluated so that component manufacturers can improve their
processes and materials selection criteria used to realize harsh

Contributed by the International Gas Turbine Institute (IGTI) of THE AMERICAN
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1998; ASME Paper 98-GT-362.
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ASME Headquarters June 23, 1999. Associate Technical Editor: R. Kielb.
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affordable high temperature systems.

It is acknowledged in advance that the data presented in this
paper does not reflect the life of any component in a thermal
cycling environment. Thermal cycling can be a large part of a
design operating environment which will generally be much more
stressful than static operation at an elevated temperature. A sig-
nificant amount of work is being conducted at the United Tech-
nologies Research Center to characterize passive components in
thermal cycling environments. The results of this work will be
presented at a later time,

High Temperature Integrated Circuits

Integrated circuits are being developed specifically for applica-
tions requiring reliable high temperature operation such as aircraft
turbine engine instrumentation and control. The analog circuits
being developed use a 1.25 micron 2 layer metal CMOS (comple-
mentary metal oxide semiconductor) process with silicon on insu-
lator, SOI, substrates. A similar 0.8 micron 3 layer metal CMOS
SOI process is used for the digital parts. The analog process and
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Fig. 1 Analog switch leakage current versus temperature

first circuits developed have been presented previously [2, 51, as
has the digital process and first digital circuits {2, 3]. The perfor-
mance of these parts over temperature has been characterized and
shown to meet the requirements of instrumentation and control
applications at temperatures up to 300°C. The parts are tested to
data sheet specifications at 225°C after a burn-in at 250°C.

In Fig. 1 the leakage current of a quad analog switch is shown
over temperature. The SOI technology provides extremely low
leakage current even at high temperatures. This feature allows the
SOI switch to perform well above the normal military temperature
range (—55°C to +125°C) where conventional silicon circuits are
no longer viable. The operational amplifier circuit designed in SOI
shows similar high temperature performance in Fig. 2. Both cir-
cuits have been designed in the analog SOI process and have been
optimized for performance over a very large temperature range. As
seen in Fig. 2, the 225°C gain and bandwidth are evenly matched
to the room temperature values for typical frequencies of opera-
tion. This allows the designer to maintain precise operation over a
very large temperature range.

The performance of the digital SOI process can be seen in Figs.
3 and 4. In Fig. 3 the maximum clock frequency is plotted versus
temperature for a 83C51 microcontroller. In Fig. 4 the read access
time and write access time are plotted versus temperature for a 32
K X 8 SRAM (static random access memory). Both of these parts
utilize the SOI digital process and have been designed to optimize
their high temperature operation. The clock frequency degradation
from —55°C to 225°C is only 40 percent for the 83C51 shown in
Fig. 3. Similarly the increase in access time of the SRAM is less
than 80 percent from —55°C to 225°C. This compares to similar
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Fig. 2 Op amp gain versus frequency
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Fig. 3 Microcontroller frequency versus temperature

bulk CMOS parts that degrade at a rate of 50 percent for clock
frequency for every 100°C increase in temperature. Similarly the
access time of military temperature range SRAMs will increase by
100 percent for every 100°C increase in temperature.

Additional high temperature SOI circuits are currently in vari-
ous stages of development and evaluation. A voltage reference is
in evaluation at this time. The design of the reference uses a
standard PMOS transistor layout with the body contact open and
not tied to the source. This configuration can then be used as a
lateral PNP transistor with the PMOS (p-channel MOSFET) body
contact acting as the base contact. The lateral PNP transistor is
then configured as a traditional band gap reference circuit. Again,
the SOI technology with its reduced leakage and high temperature
design techniques provides a stable reference voltage at extreme
temperature ranges well beyond the limits of traditional band gap
circuits. The characterization of this part has started and the output
voltage of several untrimmed devices is shown in Fig. 5.

In production the output voltage will be trimmed to provide a 5
volt output reference. As seen in Fig. 5, the output is stable over
the full temperature range with an overall error of less than £0.25
percent. The design specification for this part is £0.5 percent over
temperature. At this time the parts have not completed burn-in or
drift with time testing. The use of the voltage reference in con-
junction with the operational amplifier shown earlier will meet
instrumentation and control requirements in a typical engine en-
vironment with 0.5 percent accuracy.

In addition to being used to realize integrated circuits, the SOI
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Fig. 4 SRAM access time versus temperature
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process can be used to fabricate P and N-type DMOS (depletion
mode MOSFET) transistors. Figure 6 shows an I-V plot for a
P-channel DMOS transistor and Fig. 7 shows an I-V plot for an
N-channel DMOS transistor. Both devices are shown with a drain
to source voltage of 40 volts. These transistor structures can be
used to meet modest power switching requirements in applications
such as torque motor drivers, solenoid drivers, and voltage regu-
lator circuits. The practical output current limit for these types of

structures in SOI between 0.5 and 1 ampere. DMOS SOI Struc-
tures have been presented previously [4] for high temperature
applications.

Capacitors

Of all the passive devices that will be required in the above
mentioned applications, perhaps none is as problematic as the
capacitor. Because capacitance will often change significantly with
increasing temperature (due to temperature dependent values of
the dielectric constant), as will the equivalent series resistance
(ESR) and dissipation factor, capacitors were identified years ago
as a challenging passive component requiring development for
reliable high temperature operation. In addition, the volumetric
efficiency of capacitors fabricated with dielectric systems more
compatible with high temperature operation is generally quite low.
For example, capacitors properly prepared with an NPO dielectric
have been shown to be very stable to temperatures as high as
500°C [6]. However, NPO capacitors are seldom seen with values
of more than 0.22 uF because they become so physically large that
the stresses they encounter within a few thermal cycles will cause
them to crack and fail. These shortcomings are even more evident
in large value capacitors of several microfarads or more, like those
required for power conditioning circuits associated with electric
motors and power switching applications. Even more problematic
for power supply circuits required to operate at high temperatures
is the fact that large value capacitors like wet tantalum components
suffer from higher values of ESR. This often requires relinquishing
more package volume or substrate area so that these capacitors can
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|-V curve for an SOl N-channel DMOS device
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Sprague Wet Tantalum Capacitors
With 6V DC Bias, F=1KHz @ 1Vrms
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Fig. 8 Capacitance versus temperature for three different Sprague wet
tantalum capacitors

be connected in parallel to reduce the effective ESR value. Elec-
trolytic capacitor are traditionally employed in these applications,
but devices that will operate reliably at temperatures greater than
150°C do not commonly exist. This is because the dielectric films
employed in the fabrication of these devices break down at these
temperatures. Alternative films have been developed [7], however,
they are not widely employed in the manufacture of commercially
available devices.

The relative merit or failure of all of these characteristics,
however, is very application dependent. That is to say that, what is
a liability in one instance may be an asset in another. Careful
circuit design and component selection is even more critical in
harsh environment applications than is in those expected to operate
over traditional military temperature ranges—but far from impos-
sible. The rest of this section will present sample data to support
this assertion.

Since small values of capacitance (less than 0.1 uF) are com-
monly available in the form of ceramic devices made with NPO,
X7R, or X8R dielectrics, larger values of capacitance employing
tantalum based material systems will first be considered. Wet
tantalum capacitors are available from several companies includ-
ing Sprague and Tansitor. Figure 8 presents sample capacitance
versus temperature data obtained from three different wet tantalum
capacitors manufactured by Sprague. Since manufacturers typi-
cally specify their components over the military temperature range
(—55 to 125°C) only data that covers the higher temperature
ranges is presented here. Figure 9 presents capacitance versus time
at 200°C characterization data for the same three devices.

From these two figures it may be observed that there is a
gradual, easily modeled positive shift in capacitance versus tem-
perature for these fairly large value devices. In addition, the aging
characteristics for the first 2000 hours at 200°C, while not insig-
nificant, are relatively graceful. This is really quite extraordinary
for a complex wet chemical capacitor family like this in which one
of the capacitor plates is a liquid electrolyte which has to be
hermetically sealed within the capacitor body.

The loss of integrity of this hermetic seal is one of the most
frequent failure modes for these devices. The shift in capacitance
value with time at elevated temperatures is most probably attrib-
utable to the gradual leaking of the liquid electrolyte through an
imperfect seal. The wet electrolyte permits a certain amount of
self-healing to occur within the device. If a certain area of TaO;
dielectric breaks down for any reason, the liquid electrolyte will
aid the regrowth of the damaged area. However, as the quantity of
electrolyte is lost through an imperfect hermetic seal, this ability to
heal defects in the TaOy is reduced. Figure 9 shows evidence of
this on the 35 uF device occurring after approximately 2200 hours
at 200°C and on the 22 uF device after approximately 3500 hours
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Fig. 9 Capacitance versus time at 200°C for three different Sprague wet
tantalum capacitors

at 200°C. As will be seen, the critical importance of device
packaging on the reliability of electronic components is a recurrent
theme. Very often, the basic materials systems are quite robust.
However, joining, sealing and other packaging related shortcom-
ings prove to be hurtles to be overcome by manufacturers of harsh
environment passive components.

The performance of several solid tantalum components will now
be considered. Figure 10 presents sample capacitance versus tem-
perature data obtained from five solid tantalum capacitors manu-
factured by Matsuo. Figure 11 presents capacitance versus time at
200°C characterization data for the same five devices.

Here again, from Fig. 10, it may be observed that there is a
gradual, easily modeled positive shift in capacitance versus tem-
perature for these device that are fairly large for solid tantalum
components. From Fig. 11 it may be noted that there is an aging
phenomena during the first 1100 hours that first causes the capac-
itance to rise by approximately 4 percent, level off and finally
settle back down to within a couple of percent of where it started.
For the remaining time of the test, however, the capacitance of the
devices remain relatively constant.

In contrast to the tantalum devices just examined, some large
value capacitors fabricated with an X7R ceramic dielectric
material will be considered. Figure 12 presents sample capac-
itance versus temperature data obtained from two X7R capac-
itors manufactured by NOVACAP. Figure 13 presents capaci-
tance versus time at 200°C characterization data for the same
two devices.

Matsuo Solid Tantalum Capacitors
277 Series 6.8 uF @ RT, 6V DC Bias

73
12 ////
5 7 = ;r/‘é/
o
e 7 = /%
5 x/ /
% 89 e oIt
«
3 =1 ) // —Device 1
O 88l = —a— Device 2 [
—&— Device 3
8.7 - / -—o—g:v:u: 3
—o— Device
6.6 = | N
20 40 80 80 100 120 140 160 180 200

Temperature in Degrees C

Fig. 10 Capacitance versus temperature for five Matsuo solid tantalum
capacitors
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Matsuo Solid Tantalum Capacitors
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Fig. 11 Capacitance versus time at 200°C for five Matsuo solid tantalum
capacitors

Figure 12 shows the capacitance versus temperature that is
typical of components that employ X7R as a dielectric [6, 7]. From
Figure 13 it may be seen that after the first 500 hours at 200°C, the
components were brought to room temperature, and then returned
to 200°C for the several thousand more hours. During this tem-
perature transient, some fatiguing of the solder joints may have
accounted for the step change in the capacitance values measured.
What should be noted here is the relative stability of the capaci-
tance values with time at 200°C.

NOVA Ceramic X7R Capacitors
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Fig. 12 Capacitance versus temperature for two NOVACAP X7R capac-
itors
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Fig. 13 Capacitance versus time at 200°C for two NOVACAP X7R ca-
pacitors
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Fig. 14 Capacitance versus temperature for several Teflon electrostatic
capagcitors :

The final capacitor type touched upon is the Teflon electrostatic
capacitor. Teflon is a dielectric that has been demonstrated to be
very stable over temperature. Figure 14 is a plot of capacitance
versus temperature of several electrostatic devices manufactured
using teflon by Custom Electronics. From this figure it is clear that
this type of capacitor is very stable from room temperature to
200°C. Although the devices represented by this figure do not have
very large values of capacitance (0.05 and 0.1 wF) larger devices
are commercially available and development work is ongoing to
optimize these devices for very high dV/dT applications like
snubber capacitors. The drawbacks associated with Teflon capac-
itors are that they are often custom ordered and not commonly
available in a wide variety of capacitance values, and the values
that are available are small and costly. There are, however, a
number of programs underway to produce much larger capacitance
value components at a lower cost.

Resistors

Resistors are the least complex of the passive components
needed for high temperature systems applications. However, ob-
taining stable resistor values over wide temperature ranges once
again requires careful component selection. A selection of wire
wound power resistors manufactured by Dale Electronics will be
considered first. Wire wound resistors tend to be very stable over
wide temperature ranges because the resistance is determined
simply by the material properties of a resistive wire wound around
a ceramic core. Since power resistors are generally expected to run
very hot in typical applications, the packaging materials employed
are usually selected to be compatible with each other over wide
temperature ranges as well. To keep the energized devices from
exceeding the use temperature of the packaging materials, specif-
ically the silicone based potting material, the power dissipation of
these devices was limited to 20 percent of their room temperature
ratings. Figure 15 presents resistance versus time at 300°C char-
acterization data obtained from a selection of Dale wire wound
components reported eatlier [8]. The change in resistance is plotted
as a normalized shift using the following formula:

Value — Init Value

Norm. Shift (%) = Tnit Valuo

X 100% (1)
Each point is based on the average of the five measurements. The
transient at 4520 occurred when the test chamber was shutdown
for three weeks. A significant jump in resistance was noted in the
10 KQ/5 W and the I /5 W. The 1 (/5 W returned to pre-
shutdown values very quickly, but the 10 K{}/5 W had a perma-
nent shift associated with the shutdown. With the exception of the

Transactions of the ASME

Downloaded 02 Jun 2010 to 171.66.16.118. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Resistance vs. Time

12

10 +

—4&— Ravg-1ohm/25W

8 T |—0—Ravg-1ohm/sW
6+ —f&— Ravg-100chm/25W
—¥—Ravg-100/5W
—3— Ravg-10 Kohm/SW

Normalized Shift (%)
f-N

Dale Power Wirewound R esistors at 300 C with 20 % Power Dissipated

0 S e T 5OC OEHIOICN ronad NN
o = -.E._!.‘l\_. T

’ 10 R } _»;u;y;‘:’..'.l-.llllllv—-. '."_. mmTag g E g 10000

X A l 2

y bl

Time (hrs)

Fig. 15 Resistance versus time at 300°C for a selection of Dale wire wound resistors

10 K€)/5 W resistor, all shifts in resistance value were less than 4
percent.

Small signal resistors with power ratings from 0.1 watt to 1 watt
are also commercially available for high temperature applications
that require stable values of resistance. Sample resistance versus
temperature characterization data for § watt wire wound compo-
nents manufactured by Caddock is presented in Fig. 16. Aging
characteristics similar to those shown in Fig. 15 have been ob-
served in these devices as well. One caveat to bear in mind when
specifying wire wound resistors, especially with tight tolerances, is
the method used by the manufacturer to trim the resistor values.
Very often, rather than adjusting the length of the resistance wound
around the ceramic core, the resistance value is trimmed by putting
a notch in the wire. For harsh environment applications, this notch
will serve as a nucleation site for wire fatigue damage to collect.
This aggregate damage at this site is the usual failure mechanism
for these components.

Thick film resistors are typically rated over the military temper-
ature range of —55°C to +125°C. For higher temperature appli-
cations Heraeus-Cermalloy developed the 900 Series resistor inks
[6, 7]. These inks are formulated with a higher softening point
glass that makes them useful at higher temperatures. In addition,
the temperature coefficient of resistance (TCR) minimum was
shifted to approximately 150°C. Figure 17 presents normalized
resistance shift versus temperature characterization data, reported

Caddock Wire Wound Resistors
{(Model MS-220, 1%)

10.6
10 >~
.5

]
8.5

8 —e— 10K
7.5 526K |.

7
8.5
8
55

[
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Temperature (In Degrees C)

Resistance (In K Ohms)

Fig. 16 Resistance versus temperature for a selection of Caddock wire
wound resistors
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earlier [8], obtained from thick film resistors fabricated using
Heraeus-Cermalloy 931 (I K{/OJ) paste with a Heraeus-
Cermalloy (C1003) palladium-silver termination conductor printed
on 96 percent alumina substrates. From this figure it may be noted
that the expected minimum resistance is in the 150-200°C tem-
perature range. In addition, the resistor geometry had little effect
on the TCR below 300°C. The change in resistance with temper-
ature was generally less than *1 percent below 300°C.

Figure 18 presents characterization data for the normalized shift
in resistance versus time at 500°C for these same components.
From this figure it may be noted that the resistor geometry has a
significant effect on resistance drift with time at S00°C. Shifts were
less than 3 percent throughout the test duration shown, however,
longer resistors drifted more than shorter ones.

Conclusions

As stated at the outset, the goal of this paper is to present
information that demonstrates the viability of a significant number
of commercially available passive components and SOI integrated
circuits that operate at elevated temperatures. Performance data
versus temperature obtained from both digital and analog IC’s
developed at Honeywell SSEC was presented. Characterization
data obtained from capacitors, with a number of substantially

Resistance vs. Temperature
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Fig. 17 Normalized resistance shift versus temperature for a selection
of thick film resistors
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Fig. 18 Normalized resistance shift versus time at 500°C for a selection
of thick film resistors

different dielectric families represented, was presented. Capaci-
tance values versus temperature as well as versus time at temper-
ature substantiated the claim that components capable of operating
in high temperature applications were commercially available.
Resistors were examined in the same fashion. This information
should encourage designers to consider innovative approaches to

628 / Vol. 121, OCTOBER 1999

tough technical problems that involve harsh environments and
higher temperatures than have been encountered in the past. Fur-
thermore, the authors want to encourage component suppliers to
optimize some of their product offerings for operation at higher
temperatures for these applications. Finally, even a high reliability
application that does not require high temperature operation will
benefit from the use of components designed to operate at higher
temperatures because of the inherent additional reliability achiev-
able from devices that are designed and packaged to operate at
high temperatures.
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strategy. Strong nonlinearities, displayed by the gas turbine installation, cannot always be
handled adequately by standard linear MPC. Therefore, we resort to nonlinear methods,
based on successive linearization and nonlinear prediction as well as the combination of
these. We implement these methods, using a nonlinear model of the installation, and
compare them to linear MPC. It is shown that controller performance can be improved,

without increasing controller execution-time excessively.

Introduction

Gas turbines can be found, for instance, in jet engines and in the
field of power generation. The laboratory installation is a scale
model (400 kW thermal power input) of a true gas turbine and
differs from a gas turbine in the traditional sense, in the fact that
compressor and expander are separated by a buffer-tank, as will be
depicted in Fig. 2. This setup is used to validate general purpose
dynamic simulation models of turbomachines, and to investigate
the control of such systems.

The gas turbine’s operation is limited by some undesirable
effects, which we will incorporate as output constraints. Further-
more, limits on actuator operation impose input constraints. It is
especially these constraints which have resulted in choosing MPC
for a control strategy. Apart from explicit constraint handling, the
advantages of MPC include anticipation to future setpoint changes
(and possibly known disturbances), and the ability to handle dead-
time responses and interactions in multivariable systems.

MPC uses a model of the process to predict future system
response. Through minimizing the difference between desired and
predicted outputs, the future inputs (or manipulated variables) can
be determined. Standard linear MPC incorporates linear models
both for prediction and optimization. Although it is successful in
controlling linear and mildly nonlinear processes, performance
degradation and instability often occur in the presence of strong
nonlinearities. During the past decade, the number of nonlinear
predictive control algorithms has increased significantly. A com-
prehensive review of nonlinear control is provided by Bequette
(1991). However, the excessive computational requirements of
such methods remain a serious obstacle to industrial implementa-
tion in spite of the advances made in developing efficient algo-
rithms. Also, little progress has been made in understanding their
stability and performance properties (Gattu, 1992).

For our purposes, we need an algorithm which handles nonlin-
earities adequately, but is guaranteed not to require computation-
times in excess of that which is allowable for real-time implemen-
tation. This limit is set at approximately 1 sec. per sample.
Furthermore, a strategy must be developed to handle infeasibilities
during the optimization phase.

This paper addresses three different approaches, which are then
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compared to linear MPC. The first approach we will look into, uses
a linearization of the nonlinear model, obtained at each sampling
time. This linear model is used to compute the effect of previous
control moves, as well as to optimize future manipulated variables.
A second approach uses a nonlinear model for prediction and again
a linear mode] for optimization but does not repeat the lineariza-
tion. Combining nonlinear prediction and successive linearization
results in the third approach. A major advantage of these ap-
proaches is that they allow the use of proven linear optimization
algorithms to be used on a nonlinear problem. The third approach
was utilized earlier by Garcia (1984) and has been refined by Gattu
(1992) and Lee (1993) to include an Extended Kalman Filter. We
do not linearize repeatedly within the prediction horizon, some-
thing which is done, e.g., by Brengel (1989), Li (1989), and De
Oliveira (1995). These methods are expected to increase compu-
tational demands substantially, since they incorporate an iterative
(SQP) optimization problem instead of a single QP problem.

The main objective of this paper is to asses the feasibility
(stability, real-time performance, robustness) and benefits of MPC
on a system as fast as the gas turbine installation. We evaluate
situations where our nonlinear model perfectly describes the plant,
as well as situations where parametric plant/model mismatch is
introduced. In a larger context, one of the goals is to implement the
control algorithm in a real-time situation. This paper only de-
scribes results from simulations, which were obtained using PRI-
MACS, the MPC-implementation developed by TNO-TPD at
Delft. Experiments will be performed shortly and reported in a
successor of this paper. Initial experimental results are encourag-
ing. .

The paper is organized as follows: It starts with a short descrip-
tion of the gas turbine installation and some key aspects of the
model we developed. In the following section we elucidate the
concept of MPC as it is implemented in PRIMACS and describe
the nonlinear methods that were newly developed and added to the
package. The concluding sections present and discuss simulation
results, respectively.

The Gas Turbine Installation

A gas turbine produces mechanical (shaft) power by expansion of
compressed gas—usually air—through an expander. The required
pressure ratio is provided by a compressor. Compressor and expander
are mounted on the same shaft and the expander powers the com-
pressor. To overcome losses and develop useful power, energy has to
be added by raising the temperature of the compressed air prior to
expansion. This is accomplished in a combustion chamber which is
positioned between compressor and expander.

OCTOBER 1999, Vol. 121 / 629

Copyright © 1999 by ASME

Downloaded 02 Jun 2010 to 171.66.16.118. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm


mailto:h.a.v.essen@wtb.tue.nl

[
o

pressure ratio { -}
)

ey
o

0 0.2 0.8 1

0.4 0.6
mass flow [kg/s]

Fig. 1 Compressor characteristic

Of special interest to us are the restrictions to the operation of
the gas turbine. Operating points are determined by the combina-
tion of the characteristics of the comprising components. Opera-
tion restrictions are therefore related to these components, Further-
more, since the compressor appears to be the most critical
component, the operating points of the overall gas turbine are
usually represented in the compressor characteristic, which is
depicted in Fig. 1.

In this characteristic, curved lines represent the relationship
between pressure ratio over, and mass flow through the compressor
for various rotational speeds. The extrema of these lines are
connected by what we refer to as the surge line.

Being the most severe restriction, surge denotes the phenome-
non associated with violent limit cycle oscillations of mass flow
and pressure rise, which originate in the compressor and are
transmitted throughout the gas turbine. Surge is likely to happen
when the mass flow through the compressor decreases enough to
enter the part of the compressor characteristic where a decrease in
mass flow will be accompanied by a fall of delivery pressure, i.e.,
where the lines of constant speed exhibit a positive slope. In the
compressor characteristic this corresponds to passing the surge
line, which more or less separates the stable zone from the unstable
zone.

The second limitation we consider is the expander inlet temper-
ature which may not exceed some maximum value. Beyond this
temperature the life-time of the rotor decreases dramatically. In
practice, this is the limitation we encounter most, especially when
the fuel valve is opened rather quickly. Doing so causes the inlet
temperature of the expander to rise instantaneously, only to de-
crease again after mass flows—being governed by larger time-
scales—have risen also.

The Laboratory Setup. Figure 2 schematically depicts the
laboratory installation. It comprises a BBC turbocharger, which
consists of a single stage radial compressor and a single stage axial
expander. Also a combustion chamber and a buffer-tank can be
recognized. The main function of the buffer-tank is to decouple the
flows out of the compressor and into the expander, enabling the
isolation of physical phenomena in both components. Other com-
ponents are the blow-off valve, the throttle valve and the fuel
valve, which are all powered by electric drives. The blow-off valve
directly influences the ratio of mass flows through compressor and
expander, while the throttle valve influences the ratio of compres-
sor delivery and expander inlet pressure. The fuel valve controls
the power supplied to the gas turbine. These three valves are used
to reach different operating points of the installation. A com-
pressed air facility is employed in start-up procedures. For detailed
information about the laboratory installation, the reader is referred
to Essen (1995).

Control Objectives. In a practical gas turbine application,
objectives (other than surge avoidance) one can think of are
operating at constant rotational speed for generator purposes, or, if
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the gas turbine is to be used as a power supply for some external
load it might be important to deliver constant power. Of course,
this should still be true if disturbances, such as varying ambient
conditions, are present. Also, operating at maximum efficiency can
be of significant importance, so as to minimize fuel consumption.

In this paper, we will not primarily seek to meet these real-life
control objectives. Instead we will specify objectives that in one
way or another “challenge” the controller. We will focus on
setpoint control and constraint handling.

The outputs we wish to control are formed by the three variables
which determine the position of the operating point of the gas
turbine in the compressor characteristic. These are the pressure
ratio over the compressor, the mass flow through the compressor
and the rotational speed. Of course, we will never seek to control
all these three variables at the same time, because this would result
in an inherently over-determined problem: two out of these three
variables fully determine the position in the compressor charac-
teristic.

In order to specify the surge line constraint in MPC, we define
a dummy output. To avoid surge, the distance (in terms of mass
flow) between operating point and surge line must be kept greater
than zero. The second output constraint stems from the expander
inlet temperature, which is not allowed to (continuously) exceed
the bound of 900° K.

Furthermore, valves should be constrained not to operate be-
yond their saturations. Just as importantly, maximum moving rates
should be specified, since real-life actuators cannot simply move
with arbitrarily high speed. In MPC this is realized by specifying
the maximum move size per sample period.

Modeling the Gas Turbine. We developed a model in which
components of the installation like compressor, valves, and ex-
pander are represented by a set of (nonlinear) quasi-steady, alge-
braic, equations. This implies that the component characteristics
are used as static impulse balances to determine the mass flow
through the components. This type of modeling of turbomachines
has been widely accepted, see, e.g., Botros (1991).

Two successive components are coupled by a volume, in which
the dynamic behaviour is lumped. In our model three volumes,
corresponding to the compressor plenum, the buffer tank, and the
combustion chamber volume, are applied. For each of these, in-
stationary mass and energy conservation laws are used to obtain
state equations for pressure (p) and temperature (7):

dp_

YR .
Z - 7 [minTin - moutT]

dT_RT o T \ T T )
dt - pv [y(min in — Mou ) - (min moul)],

with r, and m, mass flows in and out of the volume (V), and T},
the inlet temperature. vy and R denote the quotient of specific heat

compressed air

compressor

\ ar
1

Fig. 2 Laboratory gas turbine installation
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capacities (c,/c,) and the gas constant, respectively. In the com-
bustion chamber an additional power input term represents the
energy of combustion.

These equations are valid under the assumptions of a homoge-
neous, adiabatic volume, and an ideal gas. In the combustion
chamber volume additional power terms are introduced, represent-
ing the combustion process. In the present model the (isentropic)
efficiencies of compressor, expander, and combustion chamber are
assumed to be constant.

Using a power balance between compressor and expander, a
state equation for rotational speed (N) is obtained:

dN ] ) 1
g; = [mccp,e(Tin,c - Toul,e) - mccp,c(Taut.c - Tin,c)] m »
where subscripts e and ¢ denote expander and compressor, while
I stands for shaft inertia.

The model thus obtained has 7 states and 3 inputs (the positions
of the control valves). More information on the specifics of this

model can be found in Vroemen (1997).

Model Predictive Control

Model predictive control uses a model of the process to predict
the outputs up to a certain time-instant, based on the inputs to the
system and the most recent process measurements. For example,
consider Fig. 3. At the present time k, the response of the output
y(k) to changes in the manipulated variables u(k) is predicted over
the prediction horizon p. The manipulated variables are allowed to
vary over the control horizon m and can be computed such that
future deviations of the output from a desired target r(k) are
minimized.

Of the computed optimal control moves, only the values for the
first sample are actually implemented. This way the most recent
process measurements can be used to calculate a new sequence of
control moves. This mechanism is known as a moving (or reced-
ing) horizon. A comprehensive treatment on linear MPC is pro-
vided by Morari (1991).

To minimize future deviations of the controlled variables from
their setpoints, while preventing the inputs from changing inad-
missibly fast, we use the quadratic objective function

min {2 Iy + 0&) — r(k + D]

Au(k+1}. . Au(ktm) =2

+ 2 T Autk + DI, (1)

=1

where weights are included to express the relative importance of
outputs following their reference trajectory on the one hand and
trading this off with reducing the action of manipulated variables
on the other. In this notation I'} and I'} represent the output and
input-weightings, respectively. Furthermore, y(k + [lk) denotes
the estimate of y(k + [) obtained at k, taking into account all
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measurement information up to k. Note that, at the current sample
k, input moves Au are optimized starting from sample k& + 1, so
as to minimize predicted output deviations from their setpoints,
from sample k + 2 onwards. This way, the computational delay is
accounted for, with the inherent implication that y(k + 11k) can
never be influenced at sample k.

The solution to this unconstrained problem can be obtained
analytically with relatively little effort. In general, though, con-
straints will always be present at one time or another, be it output
constraints, input constraints or input move constraints. Incorpo-
rating these constraints leads to a quadratic program (QP) of the
following form:

min AUk + DTHAUK + 1) — Gk + 21k TAUKk + 1)

A%U(k+1)

such that
CUAUk + 1) = Gk + 21k),

where AU(k + 1) contains the control moves Au(k +
D) ... Au(k + m), whereas #" and 4(k + 2lk) are the Hessian
matrix and gradient vector., €" and €(k + 2ik) depend on the
constraints on manipulated variables, change in manipulated vari-
ables, and outputs.

Constraint Handling. The QP may not always have a solu-
tion, which is why a strategy must be specified to handle these
infeasibilities. In PRIMACS, a strategy is adopted where con-
straint violations are included into the optimization criterion, once
infeasibility occurs. This way, violations are kept from becoming
inadmissibly large. It is implemented by simply adding the €,-
norm of the (suitably weighted) constraint violations € (¢ = 0) to
the optimization criterion, which will then look like

Jmodiﬁed =J+ pTE’

where J denotes the unmodified optimization criterion, and p the
vector with weights on the constraint violations. The €,-norm is
chosen over the £,-norm for its guaranteed open-loop stability
when the unconstrained system is stable.

The total constraint handling strategy can now be summarized
as follows:

1 Solve the unconstrained problem., If constraints are violated, go
to step 2. Else, implement the controller moves and return to
step 1.

2 Find a solution to the QP problem. If infeasible, go to step 3.
Else, implement the controller moves and return to step 1.

3 Include constraint violations into the QP, and solve this mod-
ified problem. Implement the controller moves and return to
step 1.

Internal Model. We assume that the internal model (the
model MPC uses for its computations) is expressed through the
following nonlinear differential equations:

x(t) = fx(), u(t)) 2)
y(6) = g(x(8), u(r)) + d(z), (3)

where x(¢) are the model states, u(¢) the manipulated variables,
y(¢) the outputs, and d(¢f) unmeasured disturbances. We adopted
the same output disturbance model Garcia (1984) uses, where
disturbances are added directly to each output.

In order to handle nonlinearities adequately, we will look into
three nonlinear extensions to linear MPC, which we will denote as
successive linearization, nonlinear prediction and the combination
of these, nonlinear prediction, and successive linearization. Even-
tually, we will compare the results of these methods to those
obtained with linear MPC.

Successive Linearization. This method linearizes the nonlin-
ear model at each sampling instant. The linear model thus obtained
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is expected to describe the dynamics better than the one, obtained
from linearizing only once.

Using the first-order Taylor expansion of (2)—(3), we obtain the
following set of linear equations:

x(8) = %o + £(8) = flxg, uo) + AZ(r) + Bia(t)
y(&) = yo + F() = g(xo, o) + CE(2) + Da(r) + d(2),

where xo, 1, are the nominal states and inputs around which we
linearize, and £(¢), @(¢) the deviations from these nominal values.
Furthermore, ‘

oflx, u af(x, u

LW g o W)
ax XS X0,H = UO du X=xo,u=ugp

dg(x, u oglx, u

C .= g(x, u) p .= 28 )
ox X=X0,U = HO Ju X=X0.4=Ug

Let @, T’ (C and D) denote the discrete-time versions of these

matrices. Similarly, [ f(xo, #)], denotes the discrete-time version

of f(x,, uo), which is obtained by integrating (2) for one sample

interval with the initial condition of x = x, and constant inputs u,.
This yields the discrete-time model representation

[x(k+l)]=[¢ 0][x(k)]+[g

d(k + 1) 0 I || d) ] w(k)
& T g

e+ n=r¢ 03[ 1D

gk = y,(k) — yulk),

which includes an output disturbance filter. The output distur-
bances d(k + 1) are obtained from a first-order integrating filter
K- with g(k) as input, with K taken to be a diagonal matrix.
Furthermore, y, are the process output measurements, and y,, the
corresponding model outputs. All of our regulated variables are
assumed to be measured, and no system or measurement noise is
assumed to be present.

The elements of K should be chosen somewhere between 0 and
1. Taking these filter constants close to 1 is useful only if the
process measurements are quite accurate. We chose to take the
filter gains equal to 0.1, to allow for some difference between
model and process.

We obtain x, and u, from x(k) and u(k), but one could also
choose to reconstruct x (and ) from process measurements y,,
naturally in conjunction with a noise filter.

| + Duto + ta0, w0

Nonlinear Prediction. This approach uses a nonlinear model
to predict the output response to previous control moves, but is no
different from linear MPC otherwise. Though formally not correct,
this approach (and the following) relies on the premise that the
superposition theorem—which is valid for linear systems—still
holds to a reasonable extent. The method requires execution-times,
which—depending on the efficiency of the nonlinear integration
algorithm—more or less severely exceed those of the method of
successive linearization.

Nonlinear Prediction and Successive Linearization. Com-
putationally even more demanding is the combination of nonlinear
prediction and successive linearization. This approach should com-
bine the benefits of using an updated linear model to perform the
optimizations on the one hand, and obtaining output predictions
from the nonlinear model on the other.

Results

In this section we present results obtained with the various
methods we described. We compare these results to those obtained
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Fig. 4 Compressor pressure (a), compressor mass flow (b), and ex-
pander Inlet temperature (c¢) response to setpoint rises in pressure and
mass flow

with linear MPC, and state execution times. In all figures, 1 X lin
stands for linearizing once (=linear MPC), sl is short for succes-
sive linearization, nlp denotes the case where nonlinear prediction
is used, and nlp + sl refers to the combination of nonlinear
prediction and successive linearization. Furthermore, the solid
(step-shaped and straight) lines correspond to setpoints and tem-
perature constraint. We assume this to become clear from the
accompanying text. Throughout the simulations, the prediction and
control horizon were chosen to be 15 and 4 samples, respectively.
Finally, we mention the fact that valve positions can vary between
0 (closed) and 1 (fully opened).

Simple Setpoint Change. Figure 4 shows the response to
setpoint changes in compressor pressure from 1.62 to 2.00 (bar),
and in compressormass flow from 0.464 to 0.640 (kg/s), both at
t = 20 (s). Corresponding valve-positions are shown in Fig. 5. All
approaches give satisfactory results, although the pressure re-
sponse obtained with linear MPC displays quite some overshoot.
Indeed, all controllers anticipate to future set-point changes. Note,
however, that all controllers make the outputs move initially in the
wrong direction, so as to make the rises as steep as possible. This
effect has been seen to decrease if larger control horizons are used.
Also note that these setpoints can be attained with different com-
binations of inputs. Due to blow-off, the mass flows through
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compressor and expander may not be the same, resulting in, for
instance, different stationary temperatures. An interesting situa-
tion, in this sense, arises if gas turbine efficiency is required to be
maximal. In this case, this can quite easily be achieved by impos-
ing a constraint upon the blow-off valve (or similarly, the mass
flow through this valve) at 0. This causes the blow-off valve to
remain fully closed most of the time, while the steady-state fuel
valve position drops from 0.43 to 0.42 (not shown).

The temperature constraint is violated by linear MPC only, though
not by the model output—only by the process output. Of course, the
process output is really all we are interested in, but this does explain
the fact that in the constraint handling strategy, as stated in the
previous section, step 3 is never executed in this simulation.

The three nonlinear methods we incorporated do not outperform
one another, although they take different execution times, see
Table 1. Although the nonlinear methods require execution-times

Table 1 Maximum controller execution-time per sample
1xlin sl nlp nlp+s
execution-time [s] 0.5 1.2 23 3.0
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Fig. 6 (a) compressor pressure, (b) compressor mass flow, and (c)
expander inlet temperature, response for “unreachable setpoint”

in excess of that which is available for real-time implementation (1
(s)), one must bear in mind that these results were obtained on a
Pentium133/32 Mb. Especially the two methods which incorporate
successive linearization yield results very much alike. All this
suggests that it is of significant importance to predict outputs by
using some (“semi”) nonlinear model. Furthermore, if successive
linearization is used for the optimization, results are hardly depen-
dent on the method of prediction (successive linearization or
nonlinear).

Unreachable Setpoint. We next specify a combination of
setpoint changes, which simply cannot be realized. Mass flow is
supposed to drop to 0.330 (kg/s), while keeping a constant pres-
sure. This point would not only result in a temperature constraint
violation, but also in surge. Figure 6 shows the resulting responses.
Of course, in all cases pressure does not retain its initial value,
whereas mass flow does not decrease as far as we wanted it to. This
is exactly what we expected from the controller, in order not to
violate constraints. However, linear MPC encounters serious trou-
ble, as it cannot keep expander inlet temperature from reaching
values in excess of 930° K. The surge constraint is almost reached
(not shown), but is kept from doing so by the controller actions
which serve to prevent temperature constraint violations. Again, sl
and nlp + sl are hardly distinguishable.

Simple Setpoint Change With Model Errors. Finally, we
repeat the “simple setpoint change” simulation, but different in the
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fact that we introduced parametric plant/model mismatch. This is
not a rigorous test of robustness, but gives one an idea of the
sensitivity of each method to modeling errors. We changed some
of the most important parameters (such as compressor efficiency)
by 5 to 20 percent. Figure 7 shows that both linear and nonlinear
MPC yield results which are acceptable. Here we compared linear
MPC to successive linearization only, considering the close resem-
blances we already experienced in the previous simulations.
Note that, even in case of successive linearization, the temper-
ature constraint is slightly violated for some time, which is due to
the fact that filter actions cannot adequately compensate for the
differences between model and process, because controller actions
in this time interval (¢t € [10, 42]) are still quite severe (not
shown). This situation would not occur if the expander temperature
in this time interval corresponded to a (nearly) stationary situation.

Discussion

We presented three nonlinear extensions to linear model predictive
control, the last of these resulting in the same approach Garcia (1984)

634 / Vol. 121, OCTOBER 1999

used. We also incorporated the same output disturbance model en-
countered in that paper, and stress that—though not especially rele-
vant to our problem—this strategy may not perform well in control-
ling integrating processes and may lead to instabilities when applied
to open-loop unstable processes. To prepare for real-time implemen-
tation, we are currently researching the incorporation of a Kalman
filter in the on-line optimization, to allow for reconstruction of un-
measured variables as well as to handle measurement noise.

The three nonlinear methods all offer improvements over linear
MPC, with results in fact almost identical most of the time. This
conclusion would favour whichever approach is computationally
the least demanding. Most likely, the method which incorporates
successive linearization, but refrains from nonlinear prediction,
requires the least computational effort. Nevertheless, the
execution-times stated should be viewed with scepticism, since the
various algorithms involved can probably all be made more effi-
cient, one way or another. For instance, using a more efficient
integration routine would speed up the methods using nonlinear
prediction, whereas a more efficient QP solver would contribute to
reducing the requirements for successive linearization.

Judging from the simulations, it is concluded that, if no mea-
surement noise is present and if the model describes the process
fairly well, linear MPC is suited to control the gas turbine instal-
lation most of the time, requiring execution-times within the pre-
specified limit of 1 (s) per sampling period. The benefits MPC
offers, such as anticipation, input/output constraint handling, were
shown to hold for all approaches investigated. Still, some situa-
tions may cause linear MPC to perform significantly worse, situ-
ations where nonlinear extensions offer considerable improve-
ments. However, for the time being, none of these nonlinear
methods can be made to require execution-times within the limit of
1 (s), although sl is not far from achieving this goal. In practice, the
somewhat arbitrarily set bound of 1 (s) might be slightly increased
or, alternatively, a faster computer may be used to render at least
sl ‘feasible’.

It should still be investigated if the approaches mentioned can be
guaranteed to improve controller performance at all times, espe-
cially in a real-time application, where measurement noise is
present and robustness of the control algorithm becomes increas-
ingly important. Although the various methods were shown to
possess some kind of robustness, more rigorous tests should point
out if this result holds for a larger class of model uncertainties.
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CO, Emission Abatement in
IGCC Power Plants by
Semiclosed Cycles: Part A—
With Oxygen-Blown Combustion

This paper analyzes the fundamentals of IGCC power plants where carbon dioxide

P. Chiesa produced by syngas combustion can be removed, liquefied and eventually disposed, to
limit the environmental problems due to the “greenhouse effect.” To achieve this goal, a
G. Lozza semiclosed-loop gas turbine cycle using an highly-enriched CO, mixture as working fluid

was adopted. As the oxidizer, syngas combustion utilizes oxygen produced by an air
separation unit. Combustion gases mainly consist of CO, and H,0: after expansion, heat
recovery and water condensation, a part of the exhausts, highly concentrated in CO,, can
be easily extracted, compressed and liquefied for storage or disposal. A detailed discus-
sion about the configuration and the thermodynamic performance of these plants is the
aim of the paper. Proper attention was paid to: (i) the modelization of the gasification
section and of its integration with the power cycle, (ii) the optimization of the pressure
ratio due the change of the cycle working fluid, (iii) the calculation of the power
consumption of the “auxiliary” equipment, including the compression train of the sepa-
rated CO, and the air separation unit. The resulting overall efficiency is in the 38~39
percent range, with status-of-the-art gas turbine technology, but resorting to a substan-
tially higher pressure ratio. The extent of modifications to the gas turbine engine, with
respect to commercial units, was therefore discussed. Relevant modifications are needed,
but not involving changes in the technology. A second plant scheme will be considered in
the second part of the paper, using air for syngas combustion and a physical absorption
process to separate CO, from nitrogen-rich exhausts. A comparison between the two
options will be addressed there.

Dipartimento di Energetica,
Politecnico di Milano,

Piazza Leonardo da Vinci 32,
Milan, 20133, italy

of Energy, 1993), membrane separation (Van der Sluijs et al.,

1992)
— coal gasification followed by catalytic shift, producing CO,
and H, from CO and H,O: therefore, CO, can be separated by
relatively low-cost physical absorption systems before being
ducted to the gas turbine, which essentially uses hydrogen as
fuel (Schiitz et al., 1992; Chiesa and Consonni, 1999)
cycles using enriched CO, mixtures as working fluid, usually
employing pure oxygen as oxidizer: in this case, after con-
densation of water produced by combustion, the remaining

1 Introduction

The increasing concern about climatic changes, due the disper-
sion in the atmosphere of “greenhouse” gases produced by human
activities, poses a formidable challenge to the power industry.
Fossil fuels will remain the largest source of primary energy for
many decades, according to any reasonable long-term projection.
Therefore, carbon dioxide will be largely produced in the future,
but its dispersion to the atmosphere can be avoided, provided that —
it is separated from other combustion products, collected and then
ducted to underground storage or to deep sea for absorption. This

objective can be pursued by various processes, all requiring a
substantial amount of energy (thus reducing the conversion effi-
ciency) and of additional equipment (thus increasing costs). Most
studies (including the present paper) were devoted to coal-fired
power stations, because coal is (i) the most widely used fossil fuel
for power generation; (ii) the most abundant in terms of worldwide
resources, (iii) a large CO, producer, if compared to natural gas.'
Three methodologies have been proposed up to now:

— removal of CO, from exhausts of conventional power sta-
tions, for instance by means of ammine chemical absorption
(Smelser et al., 1991), cryogenic distillation (U.S. Department

' Coal produces about 0.35 kg of CO; per kWh of thermal energy (a correct value
depends on its actual composition), a figure 70 percent higher than natural gas. In
terms of electricity the difference is larger due the higher conversion efficiency
obtainable by combined cycles versus steam plants,
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working fluid is essentially carbon dioxide which can be
easily removed and disposed (De Ruyck, 1992; Mathieu and
DeRuyck, 1993; Ulizar and Pilidis, 1996, 1997; Chiesa and
Lozza, 1997b). Oxygen combustion can be also applied to
conventional boilers (Nakayama et al., 1992)

At present, little information is available to fully understand the
merits and the drawbacks of each solution. However, according to
McMullan et al. (1995), solutions based on gasification and gas
turbine-derived cycles are of particular interest. This paper, di-
vided into two parts, will consider two plant configurations: the
first one (part A) fully belongs to the third group exposed above,
while the second one (part B), using air as oxidizer rather than
oxygen and including a physical absorption system to remove CO,
from moderately enriched exhausts, represents a connection point
between the two latter concepts.

The latter plant scheme represents a novel proposal, the former
has already been addresses by some of the authors quoted above.
We will consider here the power cycle, the complete gasification
process, the oxygen production, and the CO, separation and com-
pression as a whole, accounting for their interactions. Therefore,
we will be able to assess the overall coal-to-electricity conversion
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efficiency, in power plants producing CO, as a separated stream,
available for disposal without further energy expenses.

2 Conceptual Plant Configuration

To better understand the cycle concept here referred (semi-
closed cycle with oxygen combustion), let’s first consider Fig. 1,
showing a very simplified scheme. The blocks of the figure per-
form the following tasks:

— a complete coal gasification section produces clean syngas
from coal under the “usual” conditions of an IGCC plant:
therefore, this block consists of a coal treatment plant, a
gasifier, a syngas cooling system, and various syngas filtering
devices (wet scrubbing, acid gas removal, sulfur plant)

— syngas is burned into the gas turbine combustor using oxygen
as the oxidizer: combustion products mainly consist of CO,
and H,0O

— after turbine expansion and heat recovery steam generator
(feeding the steam cycle), combustion gases are cooled to
remove H,O by condensation: the remaining stream is almost
pure CO, (about 90 percent mass fraction)

— part of this stream, such to conserve the mass balance of the
cycle, exits the power cycle; the remainder is recycled, after
compression, as a diluting agent to gas turbine combustion

— the stream removed from the cycle is compressed up to
liquefaction of CO,, rendering it available for storage or
disposal

— oxygen necessary to gasification and to syngas combustion is
produced by a double-column air-separation-unit (ASU)

Carbon dioxide is the main component of the cycle working
medium: the virtual absence of nitrogen in the combustion process
leads to negligible NO, formation, while sulfur is very efficiently
captured in the IGCC process. Therefore, being CO, sequestrated,
the plant is virtually free of any kind of air pollution.

Before addressing with more detail the plant configuration,
let us recall briefly the main features of the method of calcu-
lation used for predicting the on-design overall performance
and the energy balance of the plant. It was described in previous
papers, with reference to the gas turbine model (Macchi et al.,
1991; Consonni, 1992), the steam plant model (Lozza, 1990),
and the system used to analyze gasification processes (Lozza et
al., 1996). Its main features are (i) capability of reproducing
very complex plant schemes by assembling basic modules, such

636 / Vol. 121, OCTOBER 1999

as turbine, compressor, combustor, steam section, chemical
reactor, heat exchanger, etc., (ii) built-in correlations for effi-
ciency prediction of turbomachines, as a function of their
operating conditions, (iii) built-in correlations for predicting
cooling flows of the gas turbine, and (iv) calculation of gas
composition at chemical equilibrium. A peculiarity of the
present method is its ability to reproduce a whole IGCC process
in a single computer run, without any need of “matching”
results coming from different computational tools: it enables
the possibility of studying heavily integrated processes and of
performing a complete second law analysis of the entire plant.
To preserve this peculiarity, a new module was added to con-
sider the compression of a gas mixture in which CO, is treated
as a real gas (including phase change). Therefore, ideal gas

- behaviour is assumed for all gaseous species, with the excep-

tions of water/steam in the steam cycle module and of carbon
dioxide during its final compression and liquefaction. More
details are given in 3.4,

The assumptions used for calculating the performance of the
various components are fully reported in a recent paper (Chiesa
and Lozza, 1997a). During the next chapter, we will recall and

~ discuss the most important assumptions for each plant section.

3 Detailed Plant Description and Assumptions

Once discussed the basics, a deeper understanding of the plant
configuration is necessary to perform a comprehensive thermody-
namic analysis. Figure 2 provides a complete overview of the
various plant sections and of their interaction. Let us now discuss
the arrangement of the various blocks, by outlining the main
assumptions necessary to calculate their performance.

3.1 Air Separation Unit. We will refer to conventional
ASU processes, consisting of an air intercooled compressor (exit
pressure was assumed as 4.8 bar, according to Rao (1993), com-
patible with a 95 percent oxygen purity in large plants) and of a
double separation column providing gaseous nitrogen (dispersed to
the ambient) and gaseous oxygen at near-atmospheric pressure.
Oxygen must be compressed before being used: we stipulated a
maximum oxygen temperature of 340°C,” so the compression has
to be partly intercooled. Due to the large oxygen requirement, the
air compressor is directly driven by the gas turbine, to save
expensive electric machinery and related power losses. Other ASU
arrangements, sometimes found in IGCC plants (Smith et al.,
1996), making use of compressed air from the gas turbine com-
pressor, are not feasible here, due to the lack of oxygen in the cycle
working fluid. The air compressor efficiency is relevant to the
overall power balance: being its volume flow compatible with
axial multi-stage machines, the general correlation for compressor
polytropic efficiency estimation developed by the authors (Chiesa
et al., 1995) was used.

3.2 Gasification Section. In this paper we will refer to an
entrained-flow slurry-feed gasifier, reproducing the Texaco tech-
nology. Coal used is Illinois #6, with 3.4 percent sulfur content.
The thermal input to the plant was set to 900 MW, (36.25 kg/s of
coal with LHV = 24.826 MJ/kg). Gasification pressure and tem-
perature were assumed of 60 bar and 1600 K. Oxygen supply was
calculated to actually obtain such a temperature with a gas com-
position imposed by the chemical equilibrium, considering a
water/coal ratio in the slurry of 0.323. Raw syngas is cooled by
radiative-convective syngas coolers, producing high pressure sat-
urated steam and high temperature feedwater, the latter partly used
to rise the temperature of clean syngas before combustion. Raw
syngas is therefore cleaned by a wet scrubber. Low temperature

% The higher the temperature of oxygen for both combustion or gasification, the
lower the fuel consumption to obtain the same combustion products. This overrides
the larger compression work, increasing the cycle cfficiency. However, a conservative
value of oxygen temperaturc was stipulated to reduce hazards and risks of material
corrosion.
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Fig. 2 Complete plant configuration of the semiclosed cycle with oxygen combustion here discussed

heat is recovered from syngas for various purposes (feedwater
heating, make-up water heating, low pressure steam generation).
Acid gases are removed from near-ambient temperature syngas
and then treated to produce sulphur by means of processes well
known in the IGCC practice. Clean syngas is preheated by the
above quoted feedwater supply and therefore expanded, depending
on the combustion pressure. Details on the calculation method and
on the assumptions (heat exchangers effectiveness, pressure and
thermal losses, etc.) have been quoted in previous papers (l.ozza et
al., 1996; Chiesa and Lozza, 1997a).

For this application, we did not consider any fuel dilution
strategy for NO, abatement (i.e., by moisturization or by nitrogen
addition) due to the very low nitrogen concentration in the com-
bustion region.

3.3 Power Plant. A semiclosed-cycle gas turbine is the key
machine. Assumptions regarding its performance prediction (i.e.,
compressor and turbine polytropic efficiency, coolant requirement
and cooled expansion modelization, pressure losses, etc.) have
been calibrated during previous works (Macchi et al., 1991; Chiesa
et al., 1995; Chiesa and Lozza, 1997a) to accurately reproduce the
performance of modern gas turbines. We will make here reference
to the today’s proven technology of “F” industrial gas turbines: in
particular, a TIT of 1280°C was stipulated for all considered
solutions. In those conditions, a comparison between manufactur-
ers’ data and our predictions (with natural gas as tuel) shows a

Journal of Engineering for Gas Turbines and Power

very close agreement,’ confirming the reliability of the correlations
when applied to open cycles.

We supposed here that the change of the working fluid will not
affect the validity of the correlations used for calculating turbo-
machinery polytropic efficiency and cooling requirements of the
hot parts of the turbine (Consonni, 1992; Chiesa et al., 1995). To
be more clear, this does not mean that cooling flows and efficien-
cies remain constant between open and semiclosed cycle: the
parameters governing the correlations are recalculated according
to the actual values of volumetric flow, transport properties, etc.

However, the change of the working fluid claims for a novel
optimization of the cycle. The most important parameter to be
considered is the pressure ratio: the higher molecular mass and
complexity of CO, mixtures versus air results in a lower temper-
ature rise at the same pressure ratio. Since cycle performance
mainly depends on the temperature history of the fluid, an higher
pressure ratio will be required to obtain the same efficiency. To
discuss this issue, the pressure ratio will be varied during the
analysis from the basic value of 15, typical of large industrial “F”
machines.

A possible variation to the scheme shown in Fig. 2 consists of

* For instance, calculations ol the GE Fr.9FA with a TIT of 1288°C (Miller, 1996)
show an error as low as 0.3 percent on power output, 0.3 points on efficiency, 2°C on
turbine outlet temperature.
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LHV),

moving the oxygen injection point from the compressor outlet to
the compressor suction. In this mode, oxygen compression is
performed by the same gas turbine compressor, rather than by a
separated unit, with higher efficiency and lower plant complexity.
However, the cooling flows, retrieved from the compressor, are
enriched in oxygen, providing a lower CO, concentration in the
exhausts: this increases the energy requirement for both air sepa-
ration and CO, liquefaction. This issue was discussed in a previous
paper (Chiesa and Lozza, 1997), showing a negligible influence on
the overall efficiency, and will not be addressed further here.

The heat recovery steam cycle is a conventional combined cycle
unit, based on a three-pressure reheat cycle. The method of cal-
culation of the bottoming cycle and its optimization have been
addressed by Lozza (1990 and 1993). Steam conditions here as-
sumed are rather conservative: the maximum pressure is 110 bar,
with SH and RH at 538/538°C and a condensing pressure of 0.05
bar. A somewhat better efficiency may be obtained by resorting to
more elevated steam conditions (for instance, slightly supercritical
pressure and 565 or 580°C, according to the above quoted papers
and to the better steam technology): we decided here not to stress
the technological issues in an already complicated and risky plant
configuration. It must be also considered that the here adopted
values are rather common even in the more advanced natural gas
and coal gasification combined cycle presented up to now.

34 Carbon Dioxide Liquefaction. We will assume here
that separated carbon dioxide must be available at the plant bound-
aries at a pressure of at least 80 bar and in liquid phase. This is
necessary to allow for deep sea disposal without further energy
expenses. The exhaust stream retrieved from the cycle can be
simply compressed to achieve this goal. However, incondensable
species (N,, O,, Ar) are present in this stream, increasing the
compression power. Their amount depends on various parameters:
(i) the above quoted position of the oxygen injection point, (ii) the
oxygen purity, and (iii) the oxygen exceeding the stoichiometric
combustion to ensure complete fuel oxidation. According to our
calculations, an increase of the oxygen purity (beyond the assumed
value of 95 percent) will require an higher ASU consumption,
vanishing the savings in the liquefaction process. A 3 percent
oxygen concentration by volume after combustion was stipulated,
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believing it sufficient to make CO production negligible. In addi-
tion to incondensables, water vapour is also present: its initial
amount depends on the water partial pressure in the exiting stream,
and particularly on its temperature, here assumed as 35°C after
cooling of the entire exhaust flow. Under those assumptions, the
exhaust composition is fixed and reported in Fig. 3, showing the
energy and mass balance of the liquefaction system. Water is
separated by condensation and by dehydration.

To improve CO, removal efficiency, the gaseous CO, fraction in
the incondensables (wasted to the ambient) should be minimized.
To achieve this goal, two ways are possible: (i) increasing the final
pressure, thus the energy consumption; (ii) cooling down the
stream. The compression train shown in Fig. 3 includes an absorp-
tion refrigerating unit, to obtain a final temperature of 5°C: the
same removal efficiency (89.4 percent) would have required a final
pressure of 132 bar (rather than 80) at 25°C, with a 10 percent
higher power consumption. Low temperature heat needed by the
absorption chiller (about 8 MW} can be easily retrieved from the
compression train intercoolers without significant energy ex-
penses. A further improvement of removal efficiency is possible:
for instance, 96 percent can be achieved with a final pressure of
145 bar, requiring about 37 rather than 33 MW, (approximately a
1 percent reduction of the plant net output).

About thermodynamic properties, the ideal gas assumption used
for the power cycle cannot be realistic here. CO, properties were
calculated by the corresponding state law (acentric factor = 0.239,
Reid et al., 1988) with saturation curve from Casci et al. (1972).
H,O0 properties from Schmidt, 1982 (as used for the steam cycle).
We assumed (i) ideal mixtures (i.e., mixing does not alter volu-
metric properties), (ii) Ar, N,, O, as ideal gases, (iii) negligible
liquid solubility in gases, and (iv) H,O and CO, condensation rates
according to the Raoult law.

4 Overall Plant Performance
4.1 General Overview. The results of the performance pre-
diction are shown in Fig. 4 for various cycle pressure ratios. In the

figure, two efficiency curves are shown: the upper dotted curve
does not consider the power expenses for compression-
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Fig.4 Influence of the cycle pressure ratio on the efficiency of IGCC and
semiclosed cycles

liquefaction of carbon dioxide, the tower curve represents the
overall net plant efficiency. In addition, Fig. 4 quotes, as a refer-
ence, the performance of IGCC cycles based on the same gasifi-
cation and power cycle technology, but not including any CO,
removal strategy.

The loss of efficiency resulting from the adoption of CO,
capture systems is severe, from about 46 percent of IGCC to about
39 percent at optimum pressure ratio. We can justify the efficiency
decay by the following three considerations:

(i) CO, separation itself yields to a power loss, even if carried
out by a reversible process and even if the separated gases would
be available at ambient pressure, rather than pressurized. The
production of separated species is, as a matter of facts, another
“thermodynamic asset” (in addition to electricity) generated by the
cycle. Tts value corresponds to the mechanical work required by
the reversible separation (isothermal compression from the partial
to the total pressure). Referring to the IGCC exhausts (8 = 15),
this work is 196.4 kI/kg of CO, (90 percent removal efficiency),
yielding to 14.1 MW consumption: this brings the efficiency of an
IGCC with ideal separation to 44.3 percent versus the original 45.9
percent.

(i) CO, is compressed up to 80 bar, by means of a real
machine: therefore, ideal isothermal compression work plus losses
due to irreversibilities during the process are to be considered. This
power consumption corresponds, in terms of efficiency loss, to the
“distance” between the continuous and the dotted line of Fig. 4.

(iii) Another relevant source is related to the large oxygen
consumption, here about 2.6 times the one of an IGCC. Irrevers-
ibilities of the ASU process are therefore much more detrimental
to the overall efficiency. In fact, the air separation unit requires 868
kl/kg of oxygen produced (under our assumptions), rather than 197
needed by a reversible process.

4.2 Influence of the Cycle Pressure Ratio. The above men-
tioned losses are largely independent on the power cycle thermo-
dynamics. As far as this issue is concerned, the most important
parameter is the pressure ratio (B8) of the gas turbine cycle. Its
influence is clearly shown in Fig. 4. The best performance of an
IGCC plant is obtained at 8 = 18: the use of a lower pressure ratio
of 15 (often found in large commercial heavy-duties) does not
impair the plant efficiency in a significant way. On the contrary,
the present scheme requires a much larger pressure ratio: the best
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Fig. 5 Turbine and compressor outlet temperatures, expansion/
compression and steam/gas turbine power ratios for IGCC and semi-
closed cycles, as a function of the pressure ratio

value is 42, while 2.4 points of efficiency would be lost at B = 15.
The reason of this discrepancy is the change of the working fluid
composition, i.e., the increase of the molecular mass due to higher
CO, content. In fact, Fig. 5(a) shows that, at the same pressure
ratio, the CO, cycle presents consistently lower compressor outlet
temperature and higher turbine outlet temperature: higher pressure
ratios are therefore required to optimize the cycle, obtaining the
same temperature levels found in IGCC and gas turbine practice.
More information is given by Fig. 5(b): the power ratios between
plant components indicate that, at the same 8, more percentage
power is produced by the steam turbine and less percentage power
is consumed by the compressor. This is not favourable: for in-
stance, at 8 = 15 a turbine outlet temperature of about 750°C
would lead to substantial heat transfer irreversibilities in feeding
heat to the steam plant, unable to operate efficiently at high
temperatures, while a low compressor outlet temperature of 300°C,
even if reducing compressor power consumption, improves com-
bustion irreversibilities. At the optimum pressure ratio, both tem-
perature and power ratios are similar to the ones of IGCCs.

In this discussion, the minimum cycle pressure was kept at
near-atmospheric values, but it can be subject of optimization in a
semiclosed cycle. We will address this issue in the second part of
the paper, together with the cycle proposal discussed there.

4.3 Discussion of the “Reference” Scheme. In the follow-
ing we will make reference to a pressure ratio of 30, as a com-
promise between performance and utilization of existing technol-
ogies (8 = 30 is already used by aero-derived engines and by a
modern reheat industrial unit). A pressure ratio of 15 was assumed
for the IGCC case used for comparisons. The main characteristics
of the selected plant are shown in Fig. 6. Together with informa-
tion provided by Fig. 3 and by Table 1, reporting the electric power
balance, we can comment that:

— the ASU air compressor has an inlet volume flow of 267 m’/s,
versus 328 of the cycle compressor: the two machines have a
comparable size, justifying their single-shaft arrangement
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~— the turbine mass flow is 19 percent higher than the one of the
compressor (versus 10 percent for IGCC and 2 percent for
natural gas machines), due to oxygen addition

— the CO, volume fraction is 85 percent (90 percent by weight):
water and incondensables are not negligible during the lique-
faction process, affecting the power requirement

—— large part of the gross output is recycled into the process,
because of the consumption of the air and oxygen compres-
sors and of the liquefaction train (Table 1)

— arelevant part of the heat released to the ambient comes from
the intercoolers of those compressors (114.8 MW, versus
365.7 from the condenser and 52.1 from the exhaust cooler).
The total heat released to cooling waters is therefore 532.6
MW, i.e. 153 percent of the net electric power produced (the
same percentage is 85 percent for the IGCC plant, due to its
higher efficiency and to direct heat discharge at the stack)

Table 1 Electric power balance between the various plant components
for the reference IGCC and the semi-closed cycle here addressed, for a
thermal input of 900 MW by coal LHV

Plant type Open Semi-
IGCC, losed,
Electric power, MW =15 cﬁ(:._g,o
Gas turbine gross output 247.8 257.0
Steam turbine gross output 209.5 231.8
Syngas expander 11.4 -
ASU air compressor -23.7 -55.3
Oxygen compressor(s) -16.9 -37.9
Power cycle auxiliaries -5.7 6.3
Gasification auxiliaries 9.5 9.3
CO, compression/liquefaction - -32.9
Net power output 412.9 347.1
Net LHYV efficiency, % 45.88 38.57
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5 Turbomachinery Design and Development

The plant economics cannot be fully discussed at the present status
of the knowledge. However, the investment cost, compared to the one
of IGCCs, will depend on two basic issues: (i) can the main equip-
ment be derived from machines now present in the market? (ii) how
many additional equipment will be required? We will discuss this
matter by comparing the basic design specifications for the largest
turbomachines included in the cycles, with particular regard to the
main gas turbine engine. In fact, the change of the working fluid and
of the pressure ratio poses some concern about the extent of modifi-
cations required to gas turbines developed for natural gas or, at most,
for IGCC applications. Comparing the IGCC and the semi-closed
cycle here proposed (Table 2), we can comment that:

— enthalpy rise/drop for both turbine and compressor differ by
about 10 percent from the ones of IGCC: this difference may
become negligible by selecting a pressure ratio slightly higher
than 30 (improving the efficiency). This implies that the stage
number and stage loading will remain unchanged. However, the
velocity of sound of the CO, mixture is about 20 percent lower
than for air: more detailed analyses are therefore needed, espe-
cially for highly loaded compressor stages.

— the changes of volume flow through the machines are very
different: lower blade height (up to about one half) in high

" pressure stages will be necessary for CO, machines.

— the volume flow is significantly smaller for the same thermal
input: more compact (and cheaper) machines can be adopted.

— the turbine cooling flows are 10—20 percent larger. This is due to
the larger pressure and density: a more detailed discussion will
be given in part B. However, the rate of increase is modest and
remains within technical feasibility limits.

Extended modifications are therefore required, but a real change in the
gas turbine technology is not necessary. Combustor design will also
require adaptations, but a real advantage comes from the elimination
of any NO, control strategy, due to the virtual absence of nitrogen.
Table 2 also reports some data about the other compressors
included in the cycles. The ASU air compressor results 2.6 times
larger than for the IGCC, as already discussed, but, apart from size,
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Table 2 Specifications involved in turbomachinery design, for the ref-
erence IGCC and semi-closed cycle

Plant type Open Semi-
(input = 900 MW by coal LHV) IGCC, closed,
B=15 =30
Gas turbine compressor .
Inlet volume flow, m”/s 507.9 328.3
Inlet/outlet volume flow ratio 7.262 15.975
Isentropic enthalpy rise, kl/kg 337.9 305.5
ASU air compressor
Inlet volume flow, m’/s 103.2 266.9
Real compression work, kJ/kg 176.7 . 169.4
CO, compressor
Inlet volume flow, m*/s - 52.34
Real compression work, kJ/kg - 335.6
Gas turbine
QOutlet volume flow, m%/s 1633.9 1182.5
Turbine outlet / compressor
inlet volume flow 3.217 3.602
First nozzle throat area, m’ 0.4433 | 0.1817
Turbine inlet / compressor
inlet volume flow 0.351 0.1827
Isentropic enthalpy drop
(cooled expansion), kl/kg 1062 974.2
First nozzle cooling flow /
gas flow (volume) 0.0256 0.0309
First rotor cooling flow /
gas flow (volume) 0.0243 0.0265

it is a very conventional unit. The CO, compressor is an uncon-
ventional machine, but its development should not present partic-
ular technological issues.

6 Conclusions

The discussion here developed outlines the negative impact of
CO, removal on the conversion efficiency and on the plant com-
plexity, compared to the already capital-intensive and complicated
IGCC stations. On another side, a virtually emission-free power
production from coal can be realized, resorting to well-known
technologies, with an efficiency very similar to the one of conven-
tional steam power stations. A realistic economic study cannot be
drawn at present, due to the difficuities of estimating the invest-
ment costs of components not available in the market. Among
them, critical issues are the modified gas turbine, operating with an
enriched CO, mixture, and the unusually large air separation unit.
The necessity of adopting such components can be eliminated by
using air rather than oxygen for syngas combustion and by intro-
ducing a separation process. The second part of the paper will
discuss this concept and a comparison between the two plants,
together with some final considerations, will be addressed.
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CO, Emission Abatement in
IGCC Power Plants by
Semiclosed Cycles: Part B—
With Air-Blown Combustion and
CO, Physical Absorption

This paper analyzes the fundamentals of IGCC power plants with carbon dioxide removal
systems, by a cycle configuration alternative to the one discussed in Part A (with
oxygen-blown combustion). The idea behind this proposal is to overcome the major
drawbacks of the previous solution (large oxygen consumption and re-design of the gas
turbine unit), by means of a semiclosed cycle using air as the oxidizer. Consequently,
combustion gases are largely diluted by nitrogen and cannot be simply compressed to
produce liquefied CO, for storage or disposal. However, CO, concentration remains high
enough to make separation possible by a physical absorption process. It requires a
re-pressurization of the flow subtracted from the cycle, with relevant consequences on the
plant energy balance. The configuration and the thermodynamic performance of this plant
concept are extensively addressed in the paper. As in the first part, the influence of the
pressure ratio is discussed, but values similar to the ones adopted in commercial
heavy-duty machines provide here acceptable performance. Proper attention was paid to
the impact of the absorption process on the energy consumption. The resulting net overall
efficiency is again in the 38-39 percent range, with assumptions fully comparable to the
ones of Part A. Finally, we demonstrated that the present scheme enables the use of
unmodified machines, but large additional equipment is required for exhausts treatment
and CO, separation. A final comparison between the two semiclosed cycle concepts was
therefore addressed.

P. Chiesa

G. Lozza

Dipartimento di Energetica,
Politecnico di Milano,

Piazza Leonardo da Vinci 32,
Milan, 20133, italy

“scheme A” and the present air-blown plant as “scheme B”).
Differently from scheme A, oxygen, produced by an air separation
unit (ASU), is supplied to the gasification section only. Ambient
air enters the cycle to provide the minimum amount of oxidizer
necessary to the syngas combustion process. Part of exhaust gases
are recycled to the compressor, acting as diluting agent to obtain
the desired turbine inlet conditions, rather than excess air as in
open cycle gas turbines. As anticipated, exhausts are moderately
enriched by carbon dioxide: the fraction exiting the cycle can be
treated to remove CO, by a physical absorption process. Eventu-
ally, CO, is compressed and liquefied for disposal, while the
remaining components of exhausts (mainly nitrogen) are dispersed
toward the ambient.

The paper will firstly address the plant arrangement and the
solutions found for the physical separation process. Then we will
discuss its performance prediction, based on the same calculation
method and assumptions reported in Part A, and we will finally

1 Introduction

The separation of carbon dioxide from exhausts of power plants,
followed by its disposal into underground cavities or by deep sea
dispersion, can represent a significant contribution to reduce the
concerns about climatic changes, due to the dispersion in the
atmosphere of “greenhouse” gases produced by human activities.
However, carbon dioxide concentration is rather poor in combus-
tion products: from 4 percent in a natural gas-fired gas turbine, (o
8 percent in an IGCC plant, to 12 percent in a conventional
coal-fired boiler (all values, expressed by volume, are indicative).
Therefore, to avoid processing huge gas flows with large energy
consumption, carbon dioxide removal claims for measures to im-
prove its concentration. The most radical solution is to use CO, as
the main component of the working fluid in a semiclosed gas
turbine cycle. It was the subject of the Part A of this paper and, as
we discussed, such a solution requires pure oxygen for combustion

and substantial modifications to the existing gas turbine engines.
Now we will consider semiclosed cycles in which air is used as the
oxidizer, characterized by a moderate CO, enrichment (about 20
percent by volume) and thus requiring a separation process.

The basic concept of the cycle is reported in Fig. 1. Tt includes
a complete coal gasification section and a combined cycle power
plant, similarly to the scheme discussed in part A (in the follow-
ings, we will shortly address the oxygen-blown plant of part A as
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address a comparison between the solutions presented in the two
parts of this paper.

2 Detailed Plant Configuration

2.1 IGCC Sections. Figure 2 provides a complete overview
of the various plant sections and of their interactions. The sections
typical of IGCC plants are rather similar to the ones described at
chapter 3 of Part A, and the assumptions used during the calcula-
tion are unchanged. In particular:

Air Separation Unit. As for scheme A, we will refer to a
conventional ASU process, consisting of an intercooled air com-
pressor and of a double separation column. The only difference is
size, since the oxygen consumption of scheme A is 2.6 times the
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one of the present scheme. The reduced power consumption of the
air compressor allows for an electric motor drive rather than direct
drive by the gas turbine.

Gasification Section. We will refer again to an entrained-flow
slurry-feed gasifier, reproducing the Texaco technology, with the
same coal feedstock (Illinois #6) and gasification pressure and
temperature (60 bar, 1600 K). The gasification section is mostly
unchanged between scheme A and B. However, comparing Figs. 2
of part A and part B, two important differences can be outlined: (i)
in scheme B, the convective syngas cooler, in addition to rising
saturated HP steam, provides heat to the nitrogen stream exiting
the absorption unit, before its expansion (see 2.2); (ii) a syngas
saturator was introduced into scheme B, to contribute to NO,
abatement by fuel moisturization: warm water for saturation is
produced from low temperature syngas cooling, substituting low
pressure steam generation of scheme A. The adoption of NO,
control strategies requires some comment. It was unnecessary in
scheme A, due to the virtual absence of nitrogen in the gas turbine
combustion chamber. Here, nitrogen is abundantly present and fuel
dilution by inert agents is advisable, even if not strictly necessary.
Water saturation is a very effective method, not really affecting the
efficiency, because of the correct thermodynamics of the process.
On the contrary, the use of nitrogen as an inert diluent (available
in the plant at sufficient pressure after the separation process) is not
convenient, since it reduces the carbon dioxide fraction in the
exhausts, increasing the CO, separation duty.
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Fig. 2 Plant configuration of the semiclosed cycle with air-blow combustion (scheme B)
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Fig. 3 Energy and mass balance of the carbon-dioxide physical separation process, including the compression/liquefaction train, for a cycle
pressure ratio of 15 and a thermal input of 800 MW (LHV). Gas compositions in mass percentage fraction.

Power Plant. Apart from the change of the working fluid
composition, no conceptual modifications are introduced from
scheme A, both for the gas turbine technology (adopting a TIT of
1280°C as in “F” industrial machines) and for the heat recovery
steam cycle. It can be anticipated that, in the present case, the
composition of the fluid evolving within the semiclosed cycle is
much more similar to the one of open cycle gas turbines: as we will
discuss later, this allows for minimal modifications to the engine
with respect to market-available units,

2.2 Carbon Dioxide Separation. The major differences be-
tween scheme A and-B are concentrated in the treatment of the
stream retrieved from the gas turbine. For scheme A a simple
mechanical compression process was sufficient to make CO, avail-
able at the liquid state and at a pressure necessary for disposal
without further energy expenses (here stipulated as 80 bar). For
scheme B, the situation is much more complicated, since carbon
dioxide must be separated from nitrogen-diluted exhausts.

CO, separation from gaseous mixtures can be carried out by
means of different processes: among them, the most common ones
are chemical and physical absorption (Kohl and Riesenfeld, 1985).
In the first process capture of CO, is mainly due to chemical bonds
created in the adsorber between CO, and solvent (usually aqueous
solutions of ethanol-ammines). CO, is then stripped from solvent
by breaking the chemical bonds and, since this operation is endo-
thermic, large amounts of thermal energy are required for its
accomplishment. On the contrary physical absorption relies upon
the selective solubility of gases into a solvent and upon its varia-
tion with pressure: CO, is absorbed in the solvent at high pressure
within a counter-current packed tower and then released by reduc-
ing the pressure of the CO,-rich solvent stream. In this case, since
CO, is removed from a mixture largely diluted with N,, the solvent
has to present a much larger solubility for the former substance
compared to the latter one. The Selexol solvent, commercialized
by Union Carbide, results very suitable for the purpose since, for
the same partial pressure and temperature, about 0.01 mols of N,
are captured for each mol of CO, (Bucklin and Schendel, 1984).

The theoretical energy requirement is relatively low (power for
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pumping the solvent stream and for recompression of the separated
gas), compared to the large low temperature heat requirement of
chemical absorption processes. This does not imply any evaluation
of chemical versus physical absorption, being the thermodynamic
value of power and heat very different: chemical absorption can be
the subject of future works.

Figure 3 shows the complete plant arrangement of the physical
separation section (quoted values refer to the “reference” case
described later). The operating pressure of the absorption tower
depends on pressure selected for the last flash drum and on CO,
concentration in the exhausted gaseous stream (i.e., CO, removal
efficiency). In fact the former parameter brings about the purity of
the solvent introduced at the top of the column; according to this
purity, a minimum pressure can be determined to achieve the
required CO, absorption, corresponding to an infinite tower height.
In the scheme of Fig. 3, the last flash drum pressure has been
assumed as 1.05 bar to operate the whole system above the
atmospheric pressure. To achieve a 90 percent removal efficiency,
0.237 kmols of CO, per kmol of diluting gas must be captured.
According with the solubility curves of CO, within Selexol (Buck-
lin and Schendel, 1984), a minimum operating pressure of 41 bar
is needed. To obtain a reasonable driving force for mass transfer,
absorption pressure was increased to 50 bar (see also Chiesa and
Consonni, 1999, appendix A).

To achieve this pressure, a compressor processes the stream
vented from the cycle at near-ambient pressure. The compression
is partly intercooled, to limit the high pressure stage temperature
within 400°C (similarly to gas turbine compressors). The pressur-
ized stream is therefore cooled to near-ambient temperature, by a
recuperative heat exchanger, and ducted to the absorption column.
Within the column, CO, is captured by Selexol. The nitrogen-rich,
CO,-free stream, exiting the absorption column at high pressure
(50 bar), must be heated and expanded, to recover its pressure
content improving the energy balance. Heating is necessary to (i)
keep the stream temperature above ambient at the expander cold
end, to avoid freezing problems, and (ii) provide an enthalpy drop
as high as possible, to drive the compressor. Heat is largely
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available from cooling of the compressed stream before absorption
(in fact, hot feedwater is produced in the heat exchanger to achieve
a complete heat recovery), but at a temperature not sufficient for
those duties. Therefore, following the recuperative heat transfer, an
additional heating is required. The only available heat sources are
the convective syngas cooler and, to a lesser degree, the HRSG.
We will discuss this issue later (section 3.2): Fig. 3 shows the
“reference” solution in which a double expansion with reheat was
adopted (unfortunately increasing the plant complexity) with heat
extracted from the syngas cooler at a maximum temperature of
600°C. Turbines and intercooled compressor are arranged on the
same shaft; an electric motor provides the extra power needed to
balance this shaft.

On the Selexol side, Fig. 3 shows that the rich solution, after
absorption of CO,, is flashed within sequential chambers, were
CO, is gradually released as pressure decreases, in order to reduce
the power required for re-compression of the separated CO,. From
the last flash chamber, at near-atmospheric pressure, lean Selexol
is pumped back to the absorber. The pump consumption is rather
large (2.7 percent of the net total output), due to huge flow of
Selexol (1426 kg/s); an hydraulic expander improves the energy
balance, making use of the pressure drop between the absorption
column and the first flash chamber. Carbon dioxide, released at
various pressures, is re-compressed to the pressure of the first
chamber and then ducted to a compression-liquefaction train sim-
ilar to the one described in 3.4 (part A). Its power requirement is
substantially reduced because (i) CO, is already pressurized (6
bar), and (ii) CO, is almost pure, because nitrogen, oxygen, and
argon solubilities within Selexol are negligible compared to the
one of CQO,.

3 Overall Plant Performance

3.1 Influence of the Cycle Pressure Ratio. The results of
the cycle calculations are shown in Fig. 4, reporting the efficiency
versus pressure ratio () of the present scheme (B, air-blown) and
of the ones addressed in part A (i.e., scheme A, oxygen-blown, and
the reference IGCC not including any CO, removal strategy). In
the figure, two efficiency curves are shown for plant schemes A
and B: the upper dotted curves do not consider the power expenses

Journal of Engineering for Gas Turbines and Power

for compression-liquefaction of carbon dioxide, the lower curves
represent the overall net plant efficiency. Two basic considerations
can be drawn:

(1) The optimum pressure ratio range is very similar between
IGCC and scheme B, and substantially different from scheme
A. In fact, the working fluid composition and molecular mass
of the air-blown cycle are rather similar to the ones of an
open cycle, due to the large nitrogen concentration (Fig. 5).
The best performance of scheme B is obtained at 8 =
versus a optimum f3 of 18 for IGCC, while a 3 as large as 42
was required to optimize the efficiency of scheme A. For the
former two plants the use of a lower pressure ratio of 15
(often found in large commercial heavy-duties) does not
impair the plant efficiency in a significant way. This repre-
sents an important confirmation about the possibility of using
these machines with a limited amount of modifications.

(2) At optimum pressure ratio, the overall efficiencies of
schemes A and B are very similar (about 39 percent) and,
thus, substantially lower from the IGCC one. However, rea-
sons justifying the loss of efficiency are rather different from
the ones outlined in part A. The gap between the continuous
and the dotted lines represents the power consumption due to
the need of providing pressurized CO, at the plant bound-
aries, rather than at atmospheric pressure. In scheme B, it
includes the power requirement of the various CO, compres-
sors represented in Fig. 3: the multiple flash chambers (to-
gether with the absence of incondensables) reduce their duty
with respect to the unique compressor of scheme A. The
major drawback of the present cycle is due to the necessity of
compressing the exhaust stream up to the required absorption
pressure of 50 bar. Even if a recovery of the pressure content
of the separated gas is carried out, those processes (compres-
sion, expansion, heat transfer) are highly irreversible. Being
the mass flow involved almost one half of the one of the
power cycle, the associated exergy destruction is largely
relevant to the whole energy balance. In fact, an additional
power of 11 MW is needed to drive the turbo-compressor,
and, mostly, a large amount of high temperature heat (82.8
MW) is subtracted from the syngas cooler, which in turn
produces less steam, reducing the steam turbine power out-
put. Those effects are mostly independent on the pressure
ratio, because the separation process, at equal carbon input to
the plant, involves the same CO, mass flow to be processed.
We will therefore provide some more detail by addressing the
reference scheme at 8 = 15.

3.2 Discussion of the “Reference” Scheme. In this section
we will focus our discussion on the “reference” case with a
pressure ratio of 15, selected to maintain the same value of the
IGCC case. Its main characteristics are shown in Fig. 5. together
with information provided by Fig. 3 and Table 1, a rather complete
plant balance can be drawn. We can comment that

— about 45 percent of the gas turbine exhausts are ducted to
the separation plant (the CO, fraction is 20 percent by
volume—28 percent by mass): the size and cost of the
turbo-compressor shown in Fig. 3, compared to the main
gas turbine, is therefore of high relevance

— to better understand the above point let’s say that (i) the
compressor power is 141.8 MW (versus 222.5 of the one of
the main engine), (ii) the reheat turbine power is 131.1
MW, and (iii) the thermal power coming from the syngas
cooler is 82,8 MW, as already stated

To confirm the impact of this process on the power balance, let us
consider the content of Table 1. Together with figures for open-
cycle IGCC and “reference” scheme B, it addresses (last column)
a semiclosed cycle at B = 15, similar to the one here discussed but
deprived of the CO, removal section (therefore, producing full
steam from the syngas cooler and directly venting to the ambient
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Fig. 5 Energy and mass balance of the power cycle and air separation components of the air-blown

semiclosed cycle (scheme B) at a pressure ratio of 15

the stream extracted from the gas cycle). It can be noticed that the
efficiency of this latter cycle is very close to the one of the IGCC.
In fact, the differences on a thermodynamic point of view are
rather limited: an higher turbine exit temperature (636°C versus
609°C, due to higher fluid molecular mass) provides a lower gas
turbine output, recovered by the steam cycle; on the compressor
side of the gas turbine, differences are negligible because the
working fluid is largely diluted with air. Comparing this cycle to
the one with CO, removal, a loss of steam turbine output of 33
MW, due to the vent stream heating, is clearly shown: together
with the power consumption of the various devices reported in Fig.
3 (totaling 36.5 MW), the loss of overall efficiency (7 percentage
points) is fully justified. The figures discussed up to now are based
on a preheating of the vent stream up to 600°C by means of heat
recovered from the convective syngas cooler. This temperature
level was assumed in order to limit the thermal stresses in the heat

Table 1 Electric power balance of the various plant components for the
open-cycle IGCC, the reference air-blown semiclosed cycle (scheme B)
and a semiclosed air-blown cycle not including the CO, removal section.
Thermal input of 900 MW by coal LHV for all cycles.

Type of cycle (B=15) | Open Semiclosed
CO2 removal
Electric power, MW IGCC | yes no
Gas turbine gross output 247.8 | 236.8 | 236.8
Steam turbine gross output 209.5 | 187.8 | 220.7
Syngas expander 114 | 114 11.4
ASU air/oxygen compressors -40.6 | -40.6 | -40.6
Auxiliaries _ -15.2 | -13.6 | -14.9
Exhausts compressor/expander - -10.9 -
Selexol pump/expander - 5.4 -
CO, compression/liquefaction - -18.2 -
Net power output 4129 | 3473 | 4134
Net LHYV efficiency, % 45.88 | 38.59 | 45.93
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exchanger to values comparable to the ones of reheaters in steam
boilers. Being this assumption relevant to the cycle performance
and being rather questionable (no references can be found rela-
tively to the demanding environment of a syngas cooler), a sensi-
tivity analysis was performed, whose results are shown in Table 2.
By decreasing this temperature a rather relevant loss of efficiency
is found, because of the higher power consumption of the electric
motor driving the turbo-expander (partly balanced by the lower
thermal power retrieved by the syngas cooler). The last row shows
the temperature at which the vent stream should be heated to
balance the turbo-expander (789°C): it is not realistically achiev-
able by available metallic materials for heat exchangers.

Alternatively, preheating of the vent stream can make use of
heat recovered by the HRSG (by using a clean gas stream at a
moderate temperature) rather than by the syngas cooler (with
higher erosion-corrosion and high-temperature stresses). In this
case, larger heat transfer surfaces would be needed, due to the
much lower temperature difference, complicating the HRSG de-
sign (parallel tube bundles for the vent stream heater and the steam
superheater and reheater). However, at equal maximum tempera-
ture, the heat source (HRSG or syngas cooler) does not influence
the thermodynamic performance, because in both cases the heat
subtracted by vent stream heating would have been used to gen-
erate the same amount of HP steam.

Table 2 Influence of the vent stream temperature after heating in the
syngas cooler (T,;) for a semiclosed air-blown cycle with g = 15. Legend:
7 = overall LHV efficiency, P,,, = power of the electric motor driving the
turbo-expander, Q,. = thermal power retrieved from the syngas cooler,
Pm = optimized reheat pressure of the vent stream, T, = stack temper-
ature. Results of the first three lines also apply to the case of heating in
the HRSG.

Qg » MW

Ty, °C| M>% [P, MW P s bar|Ty, °C
400 | 37.66 | 36.4 46.7 15 | 61.6
500 | 38.17 | 24.7 61.6 2 | 73
600 | 3859 | 109 82.8 25 | 1134
789 | 39.04 | 0.0 97.2 - 130.8
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3.3 Influence of the Cycle Pressurization. Up to now, the
minimum cycle pressure was kept close to the atmosphere, mainly
for compatibility with open-cyclé machines. In closed cycles this
pressure can be freely selected. In semiclosed cycles, like the ones
here considered (including part A), the influence of pressurization
can be discussed by separating its effects on auxiliaries consump-
tion and on cycle thermodynamics.

In scheme A (oxygen-blown), pressurizing the cycle obviously
brings about a pressure increase at the O, compressor outlet, needing
more power compared to the atmospheric option. In case that the
available syngas pressure is not enough to inject the fuel in the
combustor, an additional compressor (rather than an expander) is
required and its electric consumption has to be considered. With a
syngas pressure of 51 bar (before the syngas expander), cycle pres-
surization at 2 + 3 bar necessarily requires this component for
pressure ratios maximizing the efficiency. Similar considerations hold
for cycle B where pressurization requires a large compressor to
introduce fresh air into the cycle. In change of this additional work,
the stream ducted to CO, absorption process is available at higher
pressure decreasing the compression power requirements.

Nevertheless a restricted analysis, only considering the variation
in consumption of the auxiliaries, leads to erroneous results be-
cause pressurization also has a significant influence upon the
power cycle. As a first point, the turbomachines efficiency is
influenced by “size,” according to our correlations. Pressurization
reduces the volumetric flow and negatively influences the effi-
ciency. For large machines, this effect is rather limited (for in-
stance, the compressor polytropic efficiency decreases of about 0.5
points at a minimum cycle pressure of 3 bar), but it is not
negligible. In addition, pressurization has a great importance on
the factors which control heat transfer in the hottest rows of the
turbine. On the one side, increasing the operating pressure reduces
volume flow and hence surfaces to be cooled. On the other side it
increases the heat transfer coefficients on both sides of the cooling
channels and hence the heat flux through the blade walls. It brings
about an increase in the temperature drop due to conduction along
the wall thickness which reduces the temperature rise available to
the coolant in the inner blade channels. Therefore, larger coolant
flows are required to remove the same thermal load. All these
effects are taken into account by the cooling model here adopted,
described by Consonni (1992).

Figure 6 depicts the overall effects of pressurization on the plant
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efficiency. In scheme A, at low pressure ratio where blade cooling
is less demanding due to a lower coolant temperature, pressuriza-
tion is beneficial to performance. On the contrary, pressurization
becomes noxious at higher B, where cycle efficiency approaches
its peak. The critical condition reached by the cooling system is
attested by the curves’ breaks which occur for pressure ratio lower
and lower as pressurization increases, thus impairing the achieve-
ment of the best efficiency. Curves referred to scheme B follow the
same trend, but the cooling system results critical even at low S:
in fact, compressor outlet (i.e., coolant) temperatures are higher
than for scheme A, due to the lower molecular mass of the working
fluid (see Fig. 5 of Part A, keeping into account that compressor
outlet temperatures of scheme B are very similar to the ones of
IGCC). Hence, pressurization penalizes efficiency of scheme B in
the whole pressure ratio range reported in Fig, 6.

Apart from efficiency, pressurization could give some benefits
in the practice. It reduces the size of gas cycle turbomachinery and
enhances heat transfer in the recovery steam generator. In scheme
A, requiring some changes in gas turbine design, a moderate
pressurization could allow some advantage on the economic view-
point. With regard to scheme B, pressurization does not have the
same appeal since it introduces a supplementary air compressor
and modifies the gas turbine operating conditions, conflicting with
the rationale supporting this configuration: the adoption of an
unchanged current engine.

4 Turbomachinery Design and Development

In the previous discussion, we often stated that the present
configuration (with air-blown combustion) may result attractive if
it makes feasible the adoption of unmodified gas turbines, with
respect to the one available in the market. Now, this statement can
be confirmed by looking at Table 3, in which some relevant
turbomachinery specifications are compared for the IGCC machine
and for a semi-closed cycle having (i) the same compressor inlet
volume flow, and (ii) the same turbine nozzle throat area. The first
assumption brings about a thermal input of 917 MW rather than
900, the second one can be accomplished by selecting a pressure
ratio of 14.8 rather than 15, with negligible consequences on the
plant efficiency. These conditions were stipulated to verify if the
same gas turbine unit can operate safely under the new conditions
imposed by the change of the working fluid, without any need of
blade design or blade height modification. The results shown in
Table 3 indicate that (i) the volume flow rate at the last compressor
stage is less than 1 percent lower than the one of the IGCC
machine, eliminating any risk of stall-surge at HP stages, (ii) the
compressor work variation is minimal, (iii) variations on the tur-
bine side are very limited and cannot influence its performance,
and (iv) improvements in cooling flows are minimal. Considering

Table 3 Specifications involved in turbomachinery design, for an IGCC
and a semiclosed alr-blown cycle characterized by the same compressor
inlet volume flow and turbine nozzle area

Common design parameters Open | Semi-
Inlet volume flow = 507.9 m’/s IGCC, | closed,
First nozzle throat area = 0.4433 m® p=15 |p=14.8
Thermal input by coal LHV, MW 900 917
Gas turbine gross output, MW, 247.8 | 243.0

Gas turbine compressor

Inlet mass flow, kg/s 613.6 | 612.5
Inlet / outlet volume flow ratio 7.262 | 7.221
Isentropic enthalpy rise, kl/kg 3379 | 3294
IGas turbine
Outlet volume flow, m*/s 1633.9 | 1645.5
Outlet / inlet volume flow ratio 9.165 | 9.495
Isentropic enthalpy drop
(cooled expansion), kI/kg 1062 1046
First nozzle cooling flow / gas flow (vol.) | 0.0256 | 0.0260
First rotor cooling flow / gas flow (vol.) | 0.0243 | 0.0249
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that problems cannot be expected on the mechanical standpoint,
due to a slightly reduced power output, it can be concluded,
beyond any reasonable doubt, that the very same machine of open
cycles can be used with the moderately CO, enriched fluid here
addressed. Regarding other turbomachines included in the cycle,
the ASU compressors are unchanged with respect to the IGCC,
while the duty of the CO, liquefaction compressor is much reduced
if compared to the one of scheme A (14.6 versus 32.9 MW, with
an inlet volume flow of 6.82 versus 52.34 m*/s). The real drawback
of scheme B comes from the machines involved in the exhaust

- treatment and separation, especially as far as the main exhausts
turbo-expander, pressurizing the absorption process, is concerned.
This machine is about one-half the size of the main gas turbine,
with an higher loading (larger stage number), intercoolers and
reheat. It is a novel machine, resembling the characteristics of
large process units. Its impact on the plant cost may represent a
serious obstacle to the development of this class of plants. In
addition, a polytropic efficiency lower than here estimated (on the
basis of the same correlations used for gas turbine components)
may seriously affect the cycle performance.

Other components to be considered are the absorption column,
the flash chambers, the heat exchangers (the recuperative one
shown in Fig. 3 and the gas heaters placed inside the convective
syngas cooler), the Selexol turbo-pump and the minor CO, com-
pressors connecting the flash chambers: they represent large pieces
of additional equipment. The impact on the overall investment cost
of the separation plant can therefore result prohibitive. A reliable
cost prediction cannot be drawn at present, but a very rough
estimation, based on limited data available to the authors, suggests
a rise of 5055 percent with respect to the already elevated plant
costs of an IGCC having the same gasification capacity. It is
authors’ opinion that the proposal described in part A (oxygen
blown) can be realized with lower. costs (about 35 percent rise),
assuming that the gas turbine development costs are scattered on a
reasonable number of machines, to limit the cost rise of this
component to a 30 percent. Considering the lower net output of
these plants versus an IGCC (about 18 percent less), the estimated
specific cost rise is substantially higher (in the range of 60 percent
for scheme A and of 80 percent for scheme B, according to a very
preliminary evaluation).

6 Final Comparisons and Conclusions

Figure 7 shows the efficiency decay of various plant types as a
function of the specific CO, emission, for (i) the two schemes here
discussed (including part A), (i) the most efficient solution studied
by Chiesa and Consonni (1999), based on syngas catalytic shift
reaction, physical absorption of CO, and hydrogen-fueled gas
turbine, (iii} a mix of conventional IGCC with a semiclosed CQO,
cycle (reference scheme A). The points representative of an IGCC,
a coal-fired steam plant and a natural gas combined cycle are also
reported. The figure shows that some improvements in the plant
conversion efficiency can be achieved by reducing the CO, re-
moval rate. For scheme A the final CO, pressure determines the
amount of CO, condensed and therefore removed (see pressures
quoted in Fig. 7). A pressure reduction brings about a very limited
power saving, clearly demonstrating that such a scheme makes
sense only if a very high removal rate is achieved. For scheme B,
the efficiency of the CO, separation depends on the pressure drop
between the absorber and the last flash chamber (see again pres-
sures in Fig. 7): by operating the physical absorption at a lower
pressure some efficiency gain may be obtained, but at a rather slow
rate. The proposal from Chiesa and Consonni, being calculated
under the same assumptions used in this paper and then fully
comparable, shows about the same efficiency of our schemes at
high removal rates (90 percent or higher) but achieves a substan-
tially better efficiency at medium removal rate (50-70 percent),
due to a lower consumption of high pressure steam needed by the
shift reaction. At this intermediate rates, their performance is
slightly better than the one achieved by a mix of IGCC + scheme
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Fig. 7 Specific carbon dioxide emissions versus efficiency of various
plant types. The numbers quoted for scheme A represent the final CO;
delivery pressure (bar); for scheme B, they represent the pressure of the
absorption column and of the last flash chamber.

A, with the additional advantage of the use of unmodified gas
turbines and the disadvantage of unmodified NO, emission (re-
member that scheme A is virtually NO, free). A curve very similar
to the one “IGCC -+ scheme A” can be also obtained by scheme B
alone, if only a part of the stream exiting the power cycle is
submitted to CO, separation (with the remainder vented to the

-atmosphere), due to the fact that IGCC and scheme B, without

separation process, show the same net efficiency (see Table 1).

The selection of the best strategy of CO, removal, keeping into
account its progressive penetration into the market, is beyond the
scope of the paper and would anticipate the necessary research and
development studies. In fact, the discussion here developed outlines
the negative impact of CO, removal on the conversion efficiency and
on the plant complexity, compared to the already high capital-
intensive and complicated IGCC stations, but demonstrates that a
drastic abatement of CO, emissions is within today’s technological
capabilities. A realistic economic study cannot be drawn at present,
due to the difficulties of estimating the investment costs when novel
components are introduced. In addition, any cost estimation should
take into account the avoided costs of “externalities,” i.e., the social
cost connected to pollutant emission (mainly CO, and NO,). Never-
theless, we believe that the present analysis can be useful to provide
the necessary basic information to develop such estimations and to
assess the possibility of success of emission-free fossil-fueled power
plants in a competitive energy market constrained by increasingly
stringent global emission regulations.
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Off-Design Performance of
Various Gas-Turbine Cycle and
Shaft Configurations

The design-point performance of various gas turbine cycles such as simple, regenerative,
and intercooled-regenerative, is well understood. It is also understood that more elabo-
rate shaft arrangements such as one, two, or three concentric or nonconcentric shafts, and
a separate power turbine shaft, provide better starting and operational flexibility, and
wider plateaus of high off-design performance. However, the types of different off-design
performance one can obtain with these different shaft arrangements has not been previ-
ously reported. In this paper we use a computer program to investigate the design-point
and off-design-point performance of engines with the following: one single shaft joining
the compressor, turbine and load; one shaft joining compressor and turbine, and one shaft
Sfor the power turbine; two shafts for compressor and turbine, and one shaft for the power
turbine; and three shafts joining the compressor and turbine, and one shaft for the power
turbine. This is done by specifying typical compressor and turbine maps, and computing
various aspects of off-design performance. The advantages and disadvantages of the
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various arrangements are investigated and discussed.

Introduction

Two important parameters in thermodynamic cycles for shaft-
power engines are thermal efficiency and specific power. Thermal
efficiency is defined as

W W 1
=G~ m LHVE " M

The best simple-cycle thermal efficiencies are just over 0.4, Re-
generative and intercooled-regenerative cycles of low pressure
ratios can attain thermal efficiencies between 0.5 and 0.6. Specific
power W', a nondimensional measure of the power density of the
cycle, is defined as

%

W' = A
maCpTy

2
where T, = T,, is the minimum cycle temperature -(at engine
inlet, see Fig. 1). Cycle-performance maps indicate that substan-
tially different thermodynamic-cycle parameter choices should be
made for engines intended for different applications.

All shaft-power engines are designed considering very few
points of operation, usually one point, called the design point.
However, when these engines are coupled to different prime mov-
ers the engine needs to operate efficiently at several off-design

points. Usually the power (or torque) versus speed operating map .

of the engine, occasionally with 7, contours superimposed, is
called the engine performance map (with specific fuel consump-
tion contours it is called the fuel map). Some performance (fuel)
maps over limited regions of engine operation can be obtained
from engine companies, but the limits of off-design performance
are not readily available. As gas-turbine engines find ever wider
applications (e.g., automotive, marine, space, etc.), we need a
better understanding of the off-design performance expected from
various thermodynamic cycles and shaft arrangements.
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Computer programs using component maps to predict the off-
design performance of gas turbine engines have been publishied, for
example, by Koenig and Fishbach (1972), Seldner et al. (1972),
Shapiro and Caddy (1974) (whose program is called NEPCOMP and
is used in this paper) and others. Dynamic simulations have also been
modeled by various methods, for example Szuch (1974), Schobeiri
and Haselbacher (1985), Korakianitis, Vlachopoulos and Zou (1994)
and others. These programs have been used for individual engines of
interest, for example Korakianitis and Beier (1994) used NEPCOMP
to predict the off-design performance of two specific 1.12 MW
regenerative marine gas turbines. However, the off-design perfor-
mance of simple, regenerative, and intercooled-regenerative gas tur-
bines using various shaft configurations has not been reported.

The purpose of this paper is to use component-performance
maps typical of those used in production engines to study the
performance of several thermodynamic-cycle and shaft configura-
tions.

Approach

The thermodynamic cycles considered in this paper are the
simple compressor-burner-expander (CBE) cycle, the regenerative
cycle (CBEX, where the additional X denotes the heat exchanger)
and the intercooled-regenerative cycle (CICBEX, where the addi-
tional I denotes the intercooler between two compressors). The
types of shaft arrangements considered are the following: The
single-shaft engine, 1S, which denotes one shaft connects the
compressor, turbine, and load. The 1GPT arrangement, which
denotes one shaft connects the gas-generator compressor and tur-
bine (1G), and the power turbine and load are on a separate shaft
(PT). The 2GPT and 3GPT arrangements, which denote that the
cycle has a gas-generator arrangement with two and three concen-
tric or nonconcentric shafts, respectively, and a power turbine
connected to the load. In cases with multiple gas-generator spools
we have the low, intermediate and high-pressure spools (ip, ip,
and hp respectively). In principle any shaft arrangement could be
used with any cycle, but as will be shown below for some ther-
modynamic cycles some arrangements make better sense than
others. Figure 1 illustrates some of the component arrangements
and thermodynamic points around the cycles for three typical
engines (more types of engines and shaft arrangements than those
shown in Fig. 1 have been investigated in the paper). CBE-1S is a’
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Fig. 1 Representative gas-turbine cycle and shaft arrangements. Top:
CBE-1S. Middle: CBE-3GPT. Bottom: CICBEX-2GPT. Concentric shafts
are shown in the figure, but the analysis is also valid for nonconcentric
shafts.

single-shaft CBE engine, with the compressor, turbine and load on
the same shaft. CBE-3GPT is a CBE engine with high, interme-
diate and low pressure compressors and turbines on concentric (or
nonconcentric) shafts, and a separate shaft for the power turbine
that drives the load. CICBEX-2GPT is a CICBEX engine with
high and low-pressure compressors and turbines on concentric (or
nonconcentric) shafts, and a separate shaft for the power turbine
that drives the load.

We made several initial choices for the cycles. Then the “opti-
mum” pressure ratio for each cycle was evaluated from cycle
parameter plots. Then representative component maps and NEP-
COMP were used to evaluate the design-point and off-design
performance of each cycle and shaft configuration.

Design-Point Performance

Many authors have illustrated that thermodynamic-cycle-
parameter choices have a big effect on the thermal efficiency and
specific power of gas-turbine cycles (e.g., Korakianitis and Wil-
son, 1994; Wilson and Korakianitis, 1998). Compressor and tur-
bine design-point efficiencies decrease as the pressure ratio in-

Nomenclature

0'6 ...... ‘ ...... R ‘ ...... R ..... CICBEX P

o8l o mE2

0.24- - - ....... ,,,,,, ....... e LR T .

o1l S Lo

0.50 0.75 1.00 1.25 1.50 175 2.00

Fig. 2 Thermal efficiency », versus specific power W’ as a function of
compressor pressure ratio r; and for 7' = 5.9. Each point corresponds to
the design-point performance of a different engine. Other inputs are
described in the text

creases. Regenerative and intercooled-regenerative cycles have
more flow passages and therefore higher pressure drops than
simple cycles. The effect of turbine-rotor-inlet temperature, or of
T =T,J/T,, = Tu/T, is dominant on cycle performance (7,
and T,, are the maximum and minimum temperatures of the
working fluid, and Ty, and T, are shown in Fig. 1). In modern
gas-turbine engines the turbine-rotor inlet temperature is between
1500 K and 1800 K. With ambient temperatures of about 288 K,
5.2 < T' < 6.2. In regenerative gas turbines the regenerator
effectiveness also has a pronounced effect on performance. Given
these inputs, the optimum pressure ratios for maximum power and
maximum thermal efficiency are different for CBE, CBEX, and
CICBEX cycles. In order to make choices for the design-point
performance of the cycles under consideration, we obtained the
cycle-performance map shown in Fig. 2,

The computer programs presented by Korakianitis and Wilson
(1994) were used to obtain Fig. 2, with the following inputs: the
compressor and turbine stagnation-to-stagnation polytropic effi-
ciencies are a function of pressure ratio, starting from 0.93 at a
pressure ratio of 1, and reducing to about 0.85 at a pressure ratio
of about 60. Ty, = 288 K, and T = 5.9, or turbine rotor inlet
temperature is To, = 1700 K. It was assumed that the blading
material temperature is limited to 1300 K, and transpiration/
impingement cooling was used, so that the resultant cooling mass-
flow rate for the first turbine rotor and cooled blade rows further

1S = one shaft (compressor, tur-
bine and load)
1GPT = one-shaft gas-generator and
power turbine
2GPT = two-shaft gas-generator and
power turbine
3GPT = three-shaft gas-generator and point
power turbine p = pressure

fuel

point

LHVF = lower heating value of the

m, m = mass, mass-flow rate
N = percent of speed at design

N = percent of speed at design

Subscripts
A = air
¢ = compressor
dp = design point
ex = engine exhaust

F = fuel
G = gas-generator
hp, ip, Ip = high, intermediate, low

CBE = simple cycle r = pressure ratio
CBEX = regenerative cycle T, T' = temperature, temperature ratio , pressure shaft
CICBEX = intercooled-regenerative w, W, = engine inlet
cycle W' = work, power, specific power mn = minimum
C, = isobaric specific heat capac- M. = thermal efficiency Mmx = maximum
ity Q) = thermodynamic availability pt = power turbine
(exergy) ¢ = turbine
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Fig. 3 Typical performance maps. Left: compressor map. Middle: turbine map. Right: pressure drop as a function of mass-flow rate, nondimen-

slonalized with their values at design-point engine operation.

downstream is between 2 percent and 6 percent of the core flow.
Pressure drops were 4 percent in the CBE cycle, 12 percent in the
CBEX cycle, and 15 percent in the CICBEX cycle (increasing with
the number of ducts). The heat exchanger effectiveness in the
CBEX and CICBEX cycles was 0.95, and the intercooler effec-
tiveness in the CICBEX cycle was 0.90. These choices were made
as good compromises between larger components and high ther-
mal efficiency for each cycle. Each cycle-performance point
shown in Fig. 2 corresponds to a different engine. The optimum
pressure ratio for thermal efficiency is different from the optimum
pressure ratio for maximum power, and it is different for each
cycle. The choice of cycle pressure ratio for each cycle is a
compromise between thermal efficiency and specific power.
Based on Fig. 2 we chose design-point pressure ratios r, of 25
for the CBE cycle, 6 for the CBEX cycle, and 10 for the CICBEX
cycle. These pressure ratios make some shaft arrangements more
desirable than others. The CBE cycle can use one high pressure
ratio compressor in the CBE-1S and CBE-1GPT configuration.
Alternatively, it can use two or three concentric or nonconcentric
compressors of r, =~ 5 in the CBE-2GPT and r, = 2.9 in the
CBE-3GPT arrangement. For the CBEX cycle (which is not shown
in Fig. 1) the engine was restricted to CBEX-1S and CBEX-1GPT
cycle because the pressure ratio of 6 is already low. For the
CICBEX cycle we chose the single-shaft CICBEX-1S and
CICBEX-1GPT with r. = 10, and the CICBEX-2GPT engine
with two compressors of r, =~ 3.2 each, which allows for inter-
cooling between the high and low pressure gas-generator shafts.

.Off-Design Performance

The design-point and off-design performance of each cycle and
shaft configuration, and of several cycle properties of interest,
were obtained using the computer program NEPCOMP (Shapiro
and Caddy, 1974). This computer program uses the design-point
and off-design-point performance of various gas-turbine compo-
nents, which are assembled and controlied in the proper sequence
to simulate the operation of turbine engines.

The nondimensional compressor and turbine performance maps
typical of large axial components shown in Fig. 3 were used. The
isentropic stagnation-to-stagnation efficiency lines are shown solid
(NEPCOMP uses isentropic efficiencies), and the nondimensional
corrected speed lines (nondimensionalized with design-point
speed) are shown dotted. These maps are intended to provide the
performance trends in off-design operation of the components;
they do not match exactly the design-point efficiency and power of
the engine performance figures shown below with the cycle per-
formance shown in Fig. 2. Based on Fig. 3, the pressure ratio and
isentropic efficiency of each component used in each cycle and
shaft configuration were adjusted to approximately match the
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polytropic efficiencies used to produce the performance plot of
Fig. 2. The design-point pressure drops in the components of the
CBE, CBEX, and CICBEX cycles mentioned above (4 percent, 12
percent, 15 percent) were used, but at off-design operation the
pressure drops were modeled as a function of mass-flow rate as
shown in Fig. 3 (shown nondimensionalized with the pressure drop
and mass-flow rate at design point). We assumed that the laminar
flow in the heat exchanger passages results in linear variation of
pressure drop with mass-flow rate, and the turbulent flow in the
combustor and ducts results in a square-law variation of pressure
drop with mass-flow rate.

The performance of each engine is shown as contours of thermal
efficiency 1y, T' = To/ Ty, (it shows how hot the engine needs to
run at each operating point), T,./T,, (it is a measure of the exergy
wasted at engine exhaust), percent of compressor and turbine
pressure ratio as a fraction of the pressure ratio of the component
at design-point operation, gas-generator shaft speeds etc. A suffi-
cient number of these figures to illustrate engine performance are
shown in this paper. Each performance figure indicates the cycle
and shaft combination to which it corresponds, and the perfor-
mance parameter being plotted. Performance figures for several
individual engines we studied have been reported by Svensson
(1998).

Figs. 4 and 5 show representative performance plots for the CBE
engines. Figure 6 and 7 similarly show representative performance
plots for the CBEX and CICBEX engines. The design-point effi-
ciency shown on these performance maps is slightly different from
that shown in Fig. 2 because the design-point efficiency of the
components when matched in the engine operate at slightly dif-
ferent points than the inputs in NEPCOMP runs, and the inputs
used to produce Fig. 2.

Figures 8 and 9 show the direction in which engine and com-
ponent operating points are “perturbed.” Points north N, east E,
south S, and west W correspond to “compass” points on the engine
performance map. The figures are shown for CBE-IGPT and
CBE-18, but the trends are similar in all the other cycle and engine
configurations. Points A are the design point of the engine; points
B are at 100 percent engine speed and 30 percent to 40 percent
engine power; and points C are at a lower-than-design point engine
speed and power (in the 20 percent to 60 percent ranges, depending
on the engine). The figures also show the directions in which the
corresponding matched operating points move: on the compressor
performance map; on the turbine performance map; and (for the
power-turbine shaft arrangements) on the power-turbine perfor-
mance map. The magnitude of the perturbation vectors on the
component performance maps indicate the relative displacement of
the corresponding point on the component performance maps.
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Fig. 4 Typical performance maps (nth, T and T,,/T,) for the CBE-1S engine (top) and the CBE-3GPT engine (bottom)

Discussion ments the gas-generator speed is decoupled from that of the engine

As a general rule, the single shaft (1S) arrangements can only ~ Output shaft, enabling the cpmponents of the gas generator to
operate at speeds over 50 percent of design engine speed, because ~ Operate at more efficient points than the 1S arrangement, or at
in these engines the compressor speed is coupled with the speed of ~ points where the 1S arrangement can not operate. As the number
the load (see the low-speed lines on the compressor map in Fig. 3).  of gas-generator shafts increases from 1G to 2G to 3G engine
Also as a general rule, the multi-shaft engines with a separate  performance improves by small amounts, but the matching trends
power turbine can operate down to very low engine speeds at  of the components in terms of pressure ratios, temperature ratios,
reasonable power. In the gas-generator/power-turbine arrange- and speeds do not change. For example, the speed maps of the
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Fig. 5 Typical performance maps (r, r1, 115 and Ng,) for the CBE-18 and the CBE-3GPT engine
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Fig. 6 Typical performance maps (nth, and r; and r) for the CBEX-1S engine (top) and the CBEX-1GPT engine (bottom)

gas-generator shafts (Ng,,) shown for the CICBEX engine (Fig. 7)
look similar to those of the hp and ip shaft of this cycle and to
those of the CBE and CBEX cycles. Similarly, variable compres-
sor or turbine geometry blading has a beneficial but less-
pronounced effect than going from the single-shaft to the gas-
generator/power-turbine shaft arrangement. ‘

The thermal efficiency contours (Fig. 4 of the CBE-18S engine
look similar to those of the CBE-3GPT engine in the off-design
power-speed regions where both engines operate. However, the
engine with the gas-generator shafts (3GPT) operates at lower than
50 percent speed with reasonable power. Of course, operating at
low shaft speed while demanding some power would impose
different design constraints on the engine bearings. Similarly the
Tl T and T,/ T, maps of the 1S and 3GPT shaft arrangements
of the CBE cycle shown in Fig. 4 indicate similar trends at over 50
percent power and over 50 percent speed, but these trends are
different at lower speeds and/or powers. The reasons for these
differences are explained using Fig. 5.

Figure 5 shows the different trends in the compressor and
turbine operating regimes of the engines. In the 1S arrangement the
compressor and turbine pressure ratio lines are almost vertical, top
left, and top middle of the figure. The remaining four performance
plots of Fig. 5 are for the CBE-3GPT arrangement. While these

four performance plots are substantially different from the 15
arrangement, they are similar to the plots for the 1GTP and 2GTP
arrangements. Surprisingly, these trends of the CBE-cycle shaft
arrangements look similar to the corresponding trends of the
CBEX-cycle and CICBEX-cycle shaft arrangements as well. At
each power-speed operating point the overall pressure ratio across
all turbines and the pressure drops in the ducts must equal the
overall pressure ratio produced by all compressors, but the gas-
generator compressor and turbine pressure-ratio trends do not have
to be identical because the balance is affected by the pressure ratio
of the power turbine.

The off-design temperature trends (but not the exact values) for
the CBEX and CICBEX cycles are similar to those shown in Fig.
4 for the CBE cycles. The T,./T,, plots indicate that at some
off-design conditions the turbine-exhaust temperatures of the
multi-shaft arrangements may exceed their values at design point.
Unless the hot components of the engine and the regenerator are
designed to account for these maximum temperatures that occur at
off-design conditions, some of the multi-shaft engine arrangements
may not be able to operate in the top band of the highest power
regimes indicated in their performance maps.

The perturbation maps (Figs. 8 and 9) show the differences in
matching trends between the components for the 1S and multi-
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Fig. 7 Typical performance maps (nth, rynp, Na,p) for the CICBEX-2GPT engine
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Fig. 8 Perturbations of operating point on the component map as a function of perturbation of
operating points on the engine map at points A, B, and C for the CBE-1S engine

shaft configurations. Again, the differences between the CBE,
CBEX, and CICBEX cycles are surprisingly small. The differ-
ences occur between the single shaft and multi-shaft arrangements.

Figure 8 shows the CBE-1S perturbations. Points N and S do not
move significantly on the compressor and turbine maps, but points
E and W move significantly. This means that changes in engine
speed affect compressor and turbine pressure ratio more than
changes in engine power. The same observation is true for points
A, B and C; the observation is valid for different engine operating
regimes.

Pressure
ratio %

Figure 9 shows the CBE-1GPT perturbations. In general, the
resulting perturbations on the component maps are smaller than
those in the CBE-1S configuration (the scales of the figures are
different), and the trends have changed. In this case the bigger
perturbations are “north and south,” instead of “east and west,”
indicating that in this case changes in engine power affect com-
pressor and gas-generator turbine pressure ratio more than changes
in engine speed. The corresponding changes in power turbine are
bigger than those in the gas-generator turbine. This is because the
gas-generator match works to give a good operating point for
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compressor efficiency at the desired mass flow, and the power
turbine uses the remaining exergy at its inlet to produce shaft work.

As expected, the multi-shaft arrangements give wider plateaus
of engine operation than the one-shaft engine. However, three
other aspects of the results are surprising. First, increasing the
number of shafts in the gas generator has a less pronounced effect
than we expected, and the trends were very similar between the
1G, 2G, and 3G configurations. Of course the trends would have
been significantly different if one of the gas-generator shafts (i.e.,
one of the compressors) was attached to the power turbine and
load. Second, the trends were similar between the different cycles.
Of course the CBEX and CICBEX cycles have higher efficiency
than the CBE cycle. (Figures 1 and 2 indicate the 7,,/T,, figures of
the CBEX and CICBEX cycle are lower than those of the CBE
cycle; the CBEX and CICBEX cycles send fewer losses to the
environment). However, the trends in the 77, r., 7., ¥ip N,
Ng.»» and N, are very similar across cycles and within each shaft
configuration. The third surprising result is that wider power-
turbine performance maps actually deteriorate engine performance
at off design. This is not illustrated by the figures of this paper, but
was repeatedly observed in the several engine performance maps
obtained in the course of this investigation. The reason is that the
engine would try to give the desired output power and speed, but
because of the wider power-turbine performance map this would
occur at a reduced power-turbine inlet pressure and mass-flow rate.
As a result of the low cycle pressure and low mass-flow rate
through the engine, the gas generator would converge to a low-
power and low-speed point, where the performance of the gas-
generator components is very low, or they simply do not match.

Conclusions

The design point and off-design performance of simple, regen-
erative, and intercooled-regenerative gas turbines have been pre-
sented. Different shaft configurations have been examined. The
configuration in which the load, compressor and turbine are all on
one shaft gives the narrowest operating regime. Shaft arrange-
ments with a power turbine driving the load, and with gas gener-

Journal of Engineering for Gas Turbines and Power

ators with one, two or three concentric or nonconcentric shafts
have also been examined. The addition of several concentric or
nonconcentric shafts to the gas generator has a less pronounced
effect than the addition of the power turbine. The trends in the
performance figures look similar across the different cycles (the
actual numbers are different as the regenerative and intercooled-
regenerative engines are more efficient). The trends of correspond-
ing shaft configurations across thermodynamic cycles also look
similar.
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Mechanical Brush Seal Model
and Comparison With
Experimental Results

The position of the bristles within a brush seal is dictated by the pressure distribution
within the seal, which is itself influenced by the position of the bristle matrix. In order to
predict mass flows, pressure capabilities, bristle displacements, stresses, and contact

loads at the rotor interface, a technique for iterating between a CFD and a mechanical
model has been developed. The iterative technique is used to model the behavior of seals
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with an initial build clearance, where the application of pressure causes a change in the
position of the bristle matrix. Frictional effects between neighboring bristles and at the
backing ring influence the behavior of the bristles and these are accounted for within the
mechanical part of the model. Results are presented and discussed for seals of both initial

build clearance and interference. The mathematical predictions for flow, contact loads at
the rotor interface, and the nature of the bristles displacements are compared with

experimental results.

Introduction

Significant improvements in engine performance and efficiency
can be obtained by replacing labyrinth seals with brush seals (Fig.
1) in gas turbine air to air sealing applications (e.g., Hendricks et
al.,, 1994). Unlike labyrinth seals, brush seals do not require an
inherent operating clearance between the seal and rubbing surface.
Due to their compliant nature they can withstand radially outward
excursions of the rubbing surface into the seal. Furthermore, due to
an aerodynamic phenomena termed blow down (Wood and Jones,
1997) brush seals are capable of closing the clearance that would
otherwise develop after excursions of the rubbing surface away
from the seal.

The design of a brush seal is governed by two distinct objec-
tives; leakage performance and life. Modeling activities focused on
the former encompass many techniques from computational fluid
dynamic (CFD) calculations (e.g., Turner et al., 1997) to one-
dimensional porosity approaches (e.g., Chupp and Holle, 1994).
The life of a seal is influenced by the contact pressure that exists
between the bristle tips and rubbing surface. This contact pressure
is determined by the distribution and magnitude of both aerody-
namic and frictional forces in the seal, as well as the mechanical
behavior of the bristle matrix and rubbing surface to seal relative
movements. The principal challenge that is currently faced in
brush seal application is to minimize ware and consequently ex-
tend seal life. In order to achieve this, it is necessary to reduce the
effective stiffness of the seal to rotor relative movements and to
ensure that the magnitude of bristle blow down is sufficient to
cause closure of the seal after excursion but not so excessive as to
produce unacceptable ware. Since brush seals are employed in a
variety of engine applications, the optimum geometry for a given
operating condition (pressure, leakage, excursion etc.) is likely to
be unique. Given the array of design variables that influence the
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performance of the seal, the scope for employing a model that can
predict the operation of a particular geometry is considerable.

In order to predict bristle displacements and contact pressures, it
is therefore necessary to obtain estimates of the aerodynamic
forces acting on the bristles and apply these to a mechanical model.
Chew et al. (1995), developed a technique for applying the aero-
dynamic forces predicted by a CFD code to a mechanical model of
the bristle matrix. Bristle movements, stresses, and bristle tip
contact loads were predicted. Turner et al. (1997) developed the
mechanical model of Chew et al. (1995) to consider frictional
effects between the downstream bristle row and backing ring.
Treating the bristle matrix as a single entity limits the accuracy of
the mechanical model since movement is only considered between
the downstream bristle row and backing ring face. The authors
concluded that since, in clearance seals, the distribution of aero-
dynamic forces and the position of the bristle matrix were depen-
dent on each other, there was a requirement for iteration between
the CFD and mechanical parts of the model. The present study is
a continuation of that of these previous workers. An iterative
routine has been developed between the CFD and mechanical
component of the model. Frictional effects are considered between
neighbouring bristle rows as well as at the backing ring.

Model results for seals of both initial build clearance and inter-
ference are compared to experimental measurements obtained
from tests conducted on the engine seal experimental test facility
at the University of Oxford (Wood and Jones, 1997).

Numerical Modeling

Fluid Dynamics. The CFD model is described in detail in
Chew et al. (1995). For completeness brief description is given
here.

Outside the bristle pack, which is assumed to be a rectangle
region, the Reynolds-averaged Navier-Stokes equations are used
with a Prandtl mixing length model of turbulence. Uniform total
temperature of the air is assumed. The conservation equations for
mass and momentum are respectively,

V- (pou) =0 (M

puVu=V pVu+V-puVu"—Vp. @)
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Fig. 1 Schematic of build clearance brush seal

Within the bristle matrix the right hand side of the momentum
conservation equation (Eq. 2) is modified with the addition of a
anisotropic, nonlinear resistance law (Eq. 2):

F,= —Apu ~ Bplulu

3

This represents the body force acting on the bristle matrix. A and
B are the viscous and inertial resistance tensors:

pu-Vu=V-puVu+V-uVu"'~Vp+F,.

A= a,€,8n + ase€; + a.e.e;
B = bngngn + bsgsgx + bzgzgz

The resistance coefficients, a,, a,, a,, b, , b,, and b, are defined
in the principal directions, which are normal to the bristles in the
r — 0 plane (e,), aligned with the bristles in the » — 6 plane (e,),
and in the axial direction (e,) (see Fig. 1). The boundary condi-
tions are the total pressure and flow angle at inlet, static pressure
at outlet, and no-slip, no-penetration at the walls.

Mechanical Model. The mechanical model is developed from
that employed by Turner et al. (1997) which only considered
frictional effects between the downstream bristle row and backing
rng.

I%’l the bending calculation it is assumed that the bristle deflec-
tions are much smaller than the bristle length, and, therefore, axial
defiections are independent of the forces and deflections in the
orthogonal (» — ) plane. The equation underlying the model for
both axial and orthogonal plane deflections is that for the flexion of
a straight beam:

Fig. 2 The inclined prop effect

2

dcy

E]ai:

M, )
where, x is the distance along the bristles, y is the deflection
normal to the bristle, and M is the bending moment in the plane
considered. Taking x = 0 at the free end of the bristle and x = 1
at the fixed end, the following boundary conditions apply:

dy_

y'—"g;— x=1.

0 at &)

For the axial bending calculation, the forces on the bristles
include aerodynamic forces, reaction forces between contacting
bristle rows and at the backing ring. An iterative solution method
is used to obtain the reaction forces and deflections. Friction is
neglected in the axial bending calculation.

The aerodynamic forces acting on the bristles are equal, but
opposite in sign to the resistance forces for the fluid flow (F, in Eq.
3), and are obtained from bilinear interpolation of the CFD resuits.
The problem is discretised by defining a number of nodes along the
length of the bristles and approximating all the forces on the bristle
to point forces acting at the nodes. From the linear nature of the
problem it follows that the principle of superposition may be used.

For bristle bending in the orthogonal plane, in addition to the
aerodynamic forces, frictional effects between contacting bristle
rows, at the backing ring and at the shaft interface are also
considered. A mechanism termed the inclined prop effect (Fig. 2),
can, in addition to the aerodynamic forces, be responsible for

Nomenclature
A, B = viscous and inertial resistance pP. = upstream pressure 8r = radial expansion of the rotor
tensots P = inclined prop force = bristle lay angle (0 degree for ra-
a, b = viscous and inertial resistance r = radial co-ordinate dial alignment)
coefficients R = axial reaction force at the backing A = cohesion (friction) factor
¢ = normal bristle deflection at the ring edge i = viscosity
tip S, = tip force normal to bristle 0 = tangential co-ordinate
dr = build clearance S, = shaft reaction normal to surface of p = density
D = shaft diameter shaft ® = shaft rotation speed
e = unit vector t = torque . :
E = modulus of elasticity T = friction force Subscripts
F, = resistance force per unit volume ¥ = mean velocity vector e = effective
I = moment of inertial x = distance along bristle length (from j, i = bristle row j, location x = x,
{ = bristle length tip) n = direction normal to the bristles in
k = coefficient of expansion for rotor y = normal bristle deflection the r — 6 plane
M = bending moment z = axial co-ordinate s = direction aligned with the bristles
p = static pressure « = coefficient of friction between the in the r — 6 plane
p. = downstream pressure shaft and the bristle tips t = turbulent
p, = pressure ratio (p,/p,) B = axial deflection of bristle at backing z = axial direction

ring (see Fig. 2.)
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Fig. 3 Engine seal test facility

radially inward deflection of the bristles. It occurs as a conse-
quence of the reaction force at the backing ring edge, which due to
the axial bending of the bristles, has a component in the orthogonal
plane (P):

P =Rtan 8 X tan ¢,

where R is the axial reaction at the backing ring edge and 8 is the
angle between the bristle and the backing ring face (which is zero
when there is no axial deflection).

The friction forces are given by

T;; = min (MR, F; ),

where A; is the cohesion factor (or friction factor) between row j
and row j — 1 or between the rear-most row and backing ring
when j = 1. R;, is the reaction force in the axial direction. F; is
the force required to maintain the initial, relative position of bristle
row j and row j — 1 at the point i. If AR > F, static friction is
dominant, and bristle row j is fixed in position in relation to row
J — 1 at the point i, If AR < F, then sliding friction opposes the
bristle movement. The limiting cases are as follows: A is large
(e.g., A = 1), where the bristles will lock together and move as a
single entity; or A = 0 (frictionless), where the bristles move
independently without drag from adjacent rows.

For bristles in contact with the shaft a reaction force at the shaft
surface is generated. This force is obtained from the restriction on
bristle deflection. If ¢ denotes normal bristle deflection at the tip
(which will be negative for a radial closure) and the build clear-
ance is dr, then

¢ sin @ = —dr.

To satisfy this condition a point force S, acting normal to the
bristle may be required. The reaction force which is normal to the
shaft surface (S,) can be described in terms of the point force
which is normal to the bristle tip:

S, = 8,/(sin ¢ + a cos ¢),

where « is the coefficient of friction at the shaft surface. The
torque produced by the seal on the shaft is the sum over all the
bristle rows of the product of normal shaft reaction, coefficient of
friction, shaft radius, and number of bristles per row:

t= 2, aS.DI2

rows

Apparatus

Design, instrumentation calibration and operation of the engine
seal test facility is described in detail in Wood and Jones (1997).
A brief description is given here.

658 / Vol. 121, OCTOBER 1999

Table 1 Averaged geometries for apparatus and seals
Interference | clearance
seal seal
bristle bore (mm) 327 328
backing ring diameter (mm) 329 330
rotor diameter (mm) 328 327

The working section is shown in Fig. 3. Two test seals are
employed in a back to back configuration in order to minimize
axial loading of the shaft and bearing assembly. The shaft is driven
by a 100 kW air turbine. Approximate geometries for the test seals
are given in Table 1.

The parasitic aerodynamic, air turbine and bearing torques are
calibrated; this allows the torque produced by the seals to be
inferred from the observed acceleration of the rotor.

A video system is used to observe and record the behavior of the
seals. Cameras are coupled to two endoscopes which focus on a 5
cm circumference on the upstream side of the seal and a 1 cm
circumference on the downstream side. These images are dis-
played in a split screen format. A third camera is used to super-
impose speed and pressure readings onto this image.

Results

Interference Seal. Model predictions for mass flow at an
upstream pressure of 6 bar abs. are compared to experimental
results in Fig. 4. During the experiment the rotor is stationary and
the pressure ratio across the seal is increased by manual operation
of a downstream valve. Two sets of results, marked higher and
lower resistance, are shown for the model. The “higher” set of
results represents a seal in which the bristles are more closely
packed. The resistance coefficients for the two cases are

higher: a, = a, = 60a, = 7.44 X 10" m™?,

b,=b,=28%10°m™", b, =0

a,=60a,=5317x 10" m™2,

k4

&
i

b,=b,=1.998 X 10°m™", b,=0

2z

The use of the lower resistance coefficients, predicts mass flows
that are in agreement with the experiment data at pressure ratios
below approximately 1.2 and over estimate mass flow by up to 20
percent at greater pressure ratios. The model results with higher
resistance coefficients are in good agreement with the experimen-
tal data at the greater pressure ratios. The results indicate that

0.05 T Interference Seal (Puyp=6bar)
0.04 + 7
3
& 003 T
2
“ L
2 0.021
g
A experiments
001 —— higher resistance
— = lower resistance
0 y o + + + J
0 1 2 3 4 5 [

Pressure Ratio

Fig. 4 Mass flow versus pressure ratio across seal

Transactions of the ASME

Downloaded 02 Jun 2010 to 171.66.16.118. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



static pressure (kPa)
1 T - T — . .
[
0.9 : seal i E
0.8} : backing ring X
8 |
'§ 0.7 I 1
[ [
Hoer 1 |600 i
-] |
4 !
Té 0.5) | ﬂ
2 ]
Z2041 | E
g !
To3f ! 4
2 | 75
0.2t ) 5 R
1
0.1+ {‘ 4
. . ; . 0
-1 ~0.5 0 0.5 1 1.5 2
Nondimensional Axial Position
axial velocity (m/s)
T T T T T —
i
1
|
025} . ]
o 1
2 !
B o2t | seal backing ring 1
= '
2 1
Z01s ! .
0 r l
a 1
g !
g 01 r i i
<3
S |
g ' e
0.051 ! e
AN T
0 " I ]
-1 0.5 0 0.5 1 1.5 2
Nondimensional Axial Position
radial velocity (m/s)
~r T T T y
: seal
1
0.25¢ 1 J
- 1
8 i
é 0.2f : backing ring 1
] 1
b= !
g ! ]
—i 0.15 '
L8 |
% 1
E 0.1} ! "
5 1
§ !
= 1
> |
- 0.051 < X J
0 1 0
1 {
o, i ﬂ(o A A .
-1 -0.5 0 0.5 1 15 2
Nondimensional Axial Position

Fig. 5 Pressure and velocity contours for interference seal (Pr = 3.0)

closer packing of the bristle matrix is produced by an increase in
differential pressure across the seal.

CFD predictions of static pressure, axial velocity and radial
velocity are shown in Fig. 5. Upstream and downstream pressure
are 600 kPa abs. and 200 kPa abs., respectively. The radial position
is nondimensionalized by the radial bristle length. The axial posi-
tion is nondimensionalized by the thickness of the bristle pack. The
nondimensional axial position for the seal is between 0 and 1.
Static pressure contours are at intervals of 25 kPa. and demon-
strates, that as a consequence of compressibility, there is an in-
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Fig. 6 Axial pressure distributions at shaft surface

crease in the pressure drop per unit length in the downstream
region of the bristle matrix.

Velocity contours are at intervals of 5 m/s. Radial velocity is
positive when moving away from the shaft, axial velocity is
positive in the direction from the upstream to the downstream. The
magnitude of the radial velocity is greatest (—52.7 m/s) in the
region which is adjacent to the corner formed by the upstream face
and bore of the backing ring. There is a small reverse flow close to
the backing ring bore immediately downstream of the bristle
matrix. A reverse flow in the axial velocity distribution indicates
the presence of a recirculation in this region. A maximum axial
velocity of 34.8 m/s is predicted to occur at a position which is
adjacent to the shaft surface and downstream of the bristle matrix.
Similar velocity and pressure distributions are predicted for inter-
ference seals at an upstream pressure of 600 kPa and pressure
ratios of 6, 2, 1.5 and 1.17.

For the test presented in Fig. 5 and at the other pressure
conditions discussed above, predictions for the axial pressure
distributions at the surface of shaft are shown in Fig. 6. As
expected, as a consequence of compressibility, the pressure drop is
observed to increase in the downstream direction. This is in dis-
agreement with experiments conducted by Bayley and Long
(1993), on seals in interference with a static rotor, where an almost
linear pressure drop along the surface of the shaft was measured in
the axial direction.

In order to predict the mechanical behavior of the seal, the CFD
prediction for the aerodynamic forces was applied to the mechan-
ical model. The mechanical model was then iterated from a spec-
ified position of the bristle matrix (termed “start position”) until
equilibrium of forces was established. As expected, this equilib-
rium position was found to be dependent on the specified start
position; consequently, different solutions for contact pressure and
consequently the torque exerted on the shaft were obtained. A start
position in which the bristles are deflected by the mechanical
interference with the shaft in the absence of frictional and aero-

257 W experimental
&~ frictionless
2+ cohesion factors; 0.05

- =9 cohesion factors: 0.2
g —_—
Z 151 varied factors
(]
&
g 17
B

0.5 7

2 3
dp (bar)

Fig. 7 Comparison of peak values of torque
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1.4 general characteristic of the model is in reasonable agreement with
12417 experimental the experiment in view of the approximations used. The temporary
* || —modelling increase in the experimental measurement at approximately 7500
1A rpm. was attributed to instability of the bristles induced by rotation
§ 08 of the shaft (Wood and Jones, 1997), a time dependent effect
g which is not accounted for in the model.
§0.6 1 Clearance Seal. Modeling of the clearance seal is compli-
0.4 4 . cated by the fact that the flow field is completely different between
02 ‘_:‘-.:'-" AT the initial clearance and blown down states. Turner et al. (1997)
' ki * accounted for this by adjusting the resistance coefficients to cor-
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Fig. 8 Comparison of theoretical and experimental torque in a rundown
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e
o0
T

backing ring b

4
\1
T

dynamic forces within the seal was assumed in each case. In the
present model the cohesion coefficients are time independent and
therefore do not account for vibration of the bristles that might be
induced by step changes in pressure or excitation from the rubbing
surface. It should also be noted that the solution found by the
mechanical model for a given start position may not be unique.
For a series of experiments conducted at an upstream pressure of

6 bar abs., the peak torque developed when pressure is initially
_ applied to the seal is plotted against differential pressure in Fig. 7.

Pressure is applied at a rotor speed of 10,000 rpm., torque is a

maximum at this point and thereafter reduces as a consequence of ===
frictional effects which restrict the ability of the bristles to follow o~ 03 0 Y 1 s 2
the centrifugal contraction of the decelerating rotor. Various model Nondimensional Axial Position
predictions for torque are plotted along side the experimental data. axial velocity (m/s)

The frictionless model, in which all the bristles deflect freely under T T
the aerodynamic forces, gives the maximum possible torque for a
specific differential pressure and overestimates the experimental 025k
data. Model results with cohesion factors of 0.05 and 0.2 demon-
strate the effect of friction in limiting bristle blow down. Even at
a cohesion factor of 0.05, which is significantly less than that
which can be reasonably assumed for metal to metal contact, the
model underestimates the experimental results. This is attributed to
transient effects that occur with the initial application of pressure.
For example, the bristles were observed to momentarily vibrate
and a reduction in the influence of frictional effects would there-
fore be expected. To account for this, fictitiously low cohesion
factors were assigned to. the seal to model behavior in the transient
phase. Good agreement with experimental results was obtained by
assigning cohesion factors between neighboring rows in the up-
stream to downstream direction of 0.2, 0.2, 0.19, 0.17, 0.15, 0.13, 0 .

0.11, 0.09, 0.07, and 0.05; anfl a cphes1(?n fac'tor of 0.03 betv&feen = -05 Non?dimensio?:fl Axial Pésidon 15 2
the downstream row and backing ring. Since, in the unpressurized radial velocity (m/s)

state the bristles are splayed axially, the varied cohesion factors
represent the process by which the bristles are deflected into
contact with neighboring rows when pressure is applied.

The torque produced by the seal in run down tests was modeled
by considering the centrifugal change in the diameter of the rotor.
Changes in the aerodynamic forces as a consequence of excursion
of the shaft surface were ignored. The relationship between rota-
tional speed w and growth of shaft radius 8r is

or = kw?, (11)
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in which the constant of proportionality (k) was derived from the
measured radial growth of 0.05 mm at 10,000 rpm.

The peak torque, at the onset of pressure at the beginning of the
test, was calculated by assuming varied cohesion factors. Subse-
quent torques at decreasing speed were calculated by assuming
cohesion factors of 0.2 between adjacent rows and 0.06 between 0
the downstream row and backing ring. Experimental results and
model predictions for a test conducted at an upstream pressure of
6 bar abs. and mean pressure ratio of 3 are shown in Fig. 8. The Fig. 9 Pressure and velocity contours for clearance seal (Pr = 2.0)
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relate with experimental measurements of backing ring pressure
distribution. In the present experiments, only the first 2 to 3
upstream bristle rows were observed to blow down, no movement
was evident in the downstream rows, this was reflected in the
bristle tip wear which was always confined to the first 2 to 3
upstream rows.

In order to simulate this movement of the bristle matrix, an
iterative technique between the CFD and mechanical models was
developed. The starting position for the iteration was the equilib-
rium position of the bristle matrix in the absence of frictional,
aerodynamic and mechanical forces. The porous region which
represents the bristle matrix in the CFD code was treated as a
series of rectangles (representative of individual bristle rows). The
position of these rectangular regions was adjusted in accordance
with the deflections predicted by the mechanical model. Iteration
was conducted between the CFD and mechanical models until the
change in the flow field produced by changing the position of the
bristle matrix was negligible. Displacement of the porous region
was confined to that which occurs in the orthogonal plane, axial
bending of the bristles was predicted by the mechanical model but
assumed to have a negligible effect on the nature of the flow field.

The model was further complicated by experimental observa-
tions which revealed that the upstream rows did not deflect in a
uniform manner. Typically, only 50 percent of the blown down
bristles were in contact with the shaft and gaps were evident
between adjacent groups of blown down bristles around the cir-
cumference of the seal. To account for this, the following lower
resistance coefficients were employed in the blown down region of
the bristle matrix:

a,=a,=60a,=3.6%X10""m™?

b,=b,=12%10°m™", b,=0.

A cohesion factor of 0.2, between adjacent bristle rows and at
the backing ring, is used in all of the clearance seal analyses. CFD
predictions for static pressure and velocity, at an upstream pressure
of 600 kPa and downstream pressure of 300 kPa are shown in Fig.
9. The maximum axial and radial velocities are 93.8 m/s and
—53.8 m/s, respectively. Pressure contours are at intervals of 25
kPa and illustrate that the pressure drop is concentrated in the
region of the blown down bristles.

Model predictions for mass flow are in good agreement with a
series of experiments conducted at upstream pressure of 10 bar
abs. (Fig. 10).

In Fig. 11, experimental results and model predictions are
shown for the torque produced by the seal in an acceleration test.
The upstream pressure was maintained as 10 bar. Pressure is
applied to the seal whilst the rotor is stationary, the rotor is then
accelerated. The model correctly predicts the increase in torque
that results as a consequence of the shaft surface expanding into
the bristle matrix. The frictional forces in the bristle matrix which
resist radially outward deflection of the bristles, under expansion
of the shaft, result in an increase in bristie tip contact pressure.

Pup=10 bar
1 %
@ experiments P
€ 0.8 1|—modelling '
& J *
=
‘% 0.4

= 02 -
0 - : —
0.5 1 1.5 2
Pressure Ratio

Fig. 10 Mass flow versus pressure ratio across seal
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Fig. 11 Comparison of torque with an acceleration test

Conclusions

The study further demonstrates that the use of a non-Darcian
resistance law can give good agreement with experimental mea-
surements of leakage for both interference and clearance seals.
Predictions for mass flow through interference seals demonstrate
that the porosity of the bristle matrix is influenced by compression
caused by the application of pressure. Currently, uniform resis-
tance coefficients are assumed to exist in the interference seals,
whereas two different uniform regions are assumed in the clear-
ance seals. It should be possible to establish a relationship between
the resistance coefficients and the pressure drop across the seal
when more experimental data becomes available.

Frictional effects have been observed in static and dynamic
experiments. In this paper, a simple frictional model has been
introduced. Friction coefficients can be selected so that model
predictions for bristle displacements and changes in torque during
dynamic tests are in good agreement with experimental measure-
ments and observations. However, it is apparent that the simple
model does not capture the full complexity of brush seal behav-
iour. During pressure transients, the time-dependent process in
which flow propagates through the bristle matrix is observed to
have a significant effect on the mechanical performance of the seal
and this area offers scope for improvement of the model.

The iterative CFD and mechanical model has given reasonable
agreement with the observed and measured behavior of clearance
seals. In this case, good agreement was obtained with the increase
in seal torque due to shaft growth in an acceleration test.

The development of the model has generated a useful research
tool for understanding and predicting complex brush seal behav-
iour. The ability to parametrically compare a variety of designs has
greatly reduced the number of seal permutations that it is necessary
to test at the pre production prototype stage. This has offered
advantages in terms of cost, particularly in view of tooling require-
ments for bristle matrix production, and perhaps more importantly
has allowed a number of alternative geometries, whose benefits
might not be immediately obvious to the brush seal designer, to be
investigated with relative ease.
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Characteristics of Discharge
Coefficient in a Rotating
Disk System

The discharge coefficient of a long orifice in a rotating system is measured to examine the
rotational effect on discharge behavior. The rotating system is comprised of a rotating
disk and two stators on both sides of the rotating disk. Test rig is constructed to simulate
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R. Jak0by the real turbine operating conditions. Pressure ratios between upstream and downstream

cavities of the orifice range from 1.05 to 1.8, and rotational speed of the rotor disk is

S. Kim varied up to 10,000 rpm. The orifice hole bored through the rotor disk has length-to-

' diameter ratio of 10. For a better interpretation of discharge behavior, three-dimensional

velocity field in the downstream and upstream cavities of the rotor is measured using a

S. Witti g Laser Doppler Velocimetry. A new definition of the rotational discharge coefficient is

) introduced to consider the momentum transfer from the rotor to the orifice flow. Addi-

o ) tional loss in the discharge coefficient due to pressure loss in the orifice hole at the inlet

Lehrstuhl und Institut fur Thermische and exit regions is quantitatively presented in terms of the Rotation number and the
Strémungsmaschinen,

o ressibili ctor. corner U] ifice i X ] -
Universitit Karlsruhe, Germany compressibility factor. The effect of corner radiusing at the orifice inler is also investi

Introduction

As compactness, lightness, and high efficiency are required in
recent design of gas turbine, the internal air system is getting more
and more important and complicated. Internal air is defined as the
flow which does not directly contribute to the turbine power but
performs several important functions such as blade and disk cool-
ing, accessory unit cooling, bearing chamber sealing, prevention of
hot gas ingestion into turbine disk cavities, control of bearing axial
loads, and control of turbine blade tip clearances (The Jet Engine,
1986).

The internal air flow rate reaches up to more than 20 percent of
the main flow rate from the compressor. This large amount of
airflow supplied by additional compressor work directly affects the
overall turbine efficiency. Consequently, it is demanded to supply
an appropriate amount of airflow to each component of engines
through an accurate estimation of the performance of various parts.

Since airflow passages are subject to numerous operating con-
ditions, and the shape of orifice is far from the standardized one
such as ASME orifice, numerous studies have been conducted to
investigate the orifice discharge characteristics under various op-
erating conditions.

Bragg (1960) considered the effect of compressibility on the
discharge coefficient. He made a simplified assumption on the flow
pattern at the upstream wall of an orifice, and compared his
theoretical predictions with experimental resuits. Lichtarowicz et
al. (1965) observed discharge behaviors in a wide range of length-
to-diameter ratios, and obtained the critical discharge coefficient at
large Reynolds numbers. Rohde et al. (1969) determined the effect
of approaching angle of inlet flow relative to orifice axis. Hay et al.
(1983) investigated the crossflow effect on the discharge coeffi-
cient. Their results show that the influence of crossflow is strong
and complex, particularly on the inlet side. Hay et al. (1987)
defined the additive loss due to the crossflow of orifice inlet and
outlet, and described it with the momentum ratio between orifice

Contributed by the International Gas Turbine Institute (IGTI) of THE AMERICAN
Sociery oF MECHANICAL ENGINEERS for publication in the ASME Journal oF Enal-
NEERING FOR Gas TURBINES aND Power. Paper presented at the International Gas
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Headquarters June 23, 1999. Associate Technical Editor: R. Kielb.
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gated at various rotational conditions.

jet and crossflow. Hay and Spencer (1992) studied the effect of
radiusing and chamfering of orifice edge. They acquired about
10-30 percent increase in the discharge coefficient, and reported
that the chamfered orifice shows more desirable performance.
Recently, Hay and Lampard (1996) reviewed works on the dis-
charge behavior of turbine cooling holes.

However, all of the studies mentioned above are limited to the
stationary conditions, and, thus, there is a lack of information on a
rotating system. Meyfarth and Shine (1965) focused on the dis-
charge behavior of rotating orifices, but this study is confined to
the orifice with very short length-to-diameter ratio, which is far
from the mainly used orifice in the internal air system of gas
turbine.

The internal airflow should pass inevitably through rotating
components because a turbine system is composed of stationary
and rotating parts. Recent development of design technology
makes it possible to reach high rotational speeds. In this case,
discharge behavior is easily expected to considerably deviate from
stationary one. The effect of rotation thus should be estimated for
a balanced supply of airflow to each component, and consequently
for the reduction of overall amount of airflow.

In this study, a turbine disk system was constructed to simulate
real operating conditions. The test rig is composed of a rotating
disk with orifices and two stationary disks. Characteristics of the
discharge behavior in the rotating disk system is scrutinized
through measurements of the discharge coetficient under various
rotating conditions in a wide range of pressure ratio between
upstream and downstream of the orifice. The effect of corner
radiusing of the orifice inlet is also investigated.

Experimental Apparatus and Procedure

Experimental Facility. Schematic diagram of the test facility
is depicted in Fig. 1. This test rig is constructed at the Institut fiir
Thermische Strdmungsmaschinen, Universitdt Karlsruhe, Ger-
many. Compressor of 85.3 kW power supplies airflow at a maxi-
mum mass flow rate of 0.5 kg/s. Supply pressure level can be
controlled up to 4 bars by a bypass valve. Mass flow rate is
precisely determined in an orifice-metering system, which consists
of three orifices with different measurable ranges. Thermocouples
and pressure taps are installed to montitor temperature and pressure
around orifices and inside of pipes.
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Fig. 1 Schematic diagram of experimental facility
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The test rig is shown schematically in Fig. 2. A rotor disk where
eight orifices are installed and two stator disks on each side of the
rotor compose the turbine disk system. Turbulence mesh is posi-
tioned to remove large scale fluctuations from the seitling cham-
ber. Airflow comes into the upstream cavity through the inside
annular slot, and then discharged into the downstream cavity
through the rotating orifices. Dimensions of the rotating disk
system are summarized in Table 1.

Due to the requirement of high rotational speed, high precision
bearings are used, and labyrinth seal is adopted for sealing the gap
between the rotor and housing. Gap distance is minimized to about
0.2 mm. The maximum allowable rotational speed is 10,000 rpm,
which is equivalent to a circumferential velocity of 150 m/s at the
outer edge of the rotor disk. An encoder which generates 4096
pulses per one revolution is attached on the shaft, and its signal is
sent to a motor controller.

High flexibility considering geometrical variations is obtained
by modular design of the rig. The orifices are bored into cylindrical
shells. These are inserted into the disk to obtain easy modification
of the geometry by replacing the shells. Furthermore, the distance
of the stationary disks to the rotor disk can be continuously
adjusted. Glass windows are installed on both front and rim sides
of the test rig to acquire optical access for LDV measurements.

Two-dimensional velocity field in the upstream cavity, and
three-dimensional velocity field in the downstream cavity are
measured using an LDV system because the flow in the down-

Mesh

@.‘?_\t.‘. Labyrinth Seal
From [ Rotor Disk
Settling :
Chamber -
Drive Plug
=
- Orifice Shell
M ) Stator Disk
=\_Housing

Fig. 2 Schematic diagram of test rig

stream cavity could be highly three-dimensional. The differential
doppler technique for optical heterodyning is used in the back
scatter mode of receiving optics.

A 10W Argon-Ion laser (Coherent INNOVA 90) is used in
multi-mode operation as a light source. The multi-wavelength
beam passes the transmitter box (Dantec), in which it is first split
into two beams, one of which passes a bragg cell to be shifted with
a frequency of 40 MHz for the detection of the flow direction.
Subsequently, both of them are separated into the particular colors
for two or three components (476.5 nm, 488 nm and 514.5 nm) and
linked into two fiber probes (Dantec, 60 X 65; 60 X 67). Three
channels of the burst spectrum analyzer (Dantec, S7N20, 57N35)
are used to process simultaneously the multiplied signals. A com-
mercial aerosol generator (Pallas AGF5.0) is used to seed the flow
with atomized particles of DEHS solution. The mean diameter of
the generated particles ranges from 0.21 to 0.27 wm. Detailed
description of LDV system and signal processing procedures are
well described in Jakoby et al. (1997). Statistical uncertainties in
the measured velocity field are estimated using the procedures
described by Snyder et al. (1984). The maximum uncertainty
levels for each component of the axial and the circumferential
velocities are estimated to be 2.8 percent and 2.5 percent, respec-
tively, over the whole measured area.

Nomenclature
A = orifice cross-sectional area R, = pitch radius of orifice hole W, = shaft work
C, = discharge coefficient Re = Reynolds number of discharged jet x = axial location from orifice outlet in
C,.« = rotational discharge coefficient (=Udl/v) the orifice flow direction
Cs = additional loss coefficient Ro = Rotation number (=wR,/U) xx = axial location from orifice inlet in
¢, = specific heat at constant pressure r = radial coordinate the direction opposite to the orifice
d = orifice hole diameter r. = corner radius of orifice inlet flow
J = compressibility factor (=(p, — s = gap distance between rotor and
A pU?) stator disks Greek Symbols
h = enthalpy T, = temperature at orifice inlet v = specific heat ratio
[ = orifice hole length T. = temperature at orifice outlet v = kinematic viscosity
Ma = Mach number of discharged jet T.., = rotational temperature (=R;w?/ I = pressure ratio between upstream
(=U/NVYRT.) 2¢,) and downstream cavities (=po/p..)
m = measured mass flow rate through T, = torque ¢ = circamferential coordinate
orifice T, = rotational total temperature w = rotational speed of rotor
Migen = ideal mass flow rate through ori- (=T, + T,)
fice t = time Subscript
Po = static pressure at orifice inlet U = ideal exit velocity of discharge- 0 = orifice inlet
p, = stagnation pressure ment 0 = orifice outlet
p. = rotational total pressure V. = exit velocity of discharge consider- o _ .0
R = gas constant ~ ing rotational work transfer . ¥ = axial
R, = radius of rotor disk V4 = averaged circumferential velocity ¢ = circomferential
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Table 1 Dimensions of rotating disk system
Parameter | Dimension
Orifice hole diameter d (mm) 4
Orifice hole length |/ (mm) 40
Comer radius of round inlet  r, (mm) 2
Pitch circle radius of orifice R, (mm) 105
Rotor disk radius R, (mm) 160
Gap distance between rotor and stator s (mm) 25

Measurement of Discharge Coefficient. Precise measure-
ment of reference temperature and pressure, and mass flow rate
through orifices in the rotor is essential to determine the discharge
coefficient under various operating conditions. NiCr-Ni thermo-
couples and pressure taps are installed inside upstream and down-
stream cavities to identify inlet and exit conditions of the orifice.
Static pressure taps of 1 mm diameter are drilled at right angle on
disk surfaces, and thermocouple junctions are protruded by 2 mm
from the disk surface to measure the fluid temperature. During the
entire measurements, the orifice exit pressure is kept constant at 2
bars, and inlet pressure is changed according to the required
pressure ratio.

In spite of the labyrinth seal, there is leakage flow through the
gap between the rotor and housing. The amount of leakage mass
flux should be considered for the exact evaluation of the discharge
coefficient. The leakage mass flux, however, also changes with
variation of experimental conditions such as rotational speed of the
rotor, pressure ratio and geometric parameters. Thus, additional
experiment for compensating the leakage flow is conducted.
Waschka et al. (1992) found that the leakage flux of labyrinth seal
can be determined by the inlet and exit conditions of the leakage
and rotational speed. In each experiment, the leakage fiux is
measured with orifice shells being replaced by those with no
orifice hole, keeping all other experimental conditions including
rotational speed of rotor, pressure ratio, and geometric parameters
the same as those in corresponding discharge coefficient measure-
ment. The precise seal leakage rate as a function of pressure ratios
and the rotor speeds is well described in Maeng (1998).

The discharge coefficient is defined as

m
C,= 1)

: H
Migeal

where ni 4, is the mass flux through the orifice in an ideal process.

In general, the following relation can be deduced for an ideal
discharge system from energy conservation, entropy, and ideal gas
relations:

2
T0=Tw+§C—p. 2)

M can described in terms of inlet conditions using Eq. (2),
which is given by

oA 2y <L>”*_<i)”“)”] 3
Migeat = \/Fo (,Y — I)R i H . ( )

Thus, the discharge coefficient can be defined as follows:

Nl

C(l =m
Uncertainty in the measurement of the discharge coefficient is

estimated less than 3.8 percent by Kline and McClintock’s (1953)
method for a single-sample experiment.

Results and Discussion

Flow Field in Upstream and Downstream Cavities. The
coordinate system and disk configuration is depicted in Fig. 3. x,

Journal of Engineering for Gas Turbines and Power

r, and ¢ are axial, radial, and circumferential coordinates, respec-
tively, which are fixed at the rotor disk rotating in the clockwise
direction viewed from the downstream face. The origin of x and xx
coordinates are located on the disk. surfaces facing downstream
and upstream cavities, respectively. Three-dimensional velocity
components are measured at a rotational speed of 6000 rpm and a
pressure ratio of 1.05.

Figure 4 shows the velocity vectors in the x-¢ plane from ¢ =
—10 to 20 degrees at a fixed radial location, » = R,. Flow
measurement near the rotor surface in upstream cavity cannot be
made because of difficulty in probing. As shown in Fig, 4(b), flow
in the region xx/s > 0.5 is relatively unidirectional which does not
have the axial component. It seems that the flow only in the
vicinity of the orifice is influenced by the orifice flow. On the other
hand, the flow in the downstream cavity shows strikingly different
structure from that in the upstream cavity, and shows strong
three-dimensional behavior because jet-like orifice flow interacts
with the downstream stator which is located at x/s = 1. The
backward flow shown near the downstream stator is due to redi-
rection of the flow after colliding with the stator. A rapid decel-
eration of the flow near the stator surface might occur because the
velocity vector preserves its magnitude far down to the stator
surface. Flow structure in the downstream cavity is described in
detail by Jakoby et al. (1997).

Variation of circumferential velocity component along the radial
direction is illustrated in Fig. 5. The circumferential velocity
plotted in this figure is the averaged values over 360 deg in the
circumferential direction. Figure 5(a) shows the variation of the
circumferential velocity in the downstream cavity at the axial
locations of x/s = 0.40 and 0.76. Note that the orifice center is

(a) rotor disk sector from downstream

Rotor Stator

(b) orifice cross-section at the top of disks

Fig. 3 Configuration of the disks with coordinate system
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Fig. 4 Velocity vectors along the circumferential direction at a fixed
radial location, r = R;, when o = 6,000 rpm, IT = 1.05

located at ¥/R, = 0.656, and its linear velocity of rotation is 66
m/s. If there is no orifice, the circumferential velocity should
increase linearly proportional to the radial position. As shown in
Fig. 5(a), however, the circumferential velocity variation in both
radial and axial directions appears insignificant. This is because the
downstream cavity flow is not directly affected by the shear caused
by the rotation of the disk but strong rotational motion of the
orifice flow preserves its angular momentum further into the axial
direction. Thus, it also has its magnitude close to the orifice
rotational velocity, 66 m/s,

Figure 5(b) shows variation of the circumferential velocity at
xx/s = 0.50, 0.66 and 0.82. Comparing with the downstream
cavity flow, the flow shows nearly inviscid behavior except near
the rotor surface. The magnitude is quite reduced from the rotor
speed and increases in the radial direction.

Rotational Work Transfer from Rotor to Orifice Flow. The
discharge coefficient C, as a function of pressure ratio I1 is plotted
for different rotational speeds in Fig. 6. Figure 6(a) and Fig. 6(b)
correspond to different orifice inlet shapes: square edged inlet and
corner radiused inlet, respectively. In general, the discharge coef-
ficient is higher at high rotational speed of the rotor, and this trend
is more distinctive when the pressure ratio is low.

In the case of the corner radiused inlet, the discharge coefficient
value exceeds unity at @ = 7500 and 10,000 rpm, which respec-
tively correspond to V, = 82.5 and 110 m/s at the orifice hole
center. This is because the rotational momentum of the rotor is
transferred to the orifice flow when it passes through the long
orifice. The present orifice has the length-to-diameter ratio of 10.
Thus, the definition of the discharge coefficient should be modified
by reevaluating ideal mass flux considering this rotational momen-
tum transfer. When energy balance is applied to a control volume
including the orifice and its surroundings, energy equation is
reduced as follows for a one-dimensional discharge system with
adiabatic assumption.

666 / Vol. 121, OCTOBER 1999

aw, 1o\ 1,
dt =m hm+§vm -m h0+§V0. (5)

From the flow measurement data, the following assumption can:
be deduced:

1% 1%
Ly L ———l T (6)

V. VI, + (wR))?

The shaft work transferred from the rotor can be determined by
applying the angular-momentum theory. It follows that:

dw, _
dar —

o = mw’R}. Q)

From Eq. (5)~(7), the energy relation can be rearranged as follows:

Riw? T Vi,
2¢, °°+2c'

» P

Ty + ®

When compared with Eq. (2), the second term on the left hand
side is newly added because of the rotational energy transfer. This
term can be defined as the rotational temperature T, that is

rot 2cp .

With definition of T, the rotational discharge coefficient con-
sidering the rotational work transfer, C,.,, can be written as
follows:

Cd,rot

' \/7—10 2,), 1 ) 2y Tml < 1 (y+ DIy
:f”'m/ _"w—nR[(ﬁ (”To)’ ﬁ) }

10)

80 1 3 ) H T
rotationat velocity of orifice
7 L R
)
E_: ol M’ _
I X/s
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——0.76 |
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0.50 0.55 0.60 0.65 0.70 0.75 0.80
riRy
(a) downstream cavity
12
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)
E
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(b) upstream cavity

Fig. 5 Distribution of circumferential velocity in the radial direction
when o = 6,000 rpm, IT = 1.05
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Fig. 6 Distribution of discharge coefticient

Meyfarth et al. (1965) described discharge behavior of a rotating
system in terms of the velocity ratio of rotating orifice to dis-
charged jet to take into account the rotational effect. In the present
study, this velocity ratio is defined as the Rotation number, Ro,
which is given by

1n

where U is the ideal exit velocity of discharge defined by Eq. (2)
and (3) as foilows:

2yRT,

1 (y— Lty
u= (7—1){1—<ﬁ> }

Figure 7 shows the variation of the rotational discharge coeffi-
cient C,,, for the square edged inlet with the Rotation number.
Plotted are also the present data and data from Meyfarth et al.
(1965) evaluated from the conventional definition of the discharge
coefficient C,. In the study of Meyfarth et al. (1965), their orifice
is so short that the rotational work transfer effect is negligibly
small. As can be seen in this figure, the rotational discharge
coefficient now reasonably represents the discharge behavior
which shows the same trend as Meyfarth et al. (1965). The rota-
tional discharge coefficient, C, ., decreases with increasing Rota-
tion number. The difference in the discharge coefficient values
between present C, ., and Meyfarth et al. (1965) is owing to
location of vena contracta. In the present study, vena contracta is
located inside the long orifice hole, and thus the flow is reattached
as it expands. Visualized Flow (1988) shows this for a stationary
setup. The enlarged vena contracta leads to higher discharge co-
efficient than that of Meyfarth et al. (1965), because their orifice is
very short.

Equation (10) can be rearranged into a similar form as the
conventional definition of the discharge coefficient given by Eq.
(4). The rotational total pressure in the isentropic process can be
defined as follows:

(12)
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P T, Yi(y=1) Teor yily—1)
I)—0_<E> ={1+ T, . (13)

The ideal mass flux considering rotational work transfer can be
rewritten in terms of p, and T, as follows:

| =M —33’— (—1_.@)2/7—.(1—.&>(’Y+1)/'Y
midealv.rol \/7‘:1 (y—- DR Il p, I p '

(14)
Finally, C, . can be expressed in terms of the rotational pressure
ratio, I1,,, as

\/T~0 2,y 1 2y 1 (y+ 1)y
Cdrol:m'“/\/ |:(—) _<W> :|:
’ . P,A ('Y - 1)R Hrot Hrol

(15)
where the rotational pressure ratio is defined as
D:
I,=0I=. 16
' 7 (16)

Equation (15) has exactly the same formula as Eq. (4) if T, p,
and II are correspondingly replaced by T, p, and IL,,. It has been
shown that the rotational work transfer in a rotating orifice system
can be considered by introducing the rotational discharge coeffi-
cient C,, which can be easily evaluated with the orifice exit and
modified inlet conditions.

Figure 8 is a reproduction of Fig. 6 as a function of the rotational
pressure ratio. Now the magnitude of the discharge coefficient can
be presented in the reversed order, that is, it decreases with
increasing rotational speed. It should also be noticed that in the
case of the corner radiused inlet (Fig. 8(b)), the rotational dis-
charge coefficient values are now meaningfully evaluated to be
less than unity.

Additional Loss Due to Orifice Rotation. In addition to the
rotational work transfer effect on the discharge behavior, an addi-
tional loss may be generated due to the relative motion of the
orifice to upstream and downstream cavity flows. As shown in Fig.
7, results of both Meyfarth et al. (1965) and present C,, diminish
as the Rotation number increases. The additional loss can be
generated at both inlet and outlet of the orifice. In the inlet region,
flow separation bubble is getting larger as the Rotation number
increases because the crossflow at the orifice inlet, which flows at
right angle with respect to the orifice flow, is getting stronger, and
consequently produces pressure loss. The pressure loss is also
produced in the orifice exit region due to the interaction of the

. jet-like orifice flow and the stator, which is developed into a

complex three-dimensional flow as shown in Fig. 4(a). This pres-
sure loss is expected to result in the deficit of discharge coefficient.

In this section, it'is attempted to systematically isolate the effect
of the above pressure loss on the discharge behavior. To do this,
the additional loss coefficient, C,,, is defined as follows:

present
—0— Cy
=0 Gy

08 |

s |

Cd,ca,ml

—e— Meyfarth et al.(1965)

04 L
0.00 0.25

1 L
0.50 0.75 1.00 1.25
Ro

Fig. 7 Variation of discharge coefficients, C4 and C4 With Rotation
number (r./d = 0)
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Fig. 8 Variation of rotational discharge coefficient with rotational pres-
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Cd,mt(Hrcl’ w = O) - Cd,ro((Hrov 0))
Cd‘rol(nrol’ w = 0) ’

Closs(nmh (JJ) = (17)
where C (1, @ = 0) and C,,(I1,,, w) represent the curves at
different rotational speeds shown in Fig. 8. The loss coefficient
C\s 1s determined in such a way that at a given rotational pressure
ratio the difference between C, (Il @ = 0) and C, (I, @)
values are calculated from the data shown in Fig. 8 using an
interpolation scheme proposed by Akima (1970), and then it is
normalized by C, (I, ® = 0) value.

The loss coefficient as a function of the Rotation number is
shown in Fig. 9. As expected the loss production increases with the
Rotation number. This is because the higher Rotation number
implies higher orifice rotational velocity compared relatively to the
discharged orifice flow velocity at a given rotational pressure ratio.
This fact agrees well with Hay et al. (1983) who observed the
diminishing discharge coefficient of a long orifice, as the inlet or
exit crossflow velocity increases.

However, the Rotation number alone is not sufficient to properly
describe the loss characteristics because of the compressibility
effect. Mach number of the present orifice jet, Ma, ranges from

0.3

@ {rpm)
~B—- 500 -
—v— 1000
—{S—— 2000
— 4000
7500
—o— 10000

1.00 1.25
Ro

Fig. 9 Variation of additional loss coefficient with Rotation number
(rcld = 0)
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Fig. 10 Variation of additional loss coefficient with Rotation number
and compressibility factor (r./d = 0)

0.26 to 0.88. As flow turns into the orifice hole, the streamline
curvature is influenced by the compressibility. High compressibil-
ity results in an increase in turning angle of the streamline, which
tends to enlarge the area of vena contracta. Such a change in the
streamline curvature can be the primary cause of an increase in the
discharge coefficient at high pressure ratio for a stationary orifice,
as indicated by Bragg (1960). This effect is more pronounced in
the presence of relative motion of surrounding flow. Furthermore,
the exit velocity of dischargement increases in the presence of the
wall friction, explained as Fanno process. This leads to the further
flow expansion at a given mass flux.

In order to take into account the compressibility effect, another
parameter should be introduced such as the dynamic pressure
compressibility factor in addition to the Rotation number. The
dynamic pressure compressibility factor, f, is defined as the ratio
of the difference between stagnation pressure p, and static pressure
Po to the dynamic pressure as follows:

p=fr (8)
ipU

The behavior of the dynamic pressure compressibility factor is
related closely to the Mach number as described in Saad (1993).
The loss coefficient is plotted in Fig. 10 including the compress-
ibility effect. It looks very well correlated with Ro'*/f° regardless
of the rotational speed w. The exponents were determined by the
least-error-square method.

Effect of Inlet Corner Radius. As shown in Fig. 6, the orifice
with corner radiused inlet has higher discharge coefficient distri-
bution than that of the square edged one in the entire experimental
range. This is due solely to geometric difference of these two
because the amount of the rotational work transfer for each inlet
shape should be identical at the same experimental conditions.
Thus, the difference in the rotational discharge coefficient results
solely from flow interaction with surrounding near the orifice hole.

As previously explained, additional loss is related closely to the
streamline curvature at the orifice inlet. Enlargement of vena
contracta by inlet radiusing is well illustrated for the stationary
orifice in Visualized Flow (1988). In a rotating system, vena
contracta is reduced because the flow approaches asymmetrically
with respect to the orifice axis. Thus, the discharge behavior can
deviate from the stationary one, and can be more susceptible to
corner radiusing.

Figure 8(b) depicts the rotational discharge coefficient distribu-
tion of the orifice with corner radiused inlet, It shows more
uniform distribution compared with that of the square edged orifice
(Fig. 8(a)).

The increment in the discharge coefficient due to inlet radiusing
is shown in Fig. 11, where C, is the discharge coefficient of the
squared inlet and AC, is the difference between the discharge
coefficients of two different inlet shapes. The effect of inlet radi-
using is well presented by a single parameter Ro, regardless of
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Fig. 11 Increment of discharge coefficient by inlet corner radiusing with

Rotation number variation

pressure ratio and rotor speed. The increment amounts to more
than 20 percent at high Rotation numbers.

Summary and Conclusions

Discharge characteristics of a long orifice with length-to-
diameter ratio of 10 is investigated at various rotational conditions.
The pressure ratio is in the range between 1.05 and 1.8, and
rotational speed of the rotor up to 10,000 rpm. The Reynolds
number based on the ideal exit velocity ranges from 45,650 to
152,500. Some important observations are noted and summarized
below.

I The discharge coefficient in a rotating system increases com-
pared to the stationary one because of the rotational momentum
transfer to the orifice flow from the rotor. The rotational discharge
coefficient is introduced which can reasonably represent the dis-
charge behavior of the rotating system.

2 The additional loss due to relative motion of the rotating orifice
and surrounding flow is qualitatively presented by two parameters:
the compressibility factor and the Rotation number.

3 The orifice with corner radiused inlet shows higher distribution
of the discharge coefficient than that of the orifice with square
inlet, and the difference increases with the Rotation number. The

Journal of Engineering for Gas Turbines and Power

increase in the discharge coefficient can be predicted when the
Rotation number is given.
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Correlations of the Convection
Heat Transfer in Annular
Channels With Rotating Inner
Cylinder

R. Jakoby'
In the internal air system of gas turbine engines or generators, a large variety of different
types of annular channels with rotating cylinders are found. Even though the geometry is
S. Kim very simple, the flow field in such channels can be completely three-dimensional and also
unsteady. From the literature it is well-known that the basic two-dimensional flow field
breaks up into a pattern of counter-rotating vortices as soon as the critical speed of the
S. Wlttlg inner cylinder is exceeded. The presence of a superimposed axial flow leads to a helical

shape of the vortex pairs that are moving through the channel. For the designer of cooling
air systems there are several open questions. Does the formation of a Taylor-vortex flow
field significantly affect the convective heat transfer behavior of the channel flow? Is there
a stability problem even for high axial Reynolds-numbers and where is the location of the
stability boundary? After all, the general influence of rotation on the heat transfer
characteristics has to be known. By the results of flow field and hear transfer measure-
ments, the impact of rotation and the additional influence of Taylor-vortex formation on
the heat transfer characteristics in annular channels with axial throughflow will be
discussed. The flow field was investigated by time-dependant LDA-measurements, which
revealed detailed information about the flow conditions. By a spectral analysis of the
measured data, the different flow regimes could be identified. Based on these results, the
heat transfer from the hot gas to the rotating inner shaft was determined with a
steady-state method. Thus, the influence of the different physical phenomena such as
rotation with and without Taylor-vortex formation or the flow development could be
separated and quantified. Finally, correlations of the measured results were derived for
technical applications.

Lehrstuhl und Institut fir,
Thermische Strémungsmaschinen,
Universitat Karlsruhe (T.H.),
Kaiserstrafe 12,

76128 Karlsruhe, Germany

the heat transfer in the components of the internal air system is
required.

At the Institut fir Thermische Stromungsmaschinen of
Karlsruhe University, a part of the research activities is focussed
on the particular components of the internal air and oil system of
turbomachines in order to enhance the comprehension of the
fluid-mechanical phenomena and to provide data bases for im-
provements of the design. Within the last fifteen years, labyrinth
seals (Waschka et al., 1991), rotating disks with orifices (Jakoby et
al., 1997a; Wittig et al., 1996), rotor-stator systems (Jakoby et al.,
1997b) and bearing chambers (Glahn et al., 1997) were analyzed
using combinations of experimental and numerical methods. Fur-

1 Introduction

The efficiency and the performance characteristics of gas tur-
bine engines strongly depend on the turbine inlet temperature and
the pressure ratio of the working cycle. Remarkable improvements
of engines for power generation or aeroengines in most cases are
coupled to a further increase of the hot gas temperature and the
pressure ratio. The turbine inlet temperature of present engines has
already exceeded the admissible temperature level even of super
alloys, which requires an efficient cooling system for the turbine
blades, vanes, and disks. For this purpose, air is taken from the
compressor and supplied to the turbine via an internal air system.

Unfortunately, the compressor exit temperature also increases if
the pressure ratio of the engine is raised, which leads to a reduction
of the driving temperature difference for cooling purposes. As a
consequence of these circumstances, the cooling air mass flow had
to be raised significantly in the past years. As it currently can reach
20 percent of the total core mass flow, the design of the internal air
system plays a key role for the whole engine. Since the pressurized
cooling air does not directly contribute to the power output, those
parasitic mass flows have to be reduced to an unavoidable mini-
mum. To meet this demand, detailed data about the fluid flow and
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thermore, many efforts were directed towards the determination of
the flow and heat transfer phenomena in annular channels with
axial throughflow and with rotating inner cylinder. Such configu-
rations are found in a large variety of different applications in gas
turbine engines, steam turbines, or turbogenerators. Although, the
geometry of annular channels is very simple, the flow field inside
can be extremely complicated. If the critical speed of the rotor is
exceeded, the axisymetric flow pattern breaks up into pairs of
counter-rotating, helical vortices. Thus, the basic two-dimensional
flow field turns into a completely three-dimensional and periodic
flow, which exceeded the capabilities of experimental and numer-
ical methods in the past years. Subsequently, there is a remarkable
lack of information about the flow regimes and the heat transfer
characteristics especially in the Reynolds and Taylor number range
of technical applications.

The structure of such Taylor-vortex flow fields can be revealed
since powerful nonintrusive measurement techniques like LDA
have achieved a standard, where they can be applied even to
difficult problems within reasonable time scales. The determina-
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tion of the flow field is essential because without the knowledge of
the predominant flow regime, an analysis of the heat transfer
characteristics is almost impossible.

This background gives the motivation for the present paper,
which is to contribute to a better understanding of the flow phe-
nomena and the heat transfer characteristics in annular channels at
high Reynolds and Taylor numbers. In the following sections, the
influence of Taylor vortices and the flow development on the heat
transfer will be pointed out. Furthermore, the impact of the channel
geometry is discussed. Finally, the results achieved by an experi-
mental investigation are summarized by correlations in order to
provide a design tool for technical applications.

2 Background

2.1 Taylor-Couette Flow Without Axial Throughfiow.
The study of fluid flows between concentric cylinders has a long
tradition in engineering sciences. Already at the end of the last
century, Couette (1890) and Mallock (1896) published the results
of experimental investigations without axial throughflow.

The first theoretical analysis of instabilities in annuli was per-
formed by Rayleigh (1916), who derived a stability criterion for
inviscid flows. According to Rayleigh, the flow is stable, if the
square of the circulation increases monotonically in the radial
direction.

The first analytical solution for viscous flows was published by
Taylor (1923) in a famous article. He solved the momentum
equations and the continuity equation using Bessel functions.
Subsequently, he calculated the critical speed and the velocity
distributions for the two-dimensional and also the vortex flow field
and gave an experimental verification of his theory. The so-called
Taylor vortices are superimposed to the mainflow and consist of
counter-rotating vortex pairs. The appropriate dimensionless Pa-
rameter (the Taylor number) describing the stability behavior of
the flow can be defined as

U-s [s)° , S o] ris?
Ta=|-—— 4/, ) =Ref=— 7 — 1)

Ta can be interpreted as the ratio of centrifugal and frictional
forces (cp. Biihler (1985)). In Eq. (1), U is the circumferential
speed of the rotor, s denotes the height of the channel, and r, is the
radius of the inner cylinder. In the context it should be mentioned,
that in the literature also other definitions of Ta using the square
root of the right side of Eq. (1) are found.

At that time, the appearance of Taylor vortices was judged as a
transition-phenomenon from laminar to turbulent flow. Neverthe-
less, Pai (1943) showed in his study that the macroscopic vortex
structure persists even at Taylor numbers which are far above the
stability boundary in the fully turbulent range. Furthermore, he
detected two modes of the flow regime differing in the number and

size of the vortices. In some cases, both modes could be observed
for identical operating conditions. The appearance of a particular
mode was found to depend upon the initial conditions, such as the
acceleration of the rotor. The results of Pai (1943) were confirmed
by flow visualizations of Schultz-Grunow and Hein (1956).

Coles (1965) analyzed the modes, which appear above the
critical Taylor number. He detected not only two but more than 70
different modes of the flow in the range he investigated with his
set-up. However the most important result of his study was the
detection of a second stability boundary of the flow. Beyond the
second stability boundary, the steady Taylor vortices turn into a
periodic flow of wavy vortices.

The existence of a first and a second instability as well as the
numerous modes of the flow are typical features of a nonlinear,
dynamic system. A detailed analysis of the dynamic behavior of
Taylor—Couette flow regimes was performed by Fenstermacher et
al. (1979). They used an LDA-system for the measurement of the
time-dependant flow velocities in the channel. A spectral analysis
of the velocity data showed, that the second instability coincided
with the appearance of a single, distinct frequency in the power
spectrum. For high Reynolds numbers, a “double-periodic” flow
regime characterized by two frequencies was found. Finally, the
transition from laminar to turbulent vortex flow at twelve times the
critical Reynolds number lead to a low frequent and broad band
component that started to form in the spectrum just as the two
distinct peaks began to fade away.

The references cited in this paragraph are based on a more or
less academic interest for Taylor—Couette flows, which is ex-
pressed by a strong simplification of the configurations and the
chosen range of the operating conditions. In many cases, laminar
flows with liquids in enclosed channels were investigated. Since
this is far away from real engine conditions, a second branch exists
in the literature, where publications with a technical background
are found.

2.2 Taylor-Couette Flow With Axial Throughflow. De-
tailed heat transfer measurements for laminar and turbulent flows
were published by Gazley (1958). In accordance to the results of
Fage (1938), he observed a stabilizing impact of the axial flow. He
suggested to define the Reynolds number with an “effective ve-
locity,” which is calculated by an addition of the circumferential
and the axial velocity vectors. For rotational flows, the heat trans-
fer coefficients based on the effective velocity were higher than the
corresponding values for purely axial flow. Gazley presumed a
secondary flow to cause the difference of the results.

A very systematic and comprehensive study on Taylor—Couette
flows was performed by Kaye and Elgar (1958). Their field of
application was the cooling of electrical machines. The study
included flow visualizations, time-dependant velocity measure-
ments using a hot-wire anemometer and heat transfer measure-
ments. They identified the basic flow regimes comprising

Nomenclature
a, (—) = coefficient
a, (—) = coefficient
b (—) = coefficient r (m) = radius
¢ (—) = coefficient " 7; {m) = rotor radius

Canm (M/8) = average axial velocity
¢ (m/s) = resulting velocity
¢ (m/s) = free-stream velocity
f (87" = characteristic frequency

L (m) = rotor length s (m) = channel height
m (—) = factor t (—) = coefficient
n (min™") = rotational speed Str (—) = Strouhal number
n (~—) = coefficient Ta (—) = Taylor number
Nu (—) = Nusselt number U (m/s) = rotor speed
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Nu, (—) = Nusselt number based on
rotor length

)y = axial Reynolds-number

Re.; (—) = effective Reynolds-number
y =
)

x (m) = axial coordinate
y (m) = vertical coordinate

Greek Symbols
a (W/(m?K)) = local heat transfer coef-

ficient
tangential Reynolds-number a (W/(m’K)) = average heat transfer
Re, (—) = Reynolds-number based on x coefficient

Ags (W/(mK)) = thermal conductivity of
the gas (air)
v (m%/s) = kinematic viscosity
w; (s”') = angular speed of the
rotor
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— laminar flow

— laminar flow with vortices
— turbulent flow and

— turbulent flow with vortices

In configurations without throughflow, the stability of the flow
only depends on the Taylor number. Kaye and Elgar derived a
quantitative stability map that demonstrated the additional influ-
ence of the axial discharge on the flow stability. The axial Reyn-
olds number is defined as

' Cax,m y 2s
Re,, S (2)
In Eq. (2), c,... is the average axial velocity in the channel.

Due to the axial flow, the basic axisymetric flow pattern breaks
up into pairs of counter-rotating helical vortices, which are moving
through the channel. Thus, a fully three-dimensional and periodic
flow field appears as soon as the critical Taylor number is ex-
ceeded.

Recent investigations of annular channels were performed by
Pfitzer and Beer (1992) who conducted flow velocity and heat
transfer measurements for fully developed and steady flow regimes
as well as numerical calculations. As the test facility with inde-
pendently driven cylinders was operated at moderate rotational
speeds, the appearance of Taylor vortices could not be detected, In
a subsequent study, Rothe and Beer (1994) analyzed the develop-
ing region. However, questions of flow stability were not consid-
ered either.

Questions of flow stability were considered by Shih and Hunt
(1994) for fully developed flows and high Taylor numbers. They
performed flow velocity measurements using a hot-wire-
anemometer in order to analyze the frequency spectrum.

Correlations on the heat transfer in annular channels are pub-
lished for example by Tachibana and Fukui (1964), Kuzay and
Scott (1977) or in the german VDI-Wirmeatlas (1984). In the first
two references no information about the basic flow regime is
available, whereas in the VDI-Wirmeatlas only static configura-
tions are considered.

3 Experimental Setup

For the investigations of flow and heat transfer in annular
channels, the test section sketched in Fig. 1 was used. It is
connected to a settling chamber by the flange on the left side.
Compressor air with a maximum flow rate of 0.5 kg/s is fed into
the settling chamber through a piping system which includes three
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Fig. 1 Test section
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Instrumentation

Fig. 2

orifice meters in parallel connection for the massflow measure-
ments and an electrical heater with a maximum power of 135 kW.

The heated air is discharged from the settling chamber through
a flange and a small inlet section into the annulus with rotating
inner and stationary outer cylinder. Through the second flange on
the right side, the hot gas is exhausted into the environment. For
the measurement of the convective heat transfer to the rotor, a
steady-state method was applied. Therefore, a cooling system to
maintain the temperature gradients across the rotor material is
required. Cooling air is injected through the right hand flange and
through orifices in the rotor side wall into the inner cavity of the
rotor. On the left side of the cavity, the coolant flows into an
annular channel by passing radial orifices in a cylindrical insert.
Afterwards the air is also discharged into the environment.

The rotor has a diameter of 210 mm. The surface area which is
exposed to the hot gas is 144 mm long. The channel width (s =
10; 15 and 21 mm) is varied by using stator sleeves with a
different inner diameter. The rotor is driven by an electrical DC-
motor which is connected to the plug on the right side by a flexible
clutch. The maximum rotational speed is 10000 rpm, which cor-
responds to a circumferential velocity of 110 m/s on the outer
diameter of the rotor. These high rotational speeds are achieved by
the use of precision bearings, which are located in the two flanges
of the test section. Since the left bearing is only protected by a
cover from the hot gas, a water cooling system is installed (not
sketched in Fig. 1).

For optical flow velocity measurements with a two-component
laser Doppler anemometer (LDA), a glass window covering the
rotating channel section is inserted into the stator., Thus, the axial
and circumferential velocity components were measured. The
LDA system comprises an Argon-lon-Laser in multimode opera-
tion as the light source, a two-dimensional fibre probe, and a
dantec flow velocity analyser (FVA) for the signal detection and
processing. The axis of the fibre probe was arranged perpendicular
to the rotational axis in order to perform measurements in
backscatter-mode. To obtain time-dependant velocity profiles, the
arrival time of each burst signal was recorded in addition to-the
velocity data (cp. Jakoby, 1996).

For the measurement of the heat transfer, a steady-state method
was chosen. The temperature distribution on the rotor and stator
surface as well as the gas temperature profiles are measured using
NiCr-Ni-thermocouples (Fig. 2). For the transmission of the rotor
temperature signals, a 32-channel telemetry is installed. By the
large number of measuring locations, a good spatial resolution of
the temperature profiles is achieved. The rotational symmetry of
the temperature distribution is observed by additional thermocou-
ples in different angular sections.

The convective heat transfer to the rotor wall is determined by
using the measured temperature profiles around the rotor walls as
boundary conditions for a finite element heat conduction calcula-
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tion. Thus, the temperature distribution within the rotor material
and the heat fluxes are obtained. Local heat transfer coefficients
finally are calculated by the heat flux normal to the wall and the
gas temperatures at 50 percent channel height. Averaged « and
Nusselt numbers are achieved by an integration of the local heat
transfer coefficients.

Measurements were conducted for three different channel
heights (Fig. 1). The channel size was varied by exchanging the
stator and maintaining the rotor.

As the length-to-height-ratio L/s for the particular configura-
tions is rather small (6.9 = L/s = 14.4), the developing flow
plays an important role for the convective heat transfer. Beneath
the occurrence of Taylor vortices and the influence of the channel
geometry, the discussion of the results will be focussed on the
developing flow field.

In the first step, the velocity measurements will be briefly
discussed in order to provide a basis for the analysis of local and
average heat transfer coefficients and the derivation of the corre-
lations.

4 Results

4.1 Flow Field. The investigations of flow and heat transfer
in annular channels were focussed on Taylor and Reynolds num-
bers, which are found in technical applications such as turboma-
chines or generators. The flow conditions belong to the turbulent
regime, the axial Reynolds numbers are in the range of 1600 =
Re,, = 30000. The rotational speeds reached from 0 = n =
10000 rpm, which is equivalent to a Taylor number range of 0 =
Ta < 10".

When the critical Taylor number is exceeded by an increase of
the rotational speed, perturbations in the flow are no longer
damped but amplified. The flow becomes unstable, which at first
leads to the formation of axial waves in the channel. The ampli-
tudes of the waves increase with increasing rotational speed until
a pattern of counter-rotating and unsteady vortex pairs is estab-
lished (cp. Jakoby, 1996).

The transition from the basic steady and axisymetric flow re-
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Fig. 3 Transition to turbulent Taylor-vortex flow-—data processing

Journal of Engineering for Gas Turbines and Power

i)

M- F OV LS
o]y 1 A <
wdperiodc | A @
« o traneition
o =

ax. Reynolds-number
10*

3 456789

2

10°
[

108 108 107 108 109
Taylor-number

101

Fig. 4 Stability map

gime into an unsteady and fully three-dimensional flow can be
demonstrated by time-dependant LDA-measurements. In Fig. 3,
the axial velocities for a single point at 53 percent channel height
(yls = (r — r)ls = 0.53, x/s = 0.34) are plotted in the left
column for three different rotational speeds. The discharged mass-
flow and, therefore, the axial Reynolds number were kept constant,
whereas the rotational speed was increased up to 10000 rpm. The
upper diagram (n = 100 rpm) represents the steady-state case
with almost constant velocity over the time. Since each plot is
based on 2000 data points, the number of deviating burst signals is
very small, the distribution is almost uniform. The circumferential
velocities look very similar, and, therefore, are not presented.

One of the major goals of the measurements was the determi-
nation of the stability boundary for the configurations of interest.
The precise definition of a stability boundary is rather difficult
because in contrast to cases without throughflow, there is no sharp
stripline between the steady and the periodic flow regime. The
transition occurs within a certain range of Taylor-numbers, which
leads to the problem of an appropriate definition and detection of
the boundary. Since the steady flow turns into a periodic regime,
the appearance of a distinct frequency in the velocity signals was
chosen as the criterion to identify the stability boundary. There-
fore, the cross-power spectra were calculated from the axial and
the circumferential velocities revealing the common frequencies in
both components.

The corresponding power spectra to the velocities in Fig. 3 are
shown in the right column. Due to the big differences of the
maxima, different axes scales for the particular plots were chosen.
For n = 100 rpm, only noise at a very low level can be observed,
which is in agreement to the velocity distribution.

Increasing the rotational speed leads to an amplification of the
noise in the velocity signals shown for a medium speed of n =
2000 rpm (second row of Fig. 3). The noise is obvious in the
velocity distribution as well as in the power spectrum. However,
the peaks in the frequency range below 50 Hz indicate that this is
not only pure noise. A distinct frequency is found in addition.
Consequently, this case was assigned to the transitional region
between steady and periodic flow.

When the rotational speed is increased furthermore to n =
10000 rpm (third row), no spectral analysis is required to identify
the periodic nature of the flow. In this case, the measured velocities
alternate within a range of —20 m/s =< ¢, = 10 m/s and with a
predominant frequency f of approximately 26 Hz. The character-
istic frequencies, which were detected for a considerable number
of operating conditions can be described with the following equa-
tion:
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Str= m=1;2. (3)

Cax 4 Cax Ti° L’

In Eq. (3), Str is the Strouhal number, which depends on U/c,,,
s/r;, s/L and also on a factor m. During the measurements, two
different modes of the flow leading to a period-doubling were
observed. The period-doubling is considered by the introduction of
m, which is equal to one or two, respectively.

By the spectral analysis demonstrated above, the stability map
shown in Fig. 4 was derived for two configurations (s = 10; 15
mm). The transitional regions are depending on the axial Reynolds
number and the Taylor number, respectively, and are outlined by
the shaded areas. In comparison to the 15 mm channel, the stability
boundary for s = 21 mm is shifted towards higher Taylor num-
bers. This is probably due to the smaller relative length of the 21
mm channel. Since the rotor length was kept constant, an increase
of the channel width reduces the relative length. At the channel
exit, the flow is not yet fully developed. The boundary layers in
both cases have a different degree of development, which influ-
ences the onset of instabilities. Channels with smaller relative
length are stable over a wider Ta number range.

The stability boundaries shown in Fig. 4 are the basis for the
evaluation of secondary Taylor-vortex flows on the convective
heat transfer. The intensity of the secondary flow and especially of
the reversed fluid motion was found to be surprisingly high. Axial
velocity fluctuations in the range of 30 m/s were observed for an
average axial velocity of approximately 2.6 m/s. Under this point
of view, the influence of Taylor vortices on the convective heat
transfer is hard to assess. An evaluation will be given in the
following section.

4.2 Heat Transfer. The results presented in this paper were
achieved for configurations with a rather small ratio of channel-
length-to-height L/s. Therefore, the development of the boundary
layers in the channel significantly affects the convective heat
transfer and has to be separated from other influences like rotation
or secondary motions. Consequently, it will be discussed by an
example with predominant axial flow. In Fig. 5, local heat transfer

coefficients are plotted versus a nondimensional axial coordinate, -

which is normalized by the channel height. A constant axial
Reynolds number of Re,, = 30,000 was chosen in combination
with a very low rotational speed. The symbols correspond to the
a-numbers at the nodes of the finite element mesh, the lines are
approximation functions. Since the geometry was varied by main-
taining the channel length (L = 144 mm) and using stators with
different inner diameter to change the channel height, the three
curves have a different nondimensional length.

At the entrance into the channel (x/s = 0), high heat transfer
coefficients are found due to the small boundary layer. With

Jre—
z|X
£
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3
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Fig. 5 Local heat transfer coefficients
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increasing length, a decrease of the a-numbers takes place until a
local minimum in the range of 5.0 < x/s < 6.5 is reached.

As it is well-known from the literature, developing flows start
with a laminar boundary layer even for high Reynolds numbers. If
the stability point is passed, perturbations in the flow cause a
laminar-turbulent transition. Within the transition region, an en-
hancement of the convective heat transfer takes place. In Fig. 5, the
heat transfer enhancement is expressed by a second maximum of
the a-numbers. For flat plates, the theoretical stability point is
calculated to Re, = ¢, * x/v =~ 6 + 10* (Jischa, 1982). In this
equation, ¢, is the free-stream velocity and x is the axial distance
from the leading edge of the plate. Subsequently, for a given Re,
the axial location of the stability point can be calculated. By a
comparison of the channel flow with the flat plate results, a rough
estimation of the stability point location can be made. For Re,, =
30,000 it is located at x/s ~ 4, which is in good agreement to the
observed transition region. Even for flat plates, the laminar-
turbulent transition region in most cases is found downstream of
the theoretical point of instability (Jischa, 1982).

As shown by Fig. 3, the heat transfer to the rotor is influenced
by regions with laminar, transitional and turbulent boundary layer,
which is not a very surprising result but important for the inter-
pretation of averaged heat transfer coefficients and the derivation
of correlations.

For the analysis and the description of the heat transfer charac-
teristics, appropriate dimensionless parameters have to be defined.
For channel flows, the Reynolds numbers and the Nusselt number
in many cases are based on the hydraulic diameter or the channel
height as the characteristic length. This is useful with regard to
fully developed flows, where the boundary layers at both cylinders
are merged and the axial distance to the entrance is unimportant. If
entrance effects have to be taken into account, the use of the
chanpel length is more suitable, as shown by Fig. 5. The heat
transfer coefficients significantly decrease with increasing channel
height although the Reynolds number is constant for all cases.
Here Re,, is calculated by using the hydraulic diameter as the
characteristic length. Constant Re,, means constant massflow.
Consequently, the axial velocities and the shear stresses decrease
with increasing channel height, which, according to the Reynolds
analogy, leads to a reduction of the a-numbers. As long as the
boundary layers at the rotor and the stator are not merged, the
influence of the axial length is much more crucial than the hydrau-
lic diameter and should be used as the characteristic length.

The flow regime in annular channels with rotating walls is
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Fig. 7 Influence of Taylor vortices on the convective heat transfer

influenced by the combination of axial and circumferential main
flows. Therefore, the question arises whether the separate use of a
Taylor and an axial Reynolds number is required or if they can be
combined into one dimensionless number, which is representative
for the flow conditions. As already shown by Gazley (1958), a
suitable description of the convective heat transfer is obtained by
the use of a characteristic velocity, which is a combination of the
average axial velocity and the rotor speed. Thus, an “effective”
Reynolds number can be defined as

Cetr® L

.2 2,
_ _ Cax,m +U*-L _
Reeff - v - Cax *

v 4 ax,m

Cotr L
oo @

This definition of the Reynolds number based on the “effective”
velocity ¢ and the channel length will by used for the discussion
of the averaged heat transfer coefficients, because it is a measure
for the shear stresses at the rotor wall and provided the best
correlation of the measured data.

In accordance with the Reynolds number, the Nusselt number is
also modified by using the channel length

L a-L
Ny, = Nu+—=

26 A )

gas
In this equation, the average heat transfer coefficient @ is obtained
by an integration of the local a-numbers,

Using the Nusselt and Reynolds number defined above, the
average heat transfer coefficients for the three configurations are
plotted in Fig. 6. For each channel geometry, a separate diagram is
drawn. The symbols refer to different axial Reynolds numbers.

In addition to the three plots for constant geometry, the complete
data base is summarised in the lower right diagram of Fig. 6. The
Nusselt numbers of the particular configurations can be distin-
guished by the symbols. In these double-logarithmic plots, the
symbols for each configuration seem to form straight lines depend-
ing on Re.;. Varying the channel width leads to a shift of the
Nu,-numbers. For the smallest channel, the largest heat transfer
numbers are found, because here the largest turbulent fraction of
the boundary layer exists according to the discussion of the local
heat transfer coefficients (Fig. 5). When the chanuel width is
increased, the influence of the laminar fraction of the boundary
layer on the average heat transfer coefficient predominates, which
leads to a decrease of Nu,.

When the data is analysed more in detail, different exponents »n
for Nu, ~ Rey; are found for the three configurations expressing
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the influence of the developing flow (cp. Fig. 9). Furthermore, the

impact of Taylor-vortex secondary motions is revealed. One of the

benefits of using Re. is a general consideration of rotation by the

characteristic velocity. Thus, the additional heat transfer enhance-

ment caused by Taylor-vortex formations can be separated and

quantified. However, as suggested by the results shown in Fig. 6,
the influence of Taylor vortices is not as spectacular as expected by

the discussion of the flow field.

With the stability map derived by a spectral analysis of the
velocity data (section 4.1), the heat transfer coefficients can be
assigned to steady or periodic flow conditions. When the basic
flow regime is identified, the impact of Taylor vortices on the Nu,
numbers can be quantified as shown by the example in Fig. 7. The
right diagram shows the stability map for s = 15 mm depending
on Re,, and Ta. When the axial Re number is kept constant and the
rotational speed is increased, the transition region is crossed as
indicated for Re,, = 8000. Within 107 < Ta < 3 - 10’, the basic
flow turns into a periodic flow regime with turbulent Taylor
vortices. The corresponding Nu, numbers for Re,. = 8000 are
plotted in the left diagram versus Re,;. The arrows indicate the
direction of increasing rotational speed. In this diagram, the left
hand symbols lie on a straight line, whereas the right hand symbols
can be connected by another straight line with a slightly higher
gradient. The point of intersection (dashed line) is close to the data
point for Ta = 1.76 - 107, which belongs to the transition region.
Subsequently, the heat transfer enhancement due to Taylor vortices
is expressed by different gradients within the steady and the
periodic regime in this double-logarithmic plot. The influence of
the secondary motion is rather small, because the circumferential

Table 1 Correlation coefficients

steady flow | periodic flow
n ¢ n c
3o 08| 0.04 081 0.04
au 0.5 06| 0625} 0.136
t 027 032 0.27 0.3
b 121 885| 15.0 12.9
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1.00 16 Comgy — flow regimes. As such discrete values are not suitable for the

A - Cperiodc s correlation of the results, appropriate approximation functions for
+ - Newady the correlation coefficients have to be found. The general problem
0.75 1 X - Nperiodic of using correlations is their restriction to the validity range of the

: - basic data. However, in most cases an extrapolation of correlations

— e is unavoidable, because the conditions of the particular applica-

T, M tions often differ from the validity range of the correlations.

- 0.50 o Consequently, correlations should lead to reasonable results even

-, if they are extrapolated. To meet this goal, the available data in the

kY literature was used to determine the asymptotic behavior for chan-

0.25 nels with low and very large L/s ratio. With regard to the exponent

n for example, the specifications in the literature are n = 0.5 for

e, N laminar flows (cp. Schliinder, 1983) and 0.75 < n = 0.8 for

turbulent flow regimes (e.g., Tachibana and Fukui, 1964) and fully

0.00 0 5 10 15 20 developed flow. Due to the influence of transition, the exponents

determined by this study lie in between this range (Fig. 8). There-

L/s fore, the approximation function should converge against 0.5 for

small L/s, where the boundary layer is purely laminar. For very

large L/s ratios, where the flow is turbulent and fully developed, a
boundary value of 0.8 was chosen.

As a suitable approximation function, the hyperbolic tangent
velocity field is predominant for the heat transfer. The effective function was identified. It can be adjusted to meet the desired
velocities and therefore the gradients close to the wall first of all  behavior with only four parameters. The correlation coefficients
depend on the rotor speed. The additional motions and velocity  then can be described as
fluctuations, which appear due to the formation of Taylor vortices,

Fig. 8 Correlation coefficients

still are small compared to the circumferential speed of the inner L L\ a,c et 4 g .« pdottianl

cylinder. aspmy T 2 MWD =B] 4. 1~ (s +5] )
Based on the results presented in the preceding paragraphs,

correlations for the heat transfer numbers were derived. One of the The coefficients for ¢ and n according to Eq. (7) are shown in

ggals was to use a simp.le approaf:h with a minimpm Of constants.  papje 1, The upper and the lower boundary values are a, and a,,
Slpce .the data summarlzed in Fig. 6 can be d“,”de‘i Into groups  yhoreas ¢ and b are used to match the experimental data. In Fig. 8,
with linear connection in the double-logarithmic plot, the basic e hyperbolic tangent functions for ¢ and n are plotted versus L/s.
correlation function is The experimental values are represented by the symbols. Thus, the
Nu, = ¢ * Rey. 6) gooq .ﬁt between the functions and. the basic data is shown.
Additionally, the convergence behavior for small and large L/s

Although the influence of periodic flow regimes on the heat ratios is pointed out.
transfer is not predominant, the data was subdivided into Nu, Finally, a comparison of the correlation and the measured data
numbers for steady and periodic flows. However, the error by is shown in Fig. 9. In contrast to Fig. 6, the data for periodic flows
neglecting secondary flow structures in most cases is acceptable.  is separated from the steady flow Nusselt numbers. For steady
In the next step, the constants ¢ and # in Eq. (6) were calculated  flows, the influence of the channel geometry is found to be more
from the measured data. Thus, six different sets of constants were  distinct than for periodic flows, where the Nu, numbers are closer
obtained for the three configurations and for steady and periodic  together. Nevertheless, the differences are not crucial. For most
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technical applications it is sufficient to use the correlation for
steady flows, especially if the stability boundary is unknown.

5 Conclusions

This paper presents a study of the flow and heat transfer in
annular channels with rotating inner cylinder and axial through-
flow. Such configurations are found in the internal air system of
turbomachines or generators. Although the geometry is very sim-
ple, the flow field becomes extremely complicated when the sta-
bility boundary is exceeded. The basic two-dimensional flow pat-
tern breaks up into pairs of helical, counter-rotating Taylor vortices
leading to a three-dimensional and periodic flow field. In the range
of technical relevance, neither the stability boundary that depends
on the axial Reynolds number and the Taylor number as well, nor
the impact of Taylor vortices on the convective heat transfer
usually is known. Since the length of the channels found in
turbomachines in many cases is not sufficient to obtain a fully
developed flow, the influence of the flow development must also
be considered.

First of all, the basic flow regimes were investigated by two-
component LDA-measurements. Thus, detailed data about the
periodic and also the steady flow regime was achieved. The peri-
odic flow field is ‘characterized by extreme fluctuations of the
instantaneous velocities compared to the average values. By a
spectral analysis of the time-dependant velocity signals, the sta-
bility boundary was determined for the configurations of interest.

Based on the knowledge of the flow regimes, the heat transfer
characteristics for air was analyzed in the next step. Local heat
transfer coefficients were measured for the rotating inner cylinder,
which revealed the development of the flow including the laminar-
turbulent transition of the boundary layer. By an integration of the
local numbers, the overall heat transfer characteristics was ana-
lyzed. For the description of the convective heat transfer, modified
Reynolds and Nusselt numbers based on the channel length were
used. Furthermore, an “effective” velocity was introduced into the
definition of the Reynolds number. Using these numbers, the
influence of Taylor vortices on the heat transfer could be pointed
out. Surprisingly, the heat transfer enhancement due to secondary
motions was found to be of minor importance as expected.

Finally, the experimental results were condensed into correla-
tion functions. Thus, the influence of a combined axial and rota-
tional flow, the development of the flow field and also the impact
of secondary motions on the convective heat transfer are consid-
ered. With this tool, a contribution to an improvement of cooling
air systems in turbomachines shall be made.
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The Creep Damage Behavior of
the Plasma-Sprayed Thermal
Barrier Coating System
NiCr22Co12M09-NiCoCrAlY-
Zr0,/7%Y,0,

U. T. Schmidt
During creep loading metallic substrates impose deformation on deposited ceramic
0. Vo6h ringer “thermal barrier coatings (TBC). Strain accomodation of the TBC is not attained by plastic
deformation, but by means of crack initiation, crack opening, crack propagation or sliding
of adjacent crack faces. In technical applications a distinction is made between tolerated
D. Lohe or desired cracks perpendicular to the surface, and detrimental cracks parallel to the

substrate-coating interface. Thus, TBC can respond to creep deformation by segmentation
or spallation, the latter being referred to as failure. The parameters influencing the
probability of either segmentation or spallation are temperature, creep rate, magnitude of
creep deformation, layer thickness, and microstructure of the TBC. It can be stated that
spallation failure probability increases with increasing creep rate, creep deformation, and
layer thickness. The presence of pores between single spraying layers also strongly
augments the likelyhood of spallation. No significant influence of temperature on spalla-
tion failure probability can be found in the range from 850°C to 1050°C. Light micros-
copy and scanning electron microscopy investigations show that the microstructure of the
ceramic TBC changes during creep, and that the density of cracks detected on micro-
graphs with low magnification (X 50) increases with increasing creep deformation. On the
other hand, the density of microcracks visible with high magnification (X 500) is constant,
or even decreases with increasing creep deformation. These findings are explained by
sintering processes enabled by stress relaxation due to formation of macroscopic cracks
perpendicular to the surface as a response to creep deformation. A relationship between
microstructural changes and the emission of acoustic signals recorded during creep is
presented.

Institute of Materials Science and Engineering,
University of Karlsruhe (TH),

Karlsruhe, 76128,

Germany

Introduction

Plasma sprayed thermal barrier coating systems composed of
MCrAlY (M for Ni, Co, Fe) bond coat and a ZrO,/Y,0; thermal
barrier coating (TBC) are now a state-of-the-art feature in modern
combustion chambers for turbines in both aviation and power
generation. Although much empirical knowledge is available about
the optimization of the spray process in respect to the behavior
under thermal cycling or thermo-shock, little is known about the
failure mechanisms governing the degradation process of these
coating systems. However, an understanding of these failure mech-
anisms is necessary for the modeling of coating degradation and
life time prediction of coated engine parts.

Therefore elementary creep tests were carried out in order to
separate basic parameters influencing the damage process and to
determine their degree of influence. Creep tests were carried out at
850°C, 950°C, and 1050°C in air at constant load resulting in creep
rates of approximately € = 5+ 107> 1/s (fast) and 5+ 1077 1/s (slow)
and microstructures were investigated after 1 percent, 3 percent,
and 5.5 percent creep strain. Furthermore, accompanying investi-
gations using an acoustic emission technique were carried out to
obtain more information of the damage behavior of the TBC.

Contributed by the International Gas Turbine Institute (IGTI) of THE AMERICAN
Sociery oF MEcHANICAL ENGINEERS for publication in the ASME JourNaL oF ENGI-
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Results

During creep loading metallic substrates impose deformation on
deposited ceramic thermal barrier coatings. Strain accomodation of
the TBC is not attained by plastic deformation, but by means of
crack initiation, crack opening, crack propagation or sliding of
adjacent crack faces. Thermal barrier coatings can respond to creep
deformation by segmentation or spallation, the latter being referred
to as failure.

In Figs. 1 through 3 it is shown that segmentation and spallation
can either occur separately or in a combined mode. Provided a
strong bond between bond coat and TBC and between single layers
of the TBC the coating system responds to creep strain in a mode
depicted in Fig. 1. Here, an increase in creep strain (Fig. 1(a) to
(¢)) leads to the formation and growth of cracks perpendicular to
both the coating plane and the strain direction.

The cracks perpendicular to the surface visible in Fig. 2 are
caused by the spraying process and the subsequent cooling and
temperature equilization rather than by creep deformation of the
substrate. During spraying, usually performed in several layers, a
temperature gradient develops which leads to a higher thermal
contraction in the outermost layers and thus to a thermally induced
crack initiation and crack growth. Despite of these cracks the
coating system in Fig. 2 responds to creep deformation of the
substrate by initiation and propagation of a single crack along a
row of pores between the first and second layer of the TBC leading
to a complete loss of the TBC above it.

A combination of these two extreme modes of failure is shown
in Fig. 3. In this combined mode the cracks already existing after
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Fig. 1

the spraying process propagate from the surface towards the bond
coat/TBC interface. The distance between these cracks is not a
function of creep conditions but of spraying conditions. Thus, as
an adaptation to creep temperature, creep rate and creep strain,
additional cracks originate at the bond coat/TBC interface and
propagate to the surface. Final failure, ie., spallation, occurs
provided the stress relief achieved by perpendicular cracks does
not insure a subcritical shear stress distribution in the 1st/2nd layer
interface.

It was found that increasing TBC thickness, creep strain and
creep rate leads to a higher probability of spallation. Quantitative
statements cannot be made due to the scatter in microstructure of
the specimens. No influence of temperature on spallation failure
probability was observed.

Quantitative information about the development of perpendicu-
lar cracks can be obtained from Fig. 4 for a 500 um TBC. Crack
density values were calculated by normalizing the number of
intersection points of cracks and an intersection line to the length
of this line. With increasing creep strain the density of cracks
visible at 50-fold magnification, in the following referred to as
macro cracks, increases tending to a saturation value. Only in very
few cases did spallation occur in TBC of 500 wum thickness after
5.5 percent creep strain.

The failure behavior of a TBC of 1500 pm thickness is shown
in Fig. 5. Distinction is made between big macro cracks clearly
separating two neighboring segments and small macro cracks
within a single segment and also between the locations near the
surface (top), mid-coating thickness {center), and near the bond
coat/TBC interface (bottom).

Pure segmentation failure mode of plasma sprayed TBC (500 um thickness, T = 1050°C, ¢ = 35 MPa); (a) ¢ = 1
percent, (b) e = 3 percent, and (¢) e = 5.5 percent

At the top position as the density of big macro cracks (Fig. 5(b))
increases with the same rate as the density of small macro cracks
(Fig. 5(a)) decreases, it can be stated that no crack initiation takes
place, which causes a constant total macro crack density (Fig. 5(c))
with increasing creep strain. Near the bond coat/TBC interface
strain accomodation can only be obtained by formation of addi-
tional cracks, as can be seen in a steep increase in small macro
crack density (Fig. 5(g)) with increasing creep strain. This forma-
tion of additional small macro cracks also causes an increase in
total macro crack density (Fig. 5(i)), whereas the density of big
macro cracks (Fig. 5(h)) shows the same dependence on creep
strain as in the top section.

In the center section the density of small macro cracks (Fig.
5(d)) remains nearly constant. Therefore, new small macro cracks
must form mainly as small macro cracks from the bottom section
propagating upwards to the center to compensate the small macro
cracks turning into big macro cracks (Fig. 5(e)).

Generally speaking it is observed that strain accomodation is
accomplished by means of macro crack initiation and macro crack
growth as well as macro crack opening which causes stress relief
in the sections between the macro cracks.

As a consequence, micro cracks visible at 500-fold magnifica-
tion within these sections are stress free. Figure 6 shows the
density of micro cracks parallel and perpendicular to the surface as
a function of creep strain. To separate the influence of the heating
process and temperature equalization time prior to the application
of the creep load from the influence of creep strain crack densities
are normalized by subtracting the micro crack density after 1
percent creep strain. Within a considerable scatter band the general

Fig. 2 " Pure spallation failure mode of plasma sprayed TBC 1500 um thickness T = 850°C, o = 100 MPa, and € = 5.5 percent
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Fig.3 Schematic depiction of combined segmentation/spallation failure
mode of plasma sprayed TBC

tendency can be found that the micro crack density both in parallel
and perpendicular direction decreases with increasing creep strain.

These findings which are obviously caused by sintering pro-
cesses can also be observed within thermal barrier coatings in the
as received condition detached by etching in hydrochloric acid as
shown in Fig. 7. The micro crack density decreases with increasing
annealing time and temperature even at a temperature as low as
850°C.

The afore mentioned microstructural processes such as crack
initiation, crack propagation and also stick-slip movements of
spalled segments relative to the substrate are all discontinuous
processes at which elastic energy is set free at discrete times.

Thus an acoustic emission system was set up to detect record
and analyse the emission of the elastic energy. In order to locate
the sources of acoustic emission a linear chain arrangement of two
piezoelectric transducers was coupled to the watercooled heads of
the creep specimens using roller bearing grease as couplant. After
the creep tests the recorded signals were analysed using logical
filters such as location filters to separate acoustic signals which
originated from the thermal barrier coating from acoustic or elec-
tromagnetic noise. Several characteristic parameters were used to
analyse the acoustic emission data. A visualization of these pa-
rameters is given in Fig. 8.
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Figure 9 shows a selection of cumulative frequencies of the

. parameter rise time, i.e., the time elapsed from the first threshold

crossing to the arrival of the maximum peak. Cumulative frequen-
cies of the total signals from beginning of the creep test, i.e., after
complete application of creep load to 1 percent (solid line), 3
percent (dashed line), and 5.5 percent (dotted line) are presented
for different temperatures and TBC thicknesses. It can be stated
that an increase in creep strain causes an increase in rise time as the
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cumulative frequency shifts to higher rise time values. This in-
crease in rise time is most significant for creep tests at 850°C or
1050°C and thin (300 pm) or thick (1500 pm) thermal barrier
coatings.

Discussion

Creep strain of the substrate imposes stresses on applied thermal
barrier coatings. However, these stresses are relatively low on a
macroscopic scale compared to the creep stresses in the substrate
because of the high density of pores, micro and macro cracks in
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plasma sprayed coatings and therefore do not influence the stress
distribution in the substrate.

With this presumption the boundary conditions at the substrate
coating interface can be formulated that the displacement of each
point of the coating is equal to the creep displacement of the
substrate. With increasing creep strain of the substrate a distribu-
tion of shear stresses and a distribution of direct stresses develops.
These stresses are proportional to creep strain. The maximum
shear stress is found at the end of the coated section or when
segmentation already took place at the edge of segments, maxi-
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Fig. 9 Cumulative frequencies of rise time distributions as a function of
creep strain for different creep temperatures and TBC thicknesses
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mum direct stress is found in the symmetry plain of the coated
section or the formed segments.

Comparison of the ratio of maximum shear stress to maximum
direct stress and the ratio of the critical shear stress for mode II
cracking, i.e., spallation to the critical direct stress for mode I
cracking, i.e., segmentation has to be made in order to gain
information which failure mode is more likely to occur.

A first approach to calculate the shear stress to direct stress ratio
was done on the assumption that direct stress is constant in a cross
section perpendicular to the strain direction. An analysis of the
equilibrium of forces of a cut free element of the TBC leads to the
following differential equation already known in the field of fibre
reinforced materials (Hollister and Thomas, 1966):

3’c 2G (o
TP \ET )
or
't 2G
W TR @

where x = distance from the symmetry plane of the coated section
or segment, ¢t = thickness of the TBC, €, = creep strain of the
substrate, £ = Young’s modulus of the TBC, and G = shear
modulus of the TBC. Equation (1) and Eq. (2) can be solved by
using

o(x) = o, cosh (ax) + ¢ 3
and
7(x) = ogta sinh (ax) )

with o, a, and ¢ as integration constants.
Thus the maximum stress ratio becomes

_w> ,haw
’Tmax_T X = 7 ta sm 2

Ope T (x=0) = ¢ )
1+ —
(o
with w = width of the coated section or segment.
The boundary condition
w
o (x = 5) = 6)
leads to
c " aw .
o cos 5] - )
Substituting Eq. (7) in Eq. (5),
inh aw
- fa sinh =
e ®

T ax aw
1 — cosh >

From Eq. (7) it can be seen that the maximum shear stress to
maximum direct stress increases with increasing TBC thickness.
Further statements about the maximum stress ratio are difficult
because the integration constant @ shows a high order dependence
on both thickness and width.

The strong dependence of the maximum stress ratio on TBC
thickness found in the analytical approach is confirmed by the
experimental findings. An increase in TBC thickness strongly

682 / Vol. 121, OCTOBER 1999

augments the fault probability of spallation. Another experimental
finding is that spallation occurs along a row of pores between the
first and second spraying layer. This can be discussed as a locally
very low critical shear stress to critical direct stress ratio. The
influence of creep rate on spallation failure probability has to be
explained by the ability of the bond coat to relax the shear stress
peaks due to its very low creep strength. This effect is not included
in the basic stress model presented in this paper. The missing
temperature influence is either caused by a constant critical shear
stress to critical direct stress ratio or is the result of the interplay of
different mechanisms such as change in critical stress ratio, max-
imum stress ratio, oxidation and creep strength of the bond coat.

As long as segmentation is the governing failure mode an
increase in creep strain causes an increase in direct stress above the
critical value relieved by cracking. With decreasing segment width
the bond coat gains more and more the ability to relax the stresses
in the TBC so that a saturation value as shown in Fig. 4 is aspired.

The investigation shows that stress relief is basically achieved
by means of macro cracking and that the influence of pores and
micro cracks has to be discussed as an influence on macroscopic
Young’s modulus and shear modulus as well as an influence on
critical direct stress and critical shear stress. The latter is quite
obvious when looking at the rows of pores between single spraying
layers as a major location of severe spalling.

As stress is relieved by macro cracks the observed sintering
processes even in specimens under creep load can be understood.
This finding is supported by investigations of Thurn (1997) and
Thurn et al. (1997) who detected a shrinkage of detached plasma
sprayed TBC in the first heating cycle in a differential dilatometer.

The changes in acoustic emission characteristics are explained
by the changes in microstructural damage behavior during creep.
Both segmentation close to the point of saturation and spallation
cause a decrease in crack initiation and crack propagation activity.
These acoustic events are related to single distinguished signals
graphically described as a click. As this acoustic activity fades
other events come to the fore such as a stick-slip movement of
adjacent crack faces parallel to the surface. This grating stick-slip
movement emits cascades of single bursts that cannot be distin-
guished. Thus the time between first threshold crossing and arrival
of the highest amplitude oscillation of a subsequent burst can be
significantly high, which leads to a shift of the rise time distribu-
tion to higher values.

The increase of the frequency of the low rise time signals in the
creep test of the 1500 um TBC systems at 1050°C (Fig. 9(7)) is
related to cracking of the oxide scale growing underneath the
spalled TBC. The growth rate of the oxide scale is the highest
because under these conditions (high temperature/thick TBC) pre-
mature spalling causes a loss of oxidation protection by the TBC
and the oxidation attack is strongest.
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A Metallographic Technique for
High Temperature Creep
Damage Assessment in Single
Crystal Alloys

The use of single crystal (SX) nickel-base superalloys will increase in the future with the
introduction of SX blades into large gas turbines for base-load electricity production.
Prolonged periods of use at high temperatures may cause creep deformation and the
assessment of damage can give large financial savings. A number of techniques can be
applied for life assessment, e.g., calculations based on operational data, nondestructive
testing or material interrogation, but because of the uncertainties involved the techniques

P. Henderson
Vattenfall Energisystem AB,

P. 0. Box 528, are often used in combination. This paper describes a material interrogation (metallo-
162 16 Stockholm, . . . .

Sweden graphic) technique for creep strain assessment in SX alloys. Creep tests have been
performed at 950°C on the SX alloy CMSX-4 and quantitative microstructural studies
performed on specimens interrupted at various levels of strain. It was found that the

J. Komenda strengthening y'-particles, initially cuboidal in shape, coalesced to form large plates or

rafts normal to the applied stress. The y-matrix phase also formed plates. CMSX-4
contains ~70 vol % v'-particles and after creep deformation the microstructure turned
itself inside out, i.e., the gamma “matrix” became the isolated phase surrounded by the
7!_((

Swedish Institute for Metals Research,
Stockholm, Sweden

particles.” This can cause problems for computerized image analysis, which in this
case, were overcome with the choice of a suitable measurement parameter. The rafts
reached their maximum length before 2 percent strain, but continued to thicken with
increasing strain. Although of different dimensions, the aspect ratios (length/thickness
ratio) of the gamma-prime rafts and the gamma plates were similar at similar levels of
Strain, increasing from ~1 at zero strain to a maximum of ~3 at about 1-2 percent strain.
Analysis of microstructural measurements from rafting studies on SX alloys presented in
the literature showed that the aspect ratios of the vy and y'-phases were similar and that
at a temperature of 950-1000°C a maximum length/thickness ratio of about 2.5-3.5 is
reached at 1 to 2 percent creep strain. Measurement of gamma-prime raft or (or gamma
plate) dimensions on longitudinal sections of blades is thus a suitable method for high
temperature creep damage assessment of SX alloys. This gives a considerable advantage
over conventional Ni-base superalloys whose microstructures are usually very stable with
respect to increasing creep Strain.

Introduction In SX alloys the ¥'-particles agglomerate during creep at high
temperatures to form large plates (rafts) normal to the applied stress
{1-7]. The rafts form in the early stages of creep, gradually increasing
in length until a constant raft length is reached [3, 4]. A previous study
of CMSX-4 showed that while no rafts occurred during creep at
800°C, rafting occurred at low stresses (long times) at 950°C and at all
stress levels at 1100°C [7]. In spite of the large number of experiments
where rafting has been observed there have been few quantitative
microstructural studies of SX alloys reported in the literature. This
was the motivation for the work reported here.

The use of single crystal (SX) nickel-base superalloys will
increase in the future with the introduction of SX blades into large
gas turbines for base-load electricity production. Prolonged peri-
ods of use at high temperatures may cause creep deformation and
the assessment of damage can give large financial savings. For
example, blades exhibiting large amounts of creep strain in local-
ized areas can be taken out of service before failure occurs, so
avoiding widespread damage and unplanned outages. Alterna-
tively, it may be found that blades can be run for significantly
longer than their original design lives.

In wrought or conventionally cast turbine blades and vanes
thermal fatigue cracking is often a cause of premature failure,

Experimental

Material and Mechanical Testing. The SX alloy used in the

although creep is an important design criterion. As a first step
towards understanding the deformation of an SX alloy which could
be used in industrial gas turbines it was decided to study the creep
of CMSX-4.
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study, CMSX-4, was received in the form of fully heat treated 16 mm
diameter bars, having deviations of 3.5 to 12 deg from the [001]
orientation. The bars had been cast and heat-treated by Howmet
Exeter Casting, UK. The solution treatment was a multi-step process
in which the temperature was raised from 1277°C to 1321°C. The
aging treatment was a two stage process, viz. 6 h at 1140°C, argon fan
quench, 20 h at 870°C, air cool. CMSX-4 contains ~70 vol %
7v'-particles. The chemical compositions of the master batches from
which the crystals were grown are given in Table 1.

Creep testing was performed in air under constant load at
950°C/155 MPa. The testpieces were not allowed to spend more
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Table 1 -~ Composition in weight %

of the CMSX-4 used for creep testing

Crystal no. Cr Co Mo w Ta Re Al Ti Hf Ni
V6, V9 6.4 9.7 0.6 6.4 6.5 29 5.7 1.0 0.1 Bal
V1, V2, V5 6.5 9.6 0.6 6.4 6.5 2.9 5.6 1.0 0.1 Bal

than three hours or less than one hour at the testing temperature
before being loaded. The tests were interrupted at specified levels
of strain before failure occurred and allowed to cool under load.

Metallography. Creep specimens were sectioned longitudi-
nally along the gauge length and prepared for microstructural
examination. One creep specimen (deformed to 8.4 percent at
950°C) was also examined directly outside the gauge length where
the stress (and therefore strain) were lower, but the temperature
and creep testing time were the same. The specimens were lightly
etched in glyceregia containing 10 ml HNO,, 20 ml HCI, and 20
ml glycerol. Particle shapes and sizes were measured from micro-
graphs taken in a scanning electron microscope (SEM) and quan-
tified by automatic image analysis using a Kontron IBAS 2000
image analysis system. A number of particle parameters were
measured, but many were found to be unsuitable. A major draw-
back to quantifying the y'-particle/y-matrix microstructure is that
initially, before creep testing, the y'-particles are discrete and the
y-matrix is the continuous phase. However, after (.5 percent creep
the matrix is the isolated phase and the v'-phase is continuous in
the form of interlocking rafts. A computerized image analysis
system thus measures one y'-particle as filling an entire measure-
ment frame. The mean chord size was found to be the most suitable
parameter for characterizing the particles and the matrix. Chord
size is defined in Fig. 1.

Results

Creep Testing. Creep curves are shown in Figs. 2 and 3. There
was no primary creep and the creep curve was dominated by the
tertiary stage as seen in Fig. 2. Figure 3 shows, however, that there
is a small amount of steady-state creep, about 0.5 percent, before
the start of tertiary. Although small in percentage terms, the
steady-state creep stage extends for about 50 percent of the life-
time.

Microstructural Changes During Creep. The mean values
of the particle and matrix dimensions are given in Table 2. Four
areas, each of dimensions 29 um X 29 um were examined for
each specimen. There is a fall in the number of particles measured

measurement frame
test line
no. 1
~ no. 2
t S no.z
= no.
([ \\ @ no. 5
no. 6
Q\ object chord
or
ﬂ Q /- background chord
no. n-4
S ):_/ L no. n-3
no. n-2
no. n-1
no. n

Fig. 1 Definition of chord size. Each measuring frame was divided into
50 tests lines. The length of intersection of the test lines within each
particle is called a chord. The mean chord size of all lines within particles
is reported. Test lines were produced In the horizontal and vertical
_ directions and the chord size was measured in the matrix and the parti-
cles.
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when rafting begins from 1225 particles at 0 percent strain to 10 at
0.5 percent strain, even though the area measured for each speci-
men is the same. This is because the particles form an interlocking
network of rafts and one particle can fill an entire measurement
frame. There is also a corresponding increase in the perimeter from
1.6 um at O percent strain to 1451 um at 2 percent strain. The
lengths and widths were obtained from chord sizes (see Fig. 1 for
an explanation of chord size). With chord measurements a large
number can be sampled and this method is therefore more suitable.
The rafts reached their maximum length between 0.5 and 2 percent
strain, but continued to thicken throughout the creep test. Speci-
men V5, which reached 0.5 percent strain after 2876 hours showed
similar raft dimensions to V1x, which reached ~0.5 percent strain
after 5028 hours. Specimens V1 and V1x both spent the same
amount of time at 950°C (5028 h), but experienced different levels
of strain and showed different raft dimensions. These two obser-
vations show that the raft dimensions depend on the strain rather
than time. Figure 4 shows the original microstructure and after
rafting at 0.5 percent strain. The aspect ratios (length/thickness) of
the v and the -y-phases are plotted as a function of strain in Fig.
5. It can be seen that they are similar, reaching a maximum at
0.5-1.0 percent strain.

Discussion

Measurements of y'-rafting in an SX alloy at 982°C have been
presented in [3] and rafted microstructures from an interrupted creep
test on SC16 at 950°C have been presented in [15]. The aspect ratios

50 + +
| CMSX4, 155MPa, 950°C
40 4
R 304
= b
«
E 20+
(7] L
10 +
04—t +
0 2000 4000 6000
Time (hour)

Fig. 2 Creep curves of the investigated specimens. A large amount of
tertiary creep.

4 4 et v—t
CMSX4, 155MPa, 950°C

Strain (%)

0 2000

4000 6000
Time (hour)
Fig. 3 Same as Fig. 2, but showing the first part of the creep curves in

more detail. A small amount of steady-state creep (~0.5 percent strain)
can be seen.
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Table2 Microstructural measurements taken from longitudinal sections of creep tested specimens. The creep testing conditions
were 950°C/155 MPa. Four areas, each of dimensions 29 pum X 29 pm (a total area of 3364 um®) were examined for each
specimen. The length is defined as the direction perpendicular (L") to the stress direction and the thickness is the direction

parallel (|*) to the stress.

Gamma prime

) particle
Test conditions measurements  Particle/raft dimensions, chord measurements (um) Matrix dimensions, chord measurements (pm)
Specimen Elongation Perimeter Thickness [|* Thickness ||
no. (%) No. (um)  No. L" Length L stress No. || stress No. 1" Length 1’ stress No. || stress
Vo6 Ountested 1225 1.6 2037 0.34 = 0.004 2229 031 £0.004 2072 0.46 = 0.016 2222 0.43 £0.016
\'Al 0.5 10 335 2532 1.64 = 0.038 7622  0.54 = 0.003 2441 0.68 = 0.016 7523 0.22 = 0.001
V2 2.0 6 1451 2263 1.94 = 0.043 5945 0.74 £ 0.006 21359 0.66 + 0.014 5828  0.25 = 0.001
Vi 8.4 5 1365 2425 1.80 * 0.034 4241 1.03 £0.012 2329 0.62 = 0,011 4144  0.40 = 0.002
Vix #
97
MPa) ~0.5% 22 443 2640 1.49 = 0.038 6831 0.59 =0.004 2570 0.72 = 0.016 6755 0.27 = 0.001
Vo*
rupture  30% 7 805 2515 1.73 + 0.030 3072 142 £0.019 2422 0.61 = 0.011 2972 0.49 * 0.004

# measurements were made immediately outside the gauge length of Spec. V1 between the extensometer ridges and the threaded ends where the stress

and therefore strain were lower (denoted Spec. V1x). The stress was 97 MPa and the strain (reduction in area) was about 0.5%.

* the microstructure of the ruptured specimen V9 was quantified away from the fracture at an area of uniform deformation along the gauge length. The
strain (reduction in area) was in this case 30% at 950°C. The maximum reduction in area and the elongation of V9 were 46% and 44% respectively.

of the y'-particles during creep at 982°C were calculated from length,
thickness, time and strain information presented in [3] and replotted as
aspect ratio versus strain in Fig. 6. The aspect ratios of the y and
v -phases from [15] were measured by chord measurements on mi-
crographs presented in [15] and the results are shown in Fig. 7. They
show a similar trend to the aspect ratio results reported here (see Fig.
5) although the maximum aspect ratio is reached at a slightly higher
level of strain. In Fig, 7, 2 percent strain was reached after only 238 h,
whereas in Fig. 5 0.5 percent and 2 percent strain were reached after
2876 h and 3978 h respectively.

As rafting is a process which depends on diffusion and needs a
finite amount of time to occur, it is likely that the maximum aspect
ratio will be shifted to higher strain levels if the strain rate is high. It
is known, for example, that rafting does not occur during conventional
high temperature tensile tests on SX alloys. In industrial gas turbines
the strain rate is slow and so rafting will be strain controlled.

The use of microstructural changes to predict the remanent life
of nickel-base superalloys is less advanced than in ferritic alloys.
In wrought Ni-base alloys grain boundary cavitation occurs in

much the same way as in ferritic steels [8]. In cast alloys the
situation is more complex: cavities can occur and rafting may
occur to a limited extent [8, 9]. Particle growth, precipitation of
carbides, and the precipitation of topologically close packed
phases like o also occurs [8-11]. In some cases the most notice-
able change in the microstructure was the increase in dislocation
density and this required the use of transmission electron micros-
copy [12, 13].

SX alloys tolerate higher temperatures than conventional Ni-
base superalloys and rafting is more likely to occur because: (a) the
magnitude of the v/y' misfit is larger (more negative) at higher
temperatures, (b) in commonly used (001) crystals all the v'-
particles are oriented with some faces normal to the stress, and (c¢)
in modern SX alloys the y' volume fraction is 0.5-0.7, which
means that particle impingement is easier.

Although the rafting process is not totally understood it is thought
that plastic strain is a prerequisite for rafting [6, 14]. The results from
this study show that the raft dimensions depend on the amount of
creep strain and thus it seems that high temperature creep damage will

Fig. 4 Original microstructure before creep testing (left). Microstructure after 0.5 percent strain (right). Secondary
electron image. Stress direction vertical. y' is the dark phase. Before creep the y-matrix is the continuous phase, but
after creep the y'-phase is continuous.
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Fig. 5 The aspect ratio (length/thickness ratio) of y'-particles and the
y-matrix as a function of creep strain at 950°C and 155 MPa
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Fig. 6 The aspect ratio (length/thickness ratio) of y/'-particles versus
creep strain for an SX alloy tested at 982°C. The aspect ratios have been
calculated from length and thickness versus time information and from
time-strain creep curves presented in [3].

be easier to assess in SX alloys than in their conventionally cast
counterparts. It must be stressed that no rafts have been seen after low
temperature (750—800°C) creep of CMSX-4 [7, 16] and other meth-
ods will have to be developed to estimate creep damage at these
temperatures. Preliminary results indicate that rafting occurs in low
temperature creep strained material after a suitable post-creep high
temperature heat treatment [17].

Conclusions

Creep tests have been performed on the single crystal alloy
CMSX-4 at 950°C and the changes occurring in the y' particles
have been quantified to provide a basis for creep damage assess-
ment of single crystal turbine components.

Before creep testing, the y'-particles (~70 vol %) were cuboidal
and discrete and the y-matrix was the continuous phase. However,
after 0.5 percent creep the “matrix” became the isolated phase and
the y'-phase formed a continuous network of interlocking rafts.
The rafts reached their maximum length before 2 percent strain,
but continued to thicken throughout the test.

Chord length measurements were found to be the most suitable
method of quantifying the microstructure by automatic image analy-
sis, because they can be used for discrete and continuous phases.

Although of different dimensions, the aspect ratios (length/
thickness ratios) of the y'-rafts and the y-matrix plates were similar at
the same levels of strain, increasing from 1 at zero strain to a
maximum of 3 at about 1 percent strain. Analysis of rafting data
presented in the literature showed that this was also true for other SX
alloys provided that enough time is allowed for rafting to occur.

Measurement of ' raft (or matrix plate) aspect ratios on longi-
tudinal sections of SX turbine blades is a method suitable for creep
strain assessment.

686 / Vol. 121, OCTOBER 1999
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Fig. 7 The aspect ratios of particles and matrix measured from micro-
graphs presented in [15]. SC16 contains ~40 vol % y'-particles.
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Superalloy

TMF tests were conducted with bare and aluminide coated single crystal nickel-based
superalloy specimens. Temperature cycling was between 400°C and 1100°C with a phase

shift (135 deg) that is typical for damaged locations on turbine blades. Stress response is
characterized by a constant range and the formation of a tensile mean stress as a result
of relaxation in the high temperature part of the cycle which is in compression. Bare
specimens showed crack initiation from typical oxide hillocks. Coated specimens showed
life reduction with respect to the bare ones caused by brittle cracking of the coating in the
low temperature part of the cycle. Isothermal bending tests of coated specimens confirmed
the low ductility of the coating at temperatures below 600°C bur quantitative correlation
with the TMF test results failed.

Introduction

Aero-engine turbine blades and vanes experience strong cyclic
thermal mechanical loading combined with hot corrosive attack.
Single crystal nickel-base superalloys are widely used as blade and
vane materials because of their excellent resistance to high tem-
perature deformation. Tuning of their chemical composition fo-
cuses primarily towards improving their high temperature strength
but guarantees no sufficient oxidation resistance. Sufficient oxida-
tion resistance is achieved in a high percentage of blades through
coatings based on the formation of nickel aluminide by a diffusion
process or by plasma spraying of a MCrAlY coating on the outer
surface of the blades. Such coatings, especially the diffusion
coatings, show brittle behavior at low and ductile behavior at high
temperatures, with a transition at temperatures around 600°C. Thus
isothermal cyclic testing at low temperatures may be shortened by
brittle cracking of the coating, but as LCF life is much higher at
low temperatures (Fleury, 1990) can result in an unrealistic long
fatigue life. Testing at high temperatures will result in a more
realistic number of cycles to failure, but may avoid the detrimental
influence of brittle cracks in the coating. That underlines the
necessity of anisothermal testing which can account for the inter-
action of low and high temperature damage mechanisms for the
design of coated blades and vanes.

Experimental Details

The substrate material was a single crystal nickel-based super-
alloy. Its chemical composition is given in Table 1. Following the
solution heat treatment of the 25 mm diameter single crystal
blanks, these were machined into TMF test specimens. The alu-
minide coated specimens were given a coating diffusion treatment
of 3 h at 1080°C in vacuum. The crystallographic orientation of the
longitudinal axis of the test specimens was within 15 deg of {001).

The thermo-mechanical fatigue tests were carried out on a
computer controlled servohydraulic testing machine. The test spec-
imen is heated by means of direct induction. The TMF test spec-
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imen has a cylindrical end geometry and a solid gauge length with
a rectangular cross section of 12 mm X 4 mm. The edges of the
gauge length section are rounded in order to promote good adher-
ence of the coating and to reduce thermal gradients. Coated spec-
imens are tested in the as-received condition without any further
surface modification treatment. The sample temperature is con-
trolled by means of a thermocouple spot welded to the specimen
surface in the gauge length. If the main crack initiated at or near to
the thermocouple during testing, the results were disregarded.
Strains were measured by means of a longitudinal extensometer,
with the limbs spanning a gauge length of 12 mm. All tests were
carried out in total strain control symmetrically (R-ratio of R, =
—1) between mechanical strain limits. The temperature is varied
linearly with time and synchronously with a 135 deg phase lag
with respect to the mechanical strain. Prior to each TMF test the
thermal expansion of the specimen is recorded as a continuous
function of the temperature while heating and cooling the speci-
men at the same rate as in the actual TMF test. To obtain a constant
mechanical strain rate the calculated thermal expansion is added to
the mechanical strain and the sum is used as the control signal for
the total strain. The minimum cycle temperature was 400 °C, the
maximum temperature 1100 °C. Specimen heating and cooling
rates were set at 10°C/s which required forced cooling during the
end of the downward branch of the cycle. The maximum temper-
ature gradient over the gauge length was £15°C. All tests were
started at 400°C. As a result of the tests the stress range remains
constant until cracks reduce the specimen compliance. Based on
this observation TMF-“life” was defined as the cycle number
corresponding to a decrease of the stress range to 70 percent of the
range measured after cycle number 10.

In addition to the TMF tests, isothermal three point bending tests
were performed to evaluate the fracture strain of the aluminide
coating on the single crystal substrate. The specimens had dimen-
sions of 5 mm X 5 mm X 50 mm and are coated on that side which
experienced tension under bending loads. Two batches were
coated to account for the influence of scatter in the coating pro-
cedure. The specimens were loaded to a maximum strain which
was 10 percent higher than that strain which corresponds to the
yield strength. The coating fracture strain was evaluated during the
test by acoustic emission measurements and after the test by
optical inspection. A small bending apparatus was used to load the
specimen to half of the maximum load experienced during testing
to enhance the resolution of the cracks under the microscope. The
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Table 1 Composition of the nickel base alloy (in wt.%)
Ni Co Cr Mo W Ta Al Hf Re

bal 100 50 20 60 90 56 01 30

strain value in the coating decreases linearly with the distance from
the middle of the specimen. Thus after testing cracks are found in
the middle of the specimen till the distance from the middle
reduces the strain below the coating fracture strain. Those cracks
which had the largest distance to the middle of the specimen were
evaluated and the corresponding strain at that location was taken as
a measure of the coating fracture strain.

Results

TMF Stress Response. The stress response of the strain-
controlled experiments is shown in Fig. 1, which describes the
behavior of the maximum stress, the minimum stress, and the
stress range as a function of the number of cycles experienced. The
stress range remains constant despite minor fluctuations. The small
kinks at about 3000 and 6000 cycles are caused by experimental
problems; the signal of the thermocouple showed irregularities
caused by oxide surrounding the thermocouples. This led to auto-
matic test interruption requiring spotwelding a new thermocouple
to the specimen and a restart of the test. For the test conditions
shown (which is a long-term test, requiring about 15,000 .cycles to
specimen failure) the maximum stress and the minimum stress are
about symmetrical at the start with an absolute value of about 300
MPa and shift by about 200 MPa, which is two thirds of the
absolute start conditions. It indicates that a tensile mean stress was
formed by relaxation at the high temperature branch of the cycle
were the specimen is in compression. At the end of the test the
stress range drops, indicating that the size of cracks causes a
noticeable reduction of the specimen compliance. The stress re-
sponse is unaffected by the coating but as coating can accelerate
cracking the specimen compliance can be reduced at a lower
number of cycles.

TMF Life. The number of cycles to failure of the specimens
are shown in Fig. 2. The lives of the bare specimen as well as the
coated specimen show a clear relationship with the applied strain
range, indicating minor scatter. The lives of the coated samples as
compared to the comparable to the extrapolated life of the bare
specimen. The test was terminated and the specimen was investi-
gated, but no cracks were found.

Figure 3 shows typical examples of the crack initiation sites on
the side surface of a bare specimen in the gauge length. Several
oxide hillocks were found which were typically broken, and cracks
propagate on both sides and into the interior of the specimen.
Figure 4 shows the fracture surface of the same specimen. Local
crack initiation and penny-shaped propagation are observed.

The side surface of the coated specimens is exemplified in Fig.
5. It shows the formation of a typical wavy surface roughness with
alignment perpendicular to the loading axis. Additionally, very
sharp and straight cracks were found hardly visible on the picture
of the side surface given. These cracks propagate in a straight line
from the side surface, indicating a different propagation mode than
for the bare specimen. Figure 6 shows a cross section along the
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Fig. 1 Evolution of the maximum stress, minimum stress and stress
range as a function of the cycle number for TMF with a strain range of 0.8
percent '

loading axis perpendicular to the side surface. The wavy surface
roughness of the coating is partly visible as well as a crack in the
coating. It shows extended oxidized regions in the interdiffusion
zone expanding over the width of that zone and extending to both
sides of the crack. Only part of the coating cracks extend into the
substrate (as the crack in Fig. 6) as comparably sharp cracks with
minor oxidation on both sides.

Crack Initiation in the Coating. The results of the isothermal
bending tests are given in Fig. 7. The coating fracture strain is
given as a function of the temperature. Whereas there is a small
increase with temperature below 600°C, the cracking strain raises
rapidly to the maximum strain applied at temperatures higher than
600/650°C, and no cracks were found at higher temperatures.

Discussion

TMF. The stress response of the above reported investigations
is characterised by a constant stress range and a time/cycle depen-
dant formation of a tensile mean stress. That formation is caused
by relaxation in the high temperature part of the cycle, which is
under compressive stresses. A simple comparison with isothermal
tests is expected to fail based on literature (Vasseur, 1994) and on
the apparent fact, that the stress strain relationship is described by
the Young’s modulus in the elastic regime, which is temperature
dependant and changes by 50 percent in the investigated range.
Incorporation of the temperature dependence of the Young’s mod-
ulus enables to describe the stress range/strain range relationship
of the first cycle satisfactorily. The formation of the mean stress,
however, underlines the importance of time-dependant processes.

The behavior of the bare specimen is characterised by oxide
hillocks which were build up on the surface of the specimen and
cause localised crack initiation and propagation of semi-ellipitical
cracks. This mechanism was reported in several references for
different alloys, e.g., (Chataigner, 1996; Fleury, 1990; Bressers,
1996a; Bressers, 1996b). It was often shown to be associated with
preferred oxidation of carbides or casting porosity in the interden-
dritic zones, which is discussed in detail in Johnson (1997). This
leads to many oxide hillocks and cracks on the specimen surface,
which means that there are many sites of comparable varied
behavior on one specimen surface. It is expected that the behavior
of different specimens is as comparable as that of different loca-
tions on one specimen causing small scatter in the results. That is
contrary to the LCF behavior of several nickelbase alloys at

TMF = thermomechanical fatigue test
technique
MCrAlY = an overlay coating containing
chromium, aluminum, yt-
trium and nickel and/or co-
balt
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R, = ratio of lower strain/upper strain in
a strain controlled test

LCF = low-cycle fatigue test technique

Transactions of the ASME

Downloaded 02 Jun 2010 to 171.66.16.118. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



10.00% T

S m—— s i e v
—&T, =+ Hy.“,.i 1:

. #bare
3 AN R ; L
. E ‘ . \ Icoatgﬁ”
£ R
5 toow A e T d
= my T =
= =
3 I
3

[

0.10% - ,
100 1000 40000 100000
N cycles

Fig. 2 Number of cycles to failure for bare and Al-coated specimen.
Arrow indicates test termination without failure. -

intermediate and low temperatures, which is often controlled by
the existence and size of one inhomogenity in the specimen.

As far as the mechanistic understanding is concerned it is clear
that all conditions causing faster oxidation lead to localisation
which is true for the interdendritic region and for carbides. Be-
cause the fracture resistance of the oxides is very small (Martinez,
1996) it is realistic to assume that it will be broken in every cycle.
Carbides and pores can additionally act as stress concentrator. That
intensifies the breakage of the oxides and causes acceleration of
oxidation by access to new surface. That forces the localization of
oxidation and causes the formation of oxide spikes.

Cyclic propagation of cracks necessitates to overcome the
threshold of fatigue crack propagation. Thereafter, life is con-
trolled by (thermomechanical) fatigue crack propagation. To over-
come the threshold a mechanism of crack propagation is necessary
which extends the crack length. It is assumed that the Iocalization

Fig. 5 Side surface of a coated specimen with wavy surface structure
indicating plasticity of the coating

of oxidation and the cyclic breakage of that oxide is able to
elongate the crack sufficiently, That means it is not only a mech-
anism of initiation but also of propagation till threshold is over-
come. Thus crack propagation is controlled by two different con-
secutive mechanisms, first the cyclic build-up and breakage of
oxides and second fatigue crack propagation by cyclic plasticity.

Lives of Coated Specimen and Coating Fracture. Coating
reduced the life of the specimen at strain ranges higher than 0.6
percent, The fracture and the side surface of the specimens showed
that straight line coating cracks spanning over the whole specimen
width were initiated and propagated through the substrate. Such
behavior indicates unstable cracking of the coating by exceedance

Fig. 3 Side surface of a bare specimen showing brocken oxide hillocks
with cracks

Fig. 4 Fracture surface or bare specimen showing penny-shaped crack
propagation

Journal of Engineering for Gas Turbines and Power

Fig.6 Cross section of a coated specimen with wavy coating. A coating
crack extends in the substrate showing oxidized region in the diffusion
zone.
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Fig. 7 Coating fracture strain as function of the temperature. Triangles
indicate max. strain applied without cracks in the coating.
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of the fracture toughness. Comparable observations are reported by
Bressers (1996a), Bressers (1996b, Martinez (1996) for TMF; by
Totemeier (1996) for isothermal LCF. In contrast, Chataigner
(1996) and Linde (1994) reported no life reduction for TMF testing
of a comparable alloy coating system. As shown by the bending
tests the fracture strain of the coating substrate combination of our
investigation shows a brittle behavior at low temperatures and a
transition to a ductile behavior at a temperature of about 600°C.
Such behavior is often reported in the literature (Totemeier, 1993;
Heine, 1989). Simple correlation of the fracture behavior of the
coating with TMF testing postulates brittle cracking of the coating
by the strain versus temperature path crossing the fracture strain of
the coating which is confirmed phenomenologically. Quantita-
tively for symmetric cycling (R = —1), the strain range must be
greater then 1.2 percent according to a coating fracture strain of 0.6
percent. But our results showed brittle cracking until the strain
range decreases to less than 0.7 percent. At a strain range of 0.6
percent, brittle cracking of the coating was no longer observed, and
the life tends to reach that for uncoated tests. Totemeier et al.
(1996) reported a comparable behavior. They attributed it to a
volume effect based on the different amount of coating defects in
different specimen types. Another point may be emphasized. TMF
loading first leads to compressive strains at high temperatures
before is reaches tensile strains able to crack the coating in the
brittle temperature regime. That clearly will influence the residual
stresses in the coating. Plastic deformation of the coating at the
higher temperatures is confirmed by the wavy surface appearance
of the coating after termination of the test.

Comparing bare and coated specimens it is apparent that the
brittle cracking reduces life. But, from a mechanistic point of view,
which steps in lifing are influenced by (brittle cracking of) the
coating? Clearly the crack initiation is different. The heavily
oxidized regions in the interdiffusion zone additionally show that
oxidation and breakage of oxide drives the crack through that zone
until fatigue crack propagation can start into the substrate. This
behavior is confirmed by the observation that all coating cracks
show wide oxidation regions in the interdiffusion zone but only
part of the cracks extend in the substrate. These oxidized regions
end more or less at the boundary between interdiffusion zone and

substrate and cyclic propagation starts at that boundary. Different

explanations are possible. First it may be accidentally, that the
boundary has a thickness which correspond to the crack depth
necessary to overcome the threshold of crack propagation. Another
explanation may be that the interdiffusion zone has a higher
threshold or a higher oxidation rate than the substrate. The last
argument seems more plausible because different strain ranges
cause different stress level and should result in different crack
depths to reach the threshold. That is not observed.

Conclusion

In summary the coating enhances oxidation resistance but also
causes initiation of cracks by brittle cracking of the coating. The

690 / Vol. 121, OCTOBER 1999

fracture behavior of the coating under TMF cycles is different
from that under isothermal bending that may be attributed to size
effects, but surely is influenced by the plastic deformation of the
coating in the high temperature regime of the first TMF cycle.
Coating cracks seem to stop in the interdiffusion zone and extend
by alternating oxidation and breakage of the oxide. Only part of
that cracks extend in the substrate. If they do so they look like
fatigue cracks driven by cyclic plasticity with minor influence of
oxidation. Detailed understanding of the interaction of coating and
substrates to.optimize the balance of beneficial effect on oxidation
and detrimental effects on TMF life are a key issue in turbine blade
development.
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Rotor Power Losses in Planar
Radial Magnetic Bearings—
Effects of Number of Stator
Poles, Air Gap Thickness, and
Magnetic Flux Density

Rotor power losses in magnetic bearings cannot be accurately calculated at this time
because of the complexity of the magnetic field distribution and several other effects. The
losses are due to eddy currents, hysteresis, and windage. This paper presents measured
results in radial magnetic bearing configurations with eight pole and 16 pole stators and
two laminated rotors. Two different air gaps were tested. The rotor power losses were
determined by measuring the rundown speed of the rotor after the rotor was spun up to
speeds of approximately 30,000 rpm, DN = 2,670,000 mm-rpm, in atmospheric air. The
kinetic energy of the rotor is.converted to heat by magnetic and air drag power loss
mechanisms during the run down. Given past publications and the opinions of researchers
in the field, the results were quite unexpected. The measured power losses were found to
be nearly independent of the number of poles in the bearing. Also, the overall measured
rotor power loss increased significantly as the magnetic flux density increased and also
increased significantly as the air gap thickness decreased. A method of separating the
hysteresis, eddy current and windage losses is presented. Eddy current effects were found
to be the most important loss mechanism in the data analysis, for large clearance
bearings. Hysteresis and windage effects did not change much from one configuration to

the other.

Introduction

Rotor power losses in magnetic bearings are very important for
many applications but are not well understood. Recently there have
been a number of power loss studies in magnetic bearings pub-
lished in the open literature. Some of the indications in the liter-
ature of how iron power losses should vary in different stator
configurations appear to be directly contradicted by the results of
the measurements in this paper. The purpose of this study is to
provide fundamental information of critical importance on rotor
iron power losses to the magnetic bearing industry.

A primary concept in the previous literature was that the rotor
iron power losses (eddy current and hysteresis) were expected to
be roughly proportional to the number of poles or edges in the
stator that the rotor would pass as it rotated. Matsumura et al.
(1988) presented a paper discussing power loss in magnetic bear-
ings including a partial Fourier analysis of magnetic flux as seen
by the rotor as it passes each pole edge in the rotor. The implica-
tion is that the eddy current power loss should be approximately
proportional to the number of poles in the bearing. Another im-
plication of the Fourier analysis presented in this work is that the
shape of the pole edge may be very important in the rotor iron
power loss. Matsumura and Hatake (1992) discussed a Fourier
analysis of fringing and leakage effects on eddy current losses,
indicating that pole edge effects may be the most important con-
sideration, Kasarda et al. (1996b, 1999) discussed power loss
measurements in an eight pole bearing and an analytical/empirical

Contributed by the International Gas Turbine Institute (IGTT) of THE AMERICAN
SociETy oF MECHANICAL ENGINEERs for publication in the ASME JourNaL or ENGI-
NEERING FOR Gas. TURBINES AND PowEer. Paper presented at the International Gas
Turbine and Aeroengine Congress and Exhibition, Stockholm, Sweden, June 2-5,
1998; ASME Paper 98-GT-316.

Manuscript received by IGTI March 16, 1998; final revision received by the ASME
Headquarters June 23, 1999, Associate Technical Editor: R. Kielb.

Journal of Engineering for Gas Turbines and Power

model which used a frequency dependent effect based upon the
number of poles passed by the rotor.

Allaire et al. (1997) presented results on an eight pole magnetic
bearing for the power loss variation with respect to air gap flux
density and air gap thickness. It was found that, overall, the power
loss varied with the rotational speed squared. Also, the power loss
is approximately proportional to the air gap flux squared and
inversely proportional to the air gap thickness. The effect of the air
gap thickness was not predicted by previous studies reported in the
literature. Rockwell et al. (1997) presented a finite element model
of the same bearing to calculate the eddy current loss component
of these losses.

This paper reports the first results where rotor power losses were
directly measured in both an 8 pole and 16 pole stator with the
same pole face area, and with other geometric parameters kept as
compatible as possible. The tests were run with different bias flux
densities and air gaps using the same rotor. Most unexpectedly, the
power loss measurements for the eight pole and 16 pole bearings
were nearly identical, when other parameters were held constant.
This contradicts the expectations of all previous publications in
regard to the effect of the number of stator poles on the iron losses.

Test Rig

Figure 1 shows a schematic of the test rig. It consists of a shaft
with two magnetic bearings and two induction motors located at
the shaft ends. The two electric motors drive the rotor up to peak
operating speed and then they are shut off. Kasarda et al. (1994)
discussed the design of the high speed test rig in some detail and
gave a sensitivity analysis of the loss modeling based upon the
theoretical parameters involved. The test rig has been designed to
measure the power losses in magnetic bearings by accurately
measuring the conversion of the rotor’s kinetic energy into heat.
This is done by measuring the time it takes for the rotor to run
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Fig. 1 Diagram of magnetic bearing loss test rig
down from one speed to another. The rotor kinetic energy due to —

rotation is E, = Jw®/2, where w is the rotational speed of the rotor
in rad/s. PID control was used.
The power loss is the time derivative of the kinetic energy

b do [ m * dN
e=Jom=30) N u
=P,+P,+ P, €))]

Here the polar moment of inertia is easily determined from a
calculation, and N(#) is easily measured from the rundown tests.
On the right hand side of this equation, the power loss is written as
the sum of the power loss due to hysteresis, P, the power loss due
to eddy currents, P,, and the power loss due to windage, P,,. It has
been shown in previous work by Kasarda et al. (1996a, b, c) that
the power loss can be written in terms of frequency dependent
parameters as

Pk = Chll) + Cewz + wa2.8 (2)

based upon analytical/empirical models. In this formula, the skin
effects are neglected (Kasarda, 1996b).

The outer diameter of the bearing journals is approximately 89.0
mm (3.5 in) and the test rig is designed to operate up to 50,000 rpm
resulting in a DN of 4.5 X 10° mm-rpm. However, the yield
strength of the current silicon iron bearing limits the peak speed to
32,000 rpm. The rotor first bending critical speed is at approxi-
mately 84,000 rpm so the rotor is considered rigid. Additional
details of the test rig design are given in (Kasarda, 1994).

Magnetic Bearing Properties

Two magnetic bearing stators have been used in these tests:
S1—an eight pole radial planar (heteropolar) bearing stator and

Nomenclature

[-1°9]

03639 23803

Fig. 2 8 Pole radial bearing stator S1 geometry

0.05 MAx
CORNER RADIUS

S2~—a 16 pole bearing stator. Stator dimensions for both designs
have an OD = 196.2 mm (7.726 in) and axial length L. = 43.6 mm
(1.715 in) (without coils). In the eight pole bearing stator, the
radial length of each leg is 31.8 mm (1.253 in) and the circumfer-
ential width of each leg is 21.1 mm (0.79 in). In the 16 pole bearing
stator, the circumferential width of each leg is 10.6 mm (0.395 in).
Each pole has a coil winding of 94 turns. The stators were
constructed of 0.356 mm (0.014 in) 3 percent silicon iron lamina-
tions. Each of the two stators has a total pole face area which
covers 53 percent of the journal surface area. The eight pole radial
bearing geometry is shown in Fig. 2 and the 16 pole bearing
geometry is shown in Fig. 3. It should be noted that these bearings
were designed to be comparable to one another to provide an

oss coefficient f = frequency
oss coefficient

b =1
C =1
d = lamination thickness (mm)

N = rotor speed (rpm)
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Fig. 3 16 Pole radial bearing stator S2 geometry

1400

1200

Configuration #HE-8-15, B=0.38 T ~—
Configuration #HE-16-15, B=0.38 T ~+—

1000 I configuration #HE-8-15, B=0.54 T -a—
Configuration #HE-16-15, B=0.54 T 4
Configuration #4E-8-15, 8=0.32 T -a—

800 konfiguration #HE-16-15, B=0.31 T -»—

Power {(Watts)
[+.]
[=3
o

0
[ 5000

20000
Speed (rpm}

10000 15000 25000 30000 3500

Fig. 4 Measured magnetic bearing power loss versus speed at three
bias flux density values for HE-8-15 and HE-16-15

“apples to apples” comparison between bearings but are not de-
signed to be low loss bearings.

The bearing rotor lamination stack diameters have an approxi-
mate OD = 89.0 mm (3.50 in), shaft OD = 50.8 mm (2.0 in), and
axial length of 4.36 mm (1.72 in) and are shrunk fit onto a 50.8 mm
(2.0 in) diameter shaft. They are constructed of 3 percent silicon
iron laminations with a thickness of 0.356 mm (0.014 in). The
laminations are stacked axially along the shaft to restrict the
development of eddy currents moving in the axial direction. Two
test rotor assemblies have been built with two different air gaps at
the bearings; Rotor R1 had an air gap of 0.762 mm (0.030 in) and
Rotor R2 had an air gap of 0.381 mm (0.015 in). The different gap

thicknesses were obtained by using two different rotor lamination
outer diameters. The polar moment of inertia of the first rotor is
J, = 8.10 N-s>>mm (7.02 X 1072 Ibf-s*-in) and for the second
rotor J, = 8.16 N-s’>mm (7.08 X 107* 1bf-s’-in). The difference
is primarily due to the addition of a small collar in rotor R2 to
prevent the laminations from separating. The relative permeability
of the rotor and stator material is estimated at 3000.

Data Reduction

The measured data was recorded as speed (in rpm) versus time
(in seconds). The rundown data dN/dt was evaluated using the
following model:

dN
——=b,+ b,N + b;N'%, (3)
dt
where the coefficients are defined as
Ch
by = Srraov
J(7/30)
b,= —Cf‘
27 J(w/30)?
by = Cu 4
7T J(wl30)? )

from (1) and (2). An analytical expression for the actual speed
curve was determined for each case and minimized using a sim-
plex search method (Kasarda, 1997). The calculated power loss
components were then determined from (1) and (4).

Measured Power Losses for Air Gap = 0.381 mm (0.015
in)

Figure 4 gives six measured power loss curves for two bearings.
Three curves are for bearing No. HE-8-15 (eight pole stator S1 and
rotor R2 with air gap of 0.381 mm (0.015 in)), for static flux levels
of 0.32, 0.38 and 0.54 T, versus speeds up to 28,000 rpm. The next
three curves are for bearing No, HE-16-15 (16 pole stator S2 and
rotor R2 with air gap of 0.381 mm (0.015 in)), for static flux levels
of 0.31, 0.38, and 0.54 T, also versus rotational speed from O to
28,000 rpm. In each case, there were numerous actual runs made
to provide better statistical results. For example, for the HE-8-15
magnetic bearing, the number of runs for the bias flux levels of
032 T, 0.38 T, and 0.54 T were 4, 4, and 3 runs respectively. The
runs were consistent to within a few percent in each data set
(Kasarda, 1997).

The quite unexpected result is that the losses are nearly identical
for each value of air gap magnetic flux density. The bearings have
been designed to have exactly the same surface area under the
poles, the same air gap length, and the static bias flux level
(Kasarda, 1997). Air gap flux levels were measured statically and
were not expected to be significantly different at running speed

Table 1 Power loss coefficients for magnetic bearings data for bearings HE-8-15 and HE-16-15
HE-8-15 HE-16-15

Loss B= B= = = B= B=
Coefficient 0.32 T 0.44 T 0.54 T 0.31 T 0.46 T 0.54 T
Hysteresis -10.0 -15.7 -21.8 -11.6 -21.5 -24.3
b, (rpm/s)
Eddy Current ~-5.5 -1.0 -1.6 -6.3 -1.3 -1.8
b, (1/8) x10% x10%? x10? x10? %102 x10%?
Windage -9.2 -6.7 -6.4 -7.9 -5.5 -2.47
by (1/rpm’tg) x107 %107 x107 x107 x107 x107
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Fig. 6 Eddy current, hysteresis, and windage loss components in bear-
ing HE-16-15 for flux density 0.54 T

although they were not measured due to the difficulties of working
with Hall probes under rotating conditions (Kasarda, 1997). The
tip clearance to air gap thickness ratio is 22 for the eight pole stator
and 44 for the 16 pole stator but it is felt that the difference in these
two numbers is not particularly important. Obviously the number
of poles or edges differs by a factor of two in stator S1 versus S2
but the measured power loss is nearly the same.

The coefficients b,, b,, and b, are given in Table 1 for some of
the data in Fig. 4 for bearings HE-8-15 and HE-16-15. The effect
of various mechanisms on power loss are indicated by the coeffi-
cients in Table 1 for some of the data in Fig. 4 and some other data
at an air gap magnetic flux level of 0.44 T (Kasarda, 1997). This
model of the loss components is not perfect, implying that there is
some error in the reduction process from the overall power loss
measured values to the three components, but is the best that has
been found to date.

The hysteresis coefficients are similar for both bearings at a
given value of flux density indicating that the hysteresis effects are
nearly the same for each bearing. The eddy current coefficients are
also similar for both bearings. Figures 5 and 6 show the calculated
loss components for the two bearings for a bias flux of 0.54 T
based upon (2). In Fig. 5 for the HE-8-15 bearing, the results show
that the eddy current losses are much larger than the hysteresis
losses at all speeds. The eddy current losses are proportional to the
square of the speed so they will be even larger as the speed
continues to increase. Similar trends are seen in Fig. 6 for the
HE-16-15 bearing, where the eddy current losses are much larger
than the other two components. Comparing the windage losses for
both cases, the windage loss is quite a bit higher for the HE-8-15
bearing than the HE-16-15. This indicates that the model for
separating the losses is not as accurate as desired.

The windage coefficients are comparable for the two bearings
when the bias flux density is the same. Trends in the windage loss
terms are not equal but are within approximately 28 percent. The
windage power losses should be independent of the bias flux. More
work needs to be done on a better statistical separation of losses
into the components and will be reported in future work.
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Fig. 7 Measured magnetic bearing power loss versus speed at three bias flux density values for HE-8-30 and HE-16-30
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Table 2 Power loss coefficients for magnetic bearings data presented in Fig. 7 for bearings
HE-8-30 and HE-16-30

HE-8~30 HE-16-30
Loss B= = B= B=
Coefficient 0.44 T 0.54 T 0.42 T 0.50 T
Hysteresis -17.9 -21.5 -18.6 -23.8
b, (rpm/s)
Eddy Current -4.,5 -6.3 -5.3 -7.2
b, (1/8) x10? x10? x10? x10%
Windage -9.1 -7.3 -7.1 -5.9
by (1/rpm®s) x107 x107 x107 x107

Measured Power Losses for Air Gap = 0.762 mm (0.030
in)

Measured power losses were also obtained for a different rotor
with twice the air gap thickness. Figure 7 gives four measured
power loss curves for bearing No. He-8-30 (eight pole stator S1
and rotor R1 with air gap of 0.762 mm (0.030 in)) for static flux
levels of 0.44 and 0.54 T and bearing No. He-16-30 (16 pole stator
S2 and rotor R1 with air gap of 0.762 mm (0.030 in)) for static flux
levels of 0.44 and 0.50 T versus rotational speed from 0 to 30,000
rpm.

Again, the result is that the losses are nearly identical for each
comparable value of air gap flux. The stators are the same as in the
cases plotted in Fig. 4 and the rotor is different only in the air gap
thickness. The number of poles or edges differs by a factor of two
in stator S1 versus S2 but the measured power loss in Fig. 7 is
nearly the same in each case confirming the results presented in
Fig. 4.

The power losses were separated into components based upon
(2). The numerical values of the coefficients are given in Table 2.
The loss components are plotted in Figs. 8 and 9 for the two
bearings for a bias flux level of 0.54 T for the HE-8-30 bearing and
0.50 for the HE-16-30 bearing. The flux levels for for these two
plots are not exactly equal but the calculated values illustrate
significant differences between the smaller clearance bearings in
Figs. 5 and 6. In each of plots 8 and 9, the eddy current losses are
clearly dominant over the hysteresis losses by a factor of approx-
imately 2.5 to 4.0. If it is desired to design a low loss bearing, the
air gap thickness will be selected as large as possible. The eddy
currents will be the largest component of the iron losses by a large
factor, unless greatly reduced by employing very thin laminations.

The windage losses in Figs. 8 and 9 are within approximately 13
percent of one another. This indicates that the windage loss model
is acceptable but an improved formula is needed. Future work will
be done with this test rig in a vacuum chamber to eliminate the
windage term.

Analytical/Empirical Model

One approach to evaluating the eddy current losses, which are
normally the highest of the loss components for high speed appli-
cations, is to use a formula adopted from transformer and motor
loss models (Kasarda and Allaire, 1996). The most commonly
employed formula for the eddy current losses, without skin effects,
is

p = 7T2d 2B lznux fszveff
e 6p

where d is the lamination thickness, B, is the maximum flux
density in the rotor, f; is the effective frequency, Vg is the
effective volume of the rotor, and p is the resistivity of the
material. Previous calculation models have employed a factor for
the effective frequency based upon the number of poles in the
bearing stator. The measured power loss values presented in Figs.
4 and 7 indicates that the use of eddy current power and hysteresis
loss formulas based upon this effective frequency factor are not
accurate.

, &)

Conclusions

Magnetic bearing rotor power loss variations with speed, bias
flux density, air gap thickness, and number of poles were studied
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Fig. 8 Eddy current, hysteresis, and windage loss components in bear-
ing HE-8-30 for 0.54 T
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Fig. 9 Eddy current, hysteresis, and windage loss components in bear-
ing HE-16-30 for 0.50 T
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for four different planar radial (heteropolar) bearing configura-
tions. The unexpected result was that the measured rotor power
losses for comparable bearings, with the same pole face area, air
gap flux, and air gap thickness for both eight and 16 pole stators
were nearly identical. The windage losses in these bearings have
been found to be largely independent of the number of poles
indicating that the iron losses (eddy current and hysteresis) must be
nearly identical. These measured results contradict expected re-
sults, that the power loss should be approximately proportional to
the number of poles or edges seen in passing by the rotor material,
as reported in the literature. While this result is clear for hetero-
polar bearing designs, it may or may not be true for homopolar
designs. Only further testing will determine this. This may also
imply that, since the number of pole edges is not a major factor in
heteropolar bearings, the shape of the pole edges is also not a
critical factor.

A power loss model including hysteresis, eddy current, and
windage losses was applied to the data. Values of hysteresis, eddy
current, and windage coefficients were obtained from the measured
data. Eddy current effects were found to be the largest loss com-
ponent,
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Experimentally Determined
Rotor Power Losses in
Homopolar and Heteropolar
Magnetic Bearings

The identification of parameters that dictate the magnitude of rotor power losses in radial
magnetic bearings is very important for many applications. Low loss performance of
magnetic bearings in aerospace equipment such as jet engines and flywheel energy
storage systems is especially critical. Two basic magnetic bearing designs are employed
in industrial practice today: the homopolar design, where the flux paths are of a mixed
radial/axial orientation, and the heteropolar design, where the flux paths are primarily
radial in nature. The stator geometry and flux path of a specific bearing can have a
significant effect on the rotor losses. This paper describes the detailed measurement of
rotor losses for experimentally comparable homopolar and heteropolar designs. The two
test bearing configurations are identical except for geometric features that determine the
direction of the flux path. Both test bearing designs have the same air gap length, tip
clearance ratio, surface area under the poles, and bias flux levels. An experimental test
apparatus was used where run down tests were performed on a test rotor with both
bearing designs to measure power losses. Numerous test runs where made for each
bearing configuration by running multiple levels of flux density. The components of the
overall measured power loss, due to hysteresis, eddy currents, and windage, were
determined based on theoretical expressions for power loss. It was found that the
homopolar bearing had significantly lower power losses than the heteropolar bearing.

Introduction

The increased interest in applying magnetic bearings in a variety
of applications dictates the need to better understand and quantify
loss mechanisms associated with the electromagnetic phenomena
in the bearings. Generally, it is desired to reduce loss mechanisms
in all components of devices such as aircraft gas turbines, space
devices, or energy storage flywheels to minimize energy consump-
tion. Excessive heating from magnetic bearings can also be a
problem in other machines such as large compressors, electric
motors, textile spindles, turbine generators and artificial heart
pumps, if the rotor power losses are high.

Two basic radial magnetic bearing designs are employed in
industrial practice today: the homopolar design, where the flux
paths are of a mixed radial/axial orientation, and the heteropolar
design, where the flux paths are primarily radial in nature. Figure
1 shows typical design configurations for the homopolar and
heteropolar bearing. There has been considerable discussion in the
magnetic bearing community as to which of the two basic mag-
netic bearing designs has the lower rotor power losses: the ho-
mopolar design or the heteropolar design.

Researchers have investigated the performance of homopolar
magnetic bearing arrangements. Studer (1978) was one of the first
to discuss a homopolar bearing design which involved a four pole
bearing. Sortore et al. (1990) reported on the design of a high
speed homopolar bearing design employed in a flexible rotor but
did not report on any measured rotor power loss results. Meeks
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(1989) discussed homopolar bearing designs employed for indus-
trial applications.

Experimental power loss studies in magnetic bearings published
in the open literature discussing theoretical or experimental ho-
mopolar and heteropolar bearing losses have been very limited.
Kasarda et al. (1994) discussed the design of a high speed power
loss test rig in some detail and gave a sensitivity analysis of the
loss modeling based upon the theoretical parameters involved. The
test rig is capable of testing both homopolar and heteropolar
bearing configurations. Kasarda et al. (1996b) presented high
speed loss results, using the same test rig employed for the work
in this paper, for an 8 pole radial bearing constructed of silicon iron
laminated materials. The rotor operated at a top speed of about
32,000 rpm, corresponding to a DN value of 2.9 X 10° mm-rpm,
Variations in pole winding configuration (NNSS versus NSNS
pole magnetization) and bias flux were examined. Bias flux was
found to be very significant while pole winding was found to have
only a minor effect in the tests studied.

The purpose of this paper is to report on detailed rotor power
loss measurements from the test rig data taken for comparable
radial bearings of the two different geometries. The homopolar
bearings and heteropolar bearings tested here have been designed
to have the same air gap length, tip clearance ratio, surface area
under the poles, and bias flux level. A preliminary report of one
homopolar bearing test result was presented in Allaire et al. (1996)
with additional tests presented in Kasarda et al. (1997). This paper
contributes to earlier work by expanding the discussion and eval-
uation of hysteresis, eddy current, and windage power loss com-
ponents from the experimental data for each of the bearing designs.

Experimental Apparatus

The basis for the apparatus used to measure power losses is a
shaft with two magnetic bearings and two induction motors located
at the shaft ends, as shown in Fig. 2. It has been designed to
measure the power losses in magnetic bearings by accurately
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Fig. 1 (a) Heteropolar flux path; (b) homopolar tlux path

measuring the conversion of the rotor’s kinetic energy into heat.
This is done by measuring the time it takes for the rotor to run
down from one speed to another. The rotor kinetic energy due to
rotation is

Ey=1Jw’, )]

where o is the rotational speed (rad/s), and J is the rotor mass
moment of inertia (N-s* mm). The power loss is the time derivative
of the kinetic energy

w?dl

dEk dw +
2 dt’

Po=—=Jw—5~ 2
TR T @
The second term is small for this test because the rotor does not
have large dimensional changes so this expression reduces to

do 7\? dN
Pkijdt—(ﬁ) JNZ;—P,,+Pe+Pw, 3
where the polar moment of inertia is easily determined from a
calculation and N(¢) (rpm) is easily measured from the rundown
tests. On the right hand side of this equation, the power loss is
written as the sum of the power loss due to bulk hysteresis, P, the
power loss due to eddy currents, P,, and the power loss due to
windage, P,,.

It has been shown in previous work by Kasarda et al. (1996a,
1996b) that the power loss can be written in terms of frequency
dependent parameters as

P,=Cw + C,0*+ C,0*° O)

based upon analytical/empirical models of the specific loss com-
ponents. The material hysteresis effects can be divided into alter-
nating hysteresis and rotating hysteresis. As shown in previous
tests, both of these effects are expected to vary linearly with speed
and so the two terms are lumped together for statistical analysis as
a bulk hysteresis term.

Eddy currents are sometimes evaluated as the sum of two terms:

MOTOR STATOR REMOVAL MOTOR

i = =
MAGNETIC BEARING| n‘
Ly STATORS

MOTCR STATOR
HOi
JIIHL &a
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BACK UP THRUST
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B
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- CAN/HOUSING
.
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Fig. 2 Test rig assembly drawing
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Fig. 3 16 pole (8-pole per plane) homopolar stator
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a standard eddy current term and the first term of a series expan-
sion representing skin effects (Kasarda et al., 1996b). However, as
detailed in Kasarda et al. (1996b), the skin effect term which is
expected to be small and vary with rotor speed to the fourth power
is not clearly separable from the windage loss component which
varies with rotor speed to the 2.8 power in the measured data.
Therefore, the skin effect term is not included in Eq. (4). Future
work, including vacuum rundown data to eliminate windage
losses, will address the skin effect issue in more depth.

The test apparatus has been designed so that the only significant
loss mechanisms come from the magnetic bearings: eddy current
losses, hysteresis losses, and air drag. As shown in Fig. 2, the test
rotor consists only of a shaft with two radial magnetic bearings and
two motors. There are no thrust bearings and reluctance centering
effects of the radial bearings maintain good axial alignment. The
two electric induction motors drive the rotor up to peak operating
speed and are then shut off and rotor rundown measurements
recorded. The presence of the motor stators have been shown to
have no significant residual magnetic drag or any effect on wind-
age losses during run down (Kasarda et al., 1996b).

Homopolar Bearing Geometry

The homopolar bearing tested has a total of 16 poles, eight poles
per axial plane. The poles are wound so that there are eight north
poles in one axial plane and eight south poles in the other axial
plane. For the purposes of this study, this bearing is designated
#HO-16-15. It should be noted that neither the homopolar or
heteropolar bearings have been designed to optimize for low losses
but rather, for the experimental investigation of specific parameter
effects on power losses in magnetic bearings. In this manner, the
homopolar bearing was designed to have the same number of poles
located in a plane radially around the shaft as the heteropolar
design yet it is still representative of a viable commercial design.
A drawing of the homopolar stator design is given in Fig. 3. The
inner diameter of the stator is 92.43 mm (3.639 in) and the total
axial length of the two poles is 43.56 mm (1.715 in). The radial air
gap is 0.381 mm (0.015 in). Each stator pole has a leg width and
length of 20.1 mm (0.79 in) and 31.8 mm (1.25 in), respectively.

241!

Fig. 4 8-pole heteropolar stator

205 M
CORNER RADIUS

Transactions of the ASME

Downloaded 02 Jun 2010 to 171.66.16.118. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



NASA Highspeed Power Loss Test Rig

30000
Homopolar Radial Bearings (1b=4.0} - Spead vs, Time
25000 NSNS;Rundown in Air 408.0ut ~—
t408.0ut
t40b.out -&—
20000 + 140c.out
g
g
c 15000
uw
w
Q.
@ 10000
5000
0 -
0 200 800 1000

600
TIME (SEC)

Fig. 6 Typical rundown data—configuration #HO-16-15-B = 0.40 T (ho-
mopolar)

Each of the stator poles is wound with 48 turns of #18 wire. The
design bias current was 3 A resulting in a bias flux density of
047 T.

The rotor has bearing journals constructed from 0.356 mm
(0.014 in) thick M-15 grade silicon-iron laminations, the same
material from the same manufacturing run as that used for the
corresponding heteropolar bearing rotor. The outer diameter of the
journal is 91.67 mm (3.609 in) and the axial length is 54.31 mm
(2.138 in). The axial length of the homopolar journal was slightly
longer than the heteropolar journal due to the total longer axial
length of the stators but the total pole face area is the same in both
bearing configurations. The polar moment of inertia of the ho-
mopolar rotor is 9.04 N-s>-mm (8.0 X 107* Ibf-s*-in).

Heteropolar Bearing Geometry

The comparable heteropolar bearing tested has a total of 8 poles.
The poles are wound in a NSNS configuration. For the purposes of
this study, this bearing is designated #HE-8-15. A drawing of the
stator design is given in Fig. 4. The inner diameter of the stator is
92.43 mm (3.639 in) and the total axial length of the poles is 43.56
mm (1.715 in). The radial air gap is 0.381 mm (0.015 in). Each
stator pole has a leg width and length of 20.1 mm (0.79) and 31.8
mm (1.25 in), respectively. Each of the stator poles is wound with
94 turns of #18 wire. The design bias current was 1.5 A resulting
in a bias flux density of 0.47 T.

The rotor has bearing journals constructed from 0.356 mm
(0.014 in) thick M-15 grade silicon-iron laminations, the same
material from the same manufacturing run as that used for the
corresponding homopolar bearing rotor. The outer diameter of the
journal is 91.67 mm (3.609 in) and the axial length is 43.6 mm
(1.715 in). The polar moment of inertia of the heteropolar rotor is
8.02 N-s>-mm (7.1 X 1072 Ibf-sin).

The heteropolar and homopolar rotor-bearing configurations are
identical except for the flux path and the associated slightly longer
journal axial length of the homopolar bearing to accommodate
windings between the two planes of poles.

Experimental Results—Homopolar Bearing

Figure 5 shows a typical set of four run down plots for the
homopolar bearing with a bias flux density of B = 0.4 T. A total
of 24 run down measurements were taken for bias flux density
levels of 0.32 T (three runs), 0.34 T (five runs), 0.38 T (four runs),
0.40 T (four runs), 0.46 T (three runs), 0.50 T (three runs), and
0.64 T (three runs). The bias flux density values presented in this
paper represent average flux density values determined from mea-
suring the static flux density under all poles of each bearing with
a Hall probe and taking an average measurement.

The total power loss was determined by the method described
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Fig. 6 Determined power loss—configuration #H0-16-15 (homopolar)

earlier in Egs. 2-3. A plot of the total determined power loss in
Watts versus rotor speed for the seven bias flux density levels are
shown in Fig. 6. This determined power loss is the total power loss
including electromagnetic power losses from the two radial mag-
netic bearings and windage losses along the entire length of the
rotor. As shown in Fig. 6, when the flux density level is maximum
at ~0.6 Tesla and the speed is on the order of 30,000 rpm that the
total power loss for the homopolar rundown case is ~627 Watts.

The data for all 24 runs was separated into hysteresis losses,
eddy current losses and windage losses with results presented in-
Kasarda (1997). By combining Eqgs. 3 and 4, the rotor rundown
characteristics (rpm/sec) can be presented analytically as a func-
tion of rotor speed as

dN

—=h,+ h,N+ h,N"8, (5)
dr

where A, k., and h, are hysteresis, eddy current, and windage
coefficients, respectively. It was desired to investigate the effect of
the bias flux density, B, on the hysteresis coefficient, the eddy
current coefficient, and the windage coefficient. For the hysteresis
coefficient, the model for the effect of the flux density is

h, = A,B". ©)
Taking the logarithm of this equation gives
log (h,) = ny log (B) + log (4,), N

which is linear. The logarithmic plot of all of the homopolar data
was obtained and curve fit with B to various values of n,. A good
curve fit resulted with the power of n, = 1.0 for the hysteresis
losses. The parameters for the curve fit are given in Table 1. The
coefficient A, had a mean value of —9.3 (rpm-s™' — T7'), a
standard deviation of 0.5 (rpm-s~' — T7'), and a correlation
coefficient of 0.969. The standard deviation value is very good and
is approximately 5 percent of the mean value. The correlation

Table 1 Coefficient evaluation statistics—configuration #H0-16-15

Hysteresis Eddy Current Windage
Coefficient, A, | Coefficient, A, Coefficient,h,
Mean of 93 6.2x 10° -1.0x10°
Normalized | rpm-s'-T" g1 rpmS-s!
Coefficients
Standard 0.5 3.3x10° 57x10%
Deviation | rpm-s'-T" L pm iyt
of
Normalized
Coefficients
Correlation | 0.969 0.986 -0.922
Coefficient,
R
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Fig. 7 Typical rundown data—configuration #HE-8-15-B = 0.32 T (het-
eropolar)

coefficient is very near to 1.0 which indicates an excellent curve
fit.

Using a similar approach for the eddy currents and a model of
the form

h.=AB", ®)

the mean value, standard deviation, and correlation coefficient
values are determined and also given in Table 1. The curve fit in
this case resulted in a value of n, = 1.4 for the best fit. Again, the
standard deviation is approximately 5 percent of the mean value
and the correlation coefficient is nearly 1.0 which indicates an
excellent fit.

The windage power loss is not expected to be a function of the
bias flux density. A curve fit of the windage coefficient #,, for the
24 experimental runs was evaluated and the parameters given in
Table 1. The correlation coefficient of —0.922 indicates that there
is a relatively large amount of negative correlation between the
windage term and the bias flux density. The presence of unac-
counted skin effects will most likely affect the windage coefficient
since both are higher order terms which are expected to vary as
speed to the power 4 (skin effects) and speed to the power 2.8
(windage). Recall, from Kasarda (1996b), that skin effects were
excluded from the data regression model because while they are
expected to be present, they are inseparable by current analysis
methods. However, the absolute value of the unaccounted electro-
magnetic effects is very small in the homopolar bearing resulting
in a small standard deviation in the actual windage coefficient on
the order of 6 percent. Additional methods to separate the skin
effect and windage term are underway but not addressed in this
paper. Also, future data taken in a vacuum environment will
eliminate the windage losses which will allow for the character-
ization of the skin effect power loss component.

Experimental Results—Heteropolar Bearing

Figure 7 shows a typical set of four run down plots for the
heteropolar bearing with a bias flux density of B = 0.32 T. A total
of 26 run down measurements were taken for bias flux density
levels of 0.32 T (four runs), 0.38 T (four runs), 0.44 T (three runs),
0.49 T (five runs), 0.54 T (three runs), and 0.64 T (seven runs).
Figure 8 shows a plot of the determined power loss value in Watts
versus rotor speed for each of these flux density values. This
determined power loss is the total power loss including electro-
magnetic power losses from the two radial magnetic bearings and
windage losses along the entire length of the rotor. As shown in
Fig. 8, when the flux density level is maximum at ~0.6 Tesla and
the speed is on the order of 28,000 rpm the total power loss for the
heteropolar rundown case is ~1544 Waltts.

The data for all 26 runs was separated into hysteresis losses,

700 / Vol. 121, OCTOBER 1999

NASA Highepesd Power Loss Test Rig

1400 8-Pole Planar Radial Beanng - 0.015 GAP
Rundown in Air
NSNS

1200

DETERMINED POWER LOSS - 820,327 -o—
DETERMINED POWER LOSS - B#Q,38T -+~
1000 DETERMINED POWER LOSS - B=0.44T -~
DETERMINED POWER LOSS - Bx049T -
DETERMINED POWER LOSS - 8%0.54T w—

800 DETERMINED POWER LOSS - B=0.62T -

800

POWER LOSS (watts)

400

200

30000 35000

000 25000

0 5000 10000 15000 20
SPEED (rpm)

Fig. 8 Determined power loss— configuration #HE-8-15 (heteropolar)

eddy current losses and windage. It was desired to investigate the
effect of the bias flux density, B, on the hysteresis coefficient, the
eddy current coefficient, and the windage coefficient in Eq. 5. For
the hysteresis coefficient, the model for the effect of the flux
density was

h, = A,B™. )
Taking the logarithm of this equation gives
log (k) = n, log (B) + log (4,),

which is linear. The logarithmic plot of all of the heteropolar data
was obtained and curve fit with B to various values of n,. A good
curve fit resulted with the power of n, = 1.3 for the hysteresis
losses. The parameters for the curve fit are given in Table 2. The
coefficient A, had a mean value of —45.8 (rpm-s~' — T7'7), a
standard deviation of 1.4 (rpm-s™' — 77'?), and a correlation
coefficient of 0.996. The standard deviation value is approximately
3 percent of the mean value and the correlation coefficient is very
near to 1.0 which indicated an excellent curve fit.

Using a similar approach for the eddy currents and a model of
the form

(10)

h,=A,B™ (11)

the mean value, standard deviation, and correlation coefficient
values are determined and also given in Table 2. The curve fit in
this case resulted in a value of n, = 2.0 for the best fit. The
standard deviation is approximately 7.5 percent of the mean value
and the correlation coefficient is nearly 1.0 which indicates an
excellent fit,

The windage power loss is not expected to be a function of the
bias flux density. A curve fit of the windage coefficient 4,, for the
26 experimental runs was evaluated and the parameters are given
in Table 2. The correlation coefficient of —0.855 indicates that
there is some correlation between windage and bias flux density.

Table 2 Coefficient evaluation statistics—configuration #HE-8-15

Hysteresis Eddy Current Windage
Coefficient, Ay Coefficient, A, Coefficient, h,
Mean of -45.8 -53x10? 7.0x 107
Normalized | rpm-s'-T** R rpm-S.s!
Coefficients
Standard 1.4 4.0x10° 2.1x107
Deviation of | rpm-~s*-T** sLT? rpm s
Normalized
Coefficients
Correlation | 0.996 0.998 -0.855
Coefficient,
R
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As was the case with the homopolar data, the effect of unaccounted
skin effects in the regression model may be appearing in the
similarly higher order windage term. As shown in Table 2, the
standard deviation for the windage coefficient is 30 percent of the
mean value and skin effects are expected to be larger in this
configuration than in the homopolar case. However, the overall
magnitude of the power loss is dictated by the eddy current power
loss component and the unaccounted skin effect has a small impact
on the overall magnitude of the power losses.

Comparison of Homopolar and Heteropolar Results

It is very interesting to compare the power loss results from the
homopolar and heteropolar configurations. Recall, that both the
homopolar and heteropolar bearing have been designed with the
same air gap length, tip clearance ratio, surface area under the
poles, and bias flux level. The only major difference in the two
bearing configurations are the direction of flux path as shown
earlier in Fig. 1.

A comparison of the determined power losses of the two bearing
configurations for two different flux cases is shown in Fig. 9. The
homopolar bearing, #H0-16-15, was operated at B = 0.32 T and
B = 0.64 T over the speed range while the heteropolar bearing,
#HE-8-15, was operated at B = 0.32 T and B = 0.62 T. As seen
in Fig. 9, for nearly the same bias flux density, the homopolar
bearing configuration has considerably lower power losses than the
heteropolar bearing configuration.

Another interesting comparison is made by separating the total
power loss into each of the individual loss components. Shown in
Fig. 10 is a plot of total power loss along with the hysteresis, eddy
current, and windage loss components for the homopolar bearing
when the flux density equals 0.6 7. As shown in this figure, the
eddy current component of the homopolar configuration losses is
approximately of the same magnitude as the windage loss for this

700 —eo— hysteresis
600 —m-- eddy current
500 —a— Windage

400

300 —>¢— total

200
100
0

Power Loss (Watts)

0 4000 8000 12000 1600020000 2400028000

Speed (rpm)

Fig. 10 Power loss components for homopolar bearing; B = 0.6 T
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speed range and these components make up the bulk of the power
loss. The hysteresis component is very small for this test config-
uration.

The power loss components are also plotted in a similar manner
for the heteropolar bearing when the flux density, B = 0.6 T, as
shown in Fig. 11. This figure shows that the eddy current compo-
nent is the dominant loss mechanism for the heteropolar case and
is well above the magnitude of the windage loss component. Note
that the actual magnitude of the windage power loss is very similar
for both the homopolar and heteropolar cases (within 40 percent).
As with the homopolar case, the hysteresis contribution is small for
this test configuration.

Conclusion

A radial heteropolar (radial flux path) and radial homopolar
(mixed axial and radial flux path) bearing were designed to study
the effect of flux path on rotating power loss. The test results
demonstrate that, for these test bearings, the homopolar bearing
showed significantly lower losses than the corresponding hetero-
polar bearing. The test bearings presented here were not designed
to minimize power losses but to test the effect of the two different
flux paths. It should be noted that all tests were run with the same
rotor lamination thickness and that an alternative lamination thick-
ness may result in different levels of variation in power losses for
the two different configurations. It should also be noted that
dynamic performance of the homopolar and heteropolar designs
was not addressed in this study and differences may exist between
the two configurations but are beyond the scope of this work.
However, the resuits of this study do indicate that there is consid-
erable promise for optimizing the radial magnetic bearing design
for low rotor loss operation by utilizing the homopolar configura-
tion.
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Reduction of the Dynamic Load
Capacity in a Squeeze Film
Damper Operating With a
Bubbly Lubricant

Squeeze film dampers (SFDs) are effective means to reduce vibrations and to suppress
instabilities in rotor-bearing systems. However, at operating conditions while traversing
critical speeds with large orbital whirl motions, ingestion and entrapment of air into the
thin lands of SFDs generates a bubbly mixture (air in lubricant) that is known to reduce
the dynamic film pressures and the overall damping capability. This pervasive phenom-
enon lacks proper physical understanding and sound analytical modeling. An experimen-
tal investigation to quantify the forced performance of a SFD operating with a controlled
bubbly mixture is detailed. Tests are conducted in a constrained circular orbit SFD to
measire the dynamic squeeze film pressures and journal motion at two whirl frequencies
(8.33 and 16.67 Hz) as the air content in the mixture increases from 0 percent to 100
percent. The analysis of period-averaged filin pressures reveals a zone of uniform low
pressure of magnitude equal to the discharge pressure, independently of the mixture
composition. The uniform pressure zone extends as the mixture void fraction increases.
Radial and tangential film forces are estimated from the dynamic pressures at two axial
locations of measurement. The tangential (damping) force decreases proportionally with
the mixture volume fraction, while a radial hydrostatic force remains nearly invariant.
The experimental results quantify effects previously known by qualitative description only,

S. E. Diaz

L. A. San Andrés

Mechanical Engineering Department,
Texas AGM University,
College Station, TX 77843-3123

thus providing a benchmark towards the development of sound theoretical models.

Introduction

Current trends on the design of high performance turbomachin-
ery demand for light and flexible rotors to operate at higher speeds
within tighter clearances. Thus, the right amount of damping on
the rotor supports is critical to control synchronous vibration levels
and any subsynchronous instabilities associated with these oper-
ating conditions. Traditionally, squeeze film dampers (SFDs) have
introduced the required viscous damping in aircraft jet engines.
SFDs have also been used as retrofits in unstable turbomachines.

Squeeze film dampers consist of a lubricant film filling the space
between a nonrotating journal, free to whirl, and a bearing housing.
The (positive) squeezing of the film generates hydrodynamic pres-
sures, which produce a damping force opposing the journal whirl
motion. On the other hand, at the locations undergoing negative
squeeze, i.e., increasing film thickness, suction pressures occur that
may draw external air into the film. Classical lubrication theory
considers a fluid as unable to sustain tension with an instantaneous
phase change resulting in vapor cavitation. However, at high whirl
speeds and with large journal vibration amplitudes, extensive practice
and experimental research has revealed that air is ingested into the
lubricant film and becomes entrapped. This phenomenon generates a
bubbly (air in oil) mixture that resembles a foam (Hibner and Bansal,
1979; Walton et al., 1987; Zeidan and Vance, 1989, 1990a, b). This
type of flow, intimately related to the kinematics of journal motion,
flow rate and external conditions, is the one most commonly to appear
in commercial applications of squeeze film dampers. Zeidan et al.
(1996) in an extensive review of the state of the art in SFDs remark
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the importance of the phenomenon, as it considerably reduces the
dynamic squeeze film forces and the overall damping capability of the
SED. Yet, to this date, there is not an accurate model addressing to the
effects of air ingestion on SFD forced performance, or a relevant set
of experimental measurements, which could aid in validating predic-
tive tools.

Diaz and San Andrés (1997a) have recently measured the dy-
namic pressure fields in a SFD test rig operating with a bubbly
mixture of air in oil. As the volume concentration of air in the
mixture is increased, a constant pressure zone that interrupts the
dynamic pressure raise from the minimum peak to the maximum
peak appears. The extent of this region, named as the gaseous
cavitation zone, is directly related to the air mixture volume
fraction. For low concentrations of air, the gaseous cavitation
extent is small and appears randomly in some of the cycles of
Jjournal motion (incipient regime). For larger amounts of air con-
centration, the uniform pressure zone appears in all the cycles of
journal motion, with a notable reduction in the generation of
squeeze film dynamic pressures (fully developed gaseous cavita-
tion regime). Within the gaseous cavitation zone, the mechanical
woark done by the journal motion over the lubricant mixture goes
into changing its specific volume, rather than in changing the film
pressure.

The modeling of SFD dynamic fluid cavitation with bubbly
mixtures is not a simple task. Many conceptual approaches have
been considered, some of them very dissimilar to each other. Diaz
and San Andrés (1997b) provide a more detailed discussion on this
matter, though a cursory review of the most relevant literature
follows.

SFDs are generally modeled with the classical fluid film Reyn-
olds equation in conjunction with boundary conditions defining the
onset and extent of the pure lubricant cavitation region. These are,
for example, the = film, the Reynolds, or the Jakobsson-Floberg-
Olsson models. However, in SFDs with bubbly mixtures, the air
bubbles are dispersed within the squeeze film, even in the high-
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_pressure zones, preventing the implementation of the conventional

cavitation models. For simplicity, most models regard the bubbly
mixture as a homogeneous medium and incorporate equivalent
density and viscosity material parameters as functions of the
pressure and mixture composition. However, no sound rationale
exists for the appropriate correlations used, and in some cases their
validity is questionable in lieu of empirical evidence (Braun and
Hendricks, 1984; Fengh and Hahn, 1986; Pinkus, 1990).

Bubbly mixtures are not just confined to thin film lubrication-
type flows. Bubble collapse damage along with cavitation erosion
in water pumps is still a pervasive problem in industry. In this area
of fluid mechanics, models for bubble dynamics based on the
Rayleigh-Plesset equation have proven useful in cases where the
dynamic changes of pressure affect the thermodynamic equilib-
rium between the two phases of the mixture (Plesset and Prosper-
etti, 1977; Hsie, 1988; Brennen, 1995).

More recently, the continuum theory of mixtures provides a
more general formulation, though it still faces the closure problem
since there are more unknowns than derived governing equations
(Atkin and Crane, 1976; Rajagopal and Tao, 1995). Adequate
rheological modeling thus requires of empirical correlations or
constitutive equations, only attainable through careful experimen-
tation. Nevertheless, several successful applications to steadily
loaded hydrodynamic journal bearings and elasto-hydrodynamic
contacts can be found in Al-Sharif et al. (1992), Wang et al.
(1992), Chamniprasart et al. (1993), and Szeri (1996). Note that
the issue of mixture component homogeneity seems to be well
beyond the capabilities of current theoretical models.

The aim of this paper is to provide experimental evidence
quantifying the reduction of the squeeze film damping forces due
to air entrainment, and extending earlier work related to the mea-
surements of squeeze film damper pressures in the same test rig
(Diaz and San Andrés, 1996, 1997a). Air ingestion and entrapment
are simulated with a controlled (air/oil) bubbly mixture that is fed
into a SFD test rig. The air content is varied from 0 percent to 100
percent, emulating increasing degrees of severity for the air en-
trapped in an actual application. The test journal describes circular
centered orbits within its bearing housing. Dynamic film pressures
are measured at several locations around the damper circumfer-
ence to verify the rotational symmetry of the ensemble-averaged
dynamic pressure field. Then, dynamic SFD forces are estimated

“from integration of the measured film pressures at two whirl
frequencies. The effects of air volume fraction in the notable
reduction of the SFD tangential force are quantified for the first
time. The measurements provide much needed experimental evi-
dence to advance the state of the art in SFD modeling.

Experimental Facility

The circular centered orbit SFD test rig employed has served in
the past to research different aspects of damper forced perfor-

mance. A detailed description of the apparatus, shown in Fig. 1(a),
can be found in Arauz and San Andrés (1993, 1996). The test
section consists of a journal (length, L = 31.1 mm, outer diam-
eter, D = 129.4 mm) mounted on a rigid shaft with an eccentric
sleeve through a ball bearing (see Fig. 1(»)). Four anti-rotation
pins prevent the journal from spinning, but allow it to whirl in a
circular orbit. A variable speed electrical motor drives the shaft
and makes the damper journal whirl at a frequency equal to the
shaft speed. The damper radial clearance (C) is 0.343 mm (13.5
mils) and the nominal radius of the orbit (¢) is 0.180 mm (7.1
mils), (e/C = 0.53), for a pressurized condition at 7.0 bars.

The bubbly mixture is produced at the sparger (mixer element)
in the junction of (shop) air and oil lines (see Fig. 2). An ISO VG
68 pure lubricant is employed in the tests, and with a measured
density (p) of 0.87 gr/cm’ and viscosity (i) equal to 77.5 and 25.8
centipoise at 28°C and 51°C, respectively. The lubricant is stored
in a 114 liters (30 gallons) reservoir and delivered to the mixer
with a gear pump. The oil condition is monitored through a
transparent window. The (feed) static pressures for the pure lubri-
cant and air are displayed in Bourdon type pressure gauges, PG,
and PG,, respectively. An additional gauge (PG,) allows mea-
surement of the mixture static pressure just before its entrance to
the damper test section. A thermal mass flowmeter (0-100 SLPM)
is employed to measure the airflow rate, and a positive displace-
ment gear flowmeter (up to 4 LPM) for the oil volumetric flow rate.
The lubricant inlet and outlet temperatures, the film temperature,
and the air supply temperature are measured with K-type thermo-
couples (T7).

The bubbly fluid enters into the damper film through two holes
180 deg apart at the damper left end (location Z,). An O-ring seals
the damper journal on this side, thus forcing the flow to exit
through the right end plenum (see Fig. 1(b)). The plenum or exit
pressure is measured with a pressure gauge installed in the housing
cap (see Fig. 1(a)). Two high-pressure transparent hoses serve to
monitor the condition of the mixture at the inlet and outlet ports of
the damper.

A photoelectric tachometer records the shaft speed and two
orthogonally placed eddy current sensors (PP, and PPy,) measure
the journal whirl motion. Four piezoelectric pressure transducers
(PT) are flush mounted at the plane Z, (16.7 mm from the left end)
on the circumferential locations 0 deg, 120 deg, 180 deg, and 240
deg, measured clockwise from the horizontal axis (see Figs. 1(b)
and 2). The piezoelectric transducers are limited to measure dy-
namic variations of the pressure. Two strain gauge pressure sen-
sors, flush mounted at 330 deg in the two different axial locations
(Z, and Z,), measure absolute film pressures. The location Z, (5.6
mm from the left end) is nearer to the sealed end of the SFD, and
Z, is half way between Z, and the open end of the damper.

Nomenclature
C = SFD nominal radial clearance n = number of full periods of jour- V., = ew, journal center tangential ve-
(0.343 mm) nal motion locity (m/sec)

D = journal diameter (129.4 mm)

¢ = nominal journal orbit radius or
eccentricity (0.180 mm)

f = f. + if,, squeeze film force per

P(1) = period-averaged or instanta-
neous film pressure at location
(Z;, 8) (Pa)

journal radius (64.7 mm)

X, Y = horizontal and vertical coordi-
nates of the journal center (m)
Z; = axial location of pressure mea-
surements (mm), Z, (5.16 mm),

unit length (at Z;) (N/m) r, t = radial and tangential coordi- Z, (16.7 mm)
£ f: = radial and tangential components nates Zy = inlet SFD plane (0 mm)
of squeeze film force (N/m) SLPM = standard liters per minute Z, = discharge SFD plane (37.1 mm)
h = C + e cos (wt). Local film t = time (sec) A = mixture volume fraction (air
thickness (m) t, = time of minimum film thickness volume/total volume)
i = V —1, Imaginary unit at 0° (sec) w = journal whirl frequency (rad/sec)
L = SFD journal length (31.1 mm) T = 27/w, Journal period of motion 6 = angular location of pressure mea-

LPM = liters per minute (sec)
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(a) General assembly

{b) Squeeze film damper detail

Fig. 1 Squeeze film damper test apparatus

Experimental Procedure

An uncertainty analysis and a calibration of the instrumentation
are performed to verify manufacturer values for sensitivity and
precision of the flowmeters, pressure gauges, and thermocouples.
The individual calibration errors are: oil flow meter, 1 percent of
measurement, air flow meter, 0.5 percent of full scale (100 SLPM),
pressure gauges, 3 percent of full scale (150 psi), and thermocou-
ples, 1 percent of full scale (200°F). These errors are propagated
using the standard Kline and McClintock (1953) approach for

Window 1

Qil Sump

PP - displacement sensors
PT - pressure transducer
TT - temperature transducer
PG - pressure gauge

Air line
Fig. 2 Schematic of test rig and instrumentation
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simple sample experiments to estimate the uncertainty on the
derived parameters. The film pressure measurement uncertainty is
mainly due to the A/D conversion, and is on the order of hun-
dredths of a bar. In the actual tests, however, a different source of
uncertainty arises in the measurements. The nature of the bubbly
mixture forced by the journal dynamic motion introduces temporal
fluctuations in the squeeze film pressure that are estimated as two
orders of magnitude larger than the instrumentation uncertainty,
being the largest (worst case) on the order of one bar. This
first-order uncertainty in dynamic measurements is thoroughly
discussed by Moffat (1982).

The bubbly mixture volume fraction is estimated as the ratio of
the air volumetric flow rate and the total volumetric flow rate (air
plus lubricant). The oil flow rate is obtained directly from the
meter display, and the airflow rate is derived from the mass flow
rate and the supply temperature and pressure. The estimated mix-
ture volume fraction uncertainty is depicted with error bars on the
corresponding graphs detailing the test results.

Measurements are performed at two shaft speeds, 500 rpm (8.33
Hz) and 1000 rpm (16.67 Hz). In both cases, the mixture volume
fraction is increased from O to 1 (i.e., from pure oil to all gas
condition). The air and oil supply pressures are kept constant at 6.8
bar (100 psi) to assure uniform mixing, and the mixture feed
temperature is close to room temperature (25°C). The discharge or
plenum pressure is kept to a constant value of 1.8 bar (26 psi). The
mixture volume fraction, regulated by valves in the oil and air feed
lines, requires some elapsed time to reach a uniform composition
(usually less than 2 minutes). The power supply to the DC drive
motor must be reset for each test mixture condition since this
causes the shaft speed to vary, thus affecting greatly the SFD
power consumption.

For each test case, the stationary values of the temperatures and
feed pressures of air, oil, and mixture; the air and oil flow rates;
and the journal speed are manually recorded. The dynamic film
pressures and the horizontal (X) journal displacement sensor are
acquired simultaneously at a rate of 500 samples per second, for a
total of 1024 data points for each test (34 cycles of journal motion
at 1000 rpm, and 17 cycles at 500 rpm). The tests performed at 500
rpm also include the film pressure at location Z, and the vertical
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Fig. 3 Development of the pressure field and gaseous cavitation zone with the mixture volume fraction (VF) for a whirl frequency of 16.67

Hz at 180 deg

(Y) journal displacement. The digital data is stored for later anal-
ysis with a dedicated data processing software. The tests are
conducted at all times with a pure lubricant available from the
large reservoir and which is divided by a baffle preventing the
mixing of aerated return oil with the fresh lubricant.

Results

Figure 3(a) shows a set of typical dynamic film pressures
obtained with the bubbly mixture. The plot compiles the film
pressures at the location (180 deg, Z,) for a whirl frequency of
16.67 Hz, and over the whole range of mixture volume fractions.
This waterfall-like plot depicts the pressure in the vertical axis, the
time in the horizontal axis, and the mixture volume fraction in the
in-plane axis. The most noticeable characteristic of the dynamic
pressure field is its “noisy” nature. Pressure spikes and fluctuations
on the peak-to-peak amplitude are intrinsic to the presence of
bubbles in the lubricant (Diaz and San Andrés, 1996, 1997a).
However, the implementation of a period averaging scheme results
in a smooth pressure field in which the “noise” has been removed.
This ensemble-averaging scheme consists of taking the entire
pressure field recorded and dividing it into periods of journal
motion (16 periods for 8.33 Hz, and 32 for 16.66 Hz). Then, each
period is considered as an independent measurement and the time
average of the whole set of “independent measurements” is com-
puted. Figure 3() shows the period averaged field corresponding
to the pressure measurements depicted in Fig. 3(a). The procedure
shows that the pressure field can be represented by a periodic
smooth function and that the pressure spikes (high frequency) need
not be considered to describe the general behavior of the squeeze
film damper. In the experiments, the temporal variations in the
journal orbit amplitude (not shown here for brevity) range to a
maximum 15 percent of the nominal value (0.180 mm). These
changes are due to the frictional forces exerted by the external
pressurization of the test apparatus and do not affect the test results
hereby reported. Representative squeeze film forces can then be
estimated from the period (ensemble) averaged pressure fields.'

The ensemble dynamic film pressure contains the main features
common to all the measured periods in the pressure field. The
occurrence of a zone of constant pressure that interrupts the
pressure rise from its minimum value to its maximum peak is
evident. The measurements thus confirm prior experiments of

! The nature and importance of the high frequency, random pressure variations due
to the bubbly-mixture is left out for future analysis. Such task of course requires a
more complex methodology along with a more adequate theoretical foundation,

706 / Vol. 121, OCTOBER 1999

Zeidan and Vance (1990a, b) and Diaz and San Andrés (1996,
1997a). The constant pressure zone onset and extent are related to
the amount of air present in the lubricant (Diaz and San Andrés,
1997a, 1997b). Figure 4 sketches a contour pressure plot of the
surface generated by the curves depicte(f in Fig. 3(). The graph
presents the isobaric lines, at intervals of 0.61 bar, in the plane of
mixture volume fraction and time. The local film thickness is
displayed with the same time scale at the bottom of each figure.
The uniform pressure zone develops around the time of maximum
film thickness when going from negative film squeeze (increasing
film thickness) to positive film squeeze (decreasing film thickness).
The uniform pressure magnitude is independent of the mixture
volume fraction and equal to the exit plenum pressure (1.8 bar).
During a period of motion, the extent of the no-film pressure
generation region increases (almost linearly) with the mixture
volume fraction. The maximum peak pressure displaces towards
the location of minimum film thickness when the mixture volume
fraction increases, thus approaching the condition of an ideal gas.
Similar conclusions are drawn from the measurements at all the
other angular locations.

Diaz and San Andrés experiments (1997b) demonstrate the
squeeze film pressures to be similar at the different angular loca-
tions of measurement, but shifted (in time) by a value equal to the
angle between the circumferential locations of measurement di-
vided by the whirl frequency (w). In addition, the measurements
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Fig. 4 Contour plot of the pressure field versus the mixture void fraction
(VF) for a whirl frequency of 16.67 Hz at 180 deg
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Fig. 5 Pressure profile around the journal damper from measurements
at one fixed location over one cycle of motion and from simultaneous
measurements at different angular locations at the plane of Z;,

show the peak-to-peak pressures to be nearly identical over the
entire journal circumference. Nevertheless, the most convincing
evidence of a rotating pressure field is shown in Fig. 5, where the
circles denote film pressures measured simultaneously at the an-
gular positions shown and at the journal position sketched. The

continuous line depicts the dynamic pressure recorded at a fixed -

angular location (the one coinciding with the radial direction on
the figure) over one period of journal motion. Note how the
instantaneous pressure values coincide with the time varying pres-
sure measurement at the fixed angle. Similar results are drawn
from other measurements using the other transducers and at dif-
ferent mixture qualities than the ones presented in Fig. 5 (Diaz and
San Andrés, 1997b, include in full these results). In sum, the
dynamic pressure variations detected by a stationary observer (at a
fixed angular location in the damper housing) have a unique
correspondence to the values of the stationary pressure field as this
rotates with an angular speed equal to the journal whirl frequency.

A test in which a pure oil is fed to the SFD at the nominal supply
pressure (7.8 bar (115 psia)) and discharge pressure (1.8 bar (25
psia)) is performed for a nonwhirling journal. The shaft is manu-
ally (slowly) rotated and the film pressure variation is measured
with the strain gauge pressure transducers. This hydrostatic pres-
sure is depicted in Fig. 6 versus the angular location of the journal
center measured from the transducer location (330 deg, Z,). The
local hydrostatic film pressure depends on the film thickness
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Fig. 6 Hydrostatic absolute pressure and local film thickness versus
journal angular position at (Z,, 330 deg)
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constraining the local axial flow and the disposition of the feed
holes acting as flow resistances. The hydrostatic pressure presents
a maximum at the minimum film thickness, and a minimum at the
maximum film thickness. Integration of this pressure field over the
journal surface reveals (nearly) centerinig radial forces of 3372
N/m at Z, acting 6.4 deg from the radial direction, and 7275 N/m
at Z, and 8.0 deg from the radial direction. The tests with journal
whirl motion show that the dynamic pressure field is represented
by the superposition of this hydrostatic pressure and the squeeze
film generated pressure. The SFD forces presented next evidence
this important conclusion.

A SFD describing circular centered orbits and with a stationary®
pressure field (synchronous with the shaft) generates invariant
forces in a radial and tangential coordinate system rotating with the
same speed as the shaft. A pure tangential (—) force is distinctive
of an ideal SFD since this force directly opposes any forward whirl
force. Radial forces could be centering denoting a stiffness-like
effect, or outwards implying a fluid inertia effect.

Dynamic damper forces (f,, f,) in the radial and tangential
directions arise from integration of the pressure field around the
journal surface. A kinematic relation between the stationary
(though rotating) pressure field and the dynamic pressure field at a
fixed location is used to transform the spatial integration around
the journal circumference into integration in time. The relationship
is

fo=0+ifle

D
(O'E‘

totnT
- . Pugy e Halti=1) 48] 74 %))
¢

n

o

Refer to the Nomenclature for a proper definition of all vari-
ables.

Figure 7 shows the estimated radial (f,) and tangential (f))
“forces per unit length” as a function of the mixture volume
fraction (A) at axial locations (Z,, Z,) and two whirl frequencies.
Note that the magnitude of the forces is per unit length implying
the discrete nature of the measurements in the axial direction. The
similitude between the estimated forces using the pressures at
different angular locations verifies (once more) the invariance of
the .dynamic pressure field in a rotating coordinate system. The
ensemble-averaged forces, presented in the figures, also show
good correlation with the forces from different angular locations.
The estimates of the tangential (direct damping) force lay all
within a narrow band around this ensemble average. The estimates
of the radial (centering) force are also close to this ensemble
average. However, the dispersion of the force estimates is a little
larger for mixture volume fractions around 0.85.

The tangential force is largest for the condition of pure oil, while
practically null for a volume fraction equal to one (pure air). The
damping force presents a nearly linear variation with the air
volume fraction, and thus, it evidences a reduction in the mixture
viscosity and in the overall damping capability of the SFD. The
radial (centering) force appears not to be greatly affected by the
mixture composition, except at the largest air volume fractions
where it rapidly drops to a null value (A > 0.85). A closer scrutiny
reveals that this force increases rapidly from the pure oil condition
to mixtures with small amounts of air (A < 0.02). As the air
content increases, the radial force remains aimost constant with a
light tendency to increase. For both test speeds, the tangential force
per unit length at the axial location Z, is larger than the radial force
up to a mixture volume fraction, A ~ 0.70. The radial force is
larger above this value of A. At the axial location Z,, the tangential
force is larger than the radial only up to a mixture volume fraction
of about 0.40.

2 Here the stationary qualification means an invariant pressure field relative to an
observer positioned in the spinning shaft.
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An incompressible fluid, full-film SFDs model would predict
damper forces directly proportional to the lubricant viscosity, whirl
frequency, and journal orbit radius. Thus, for a constant mixture
composition (or at least for the pure oil condition) the forces at
16.67 Hz should be approximately twice their counterparts at 8.33
Hz. Yet, this is not the case in the present experiments. For the
pure oil condition, the estimated total force at 16.67 Hz is less than
1.5 times the force at 8.33 Hz. In addition, it is well known that an
uncavitated, oil lubricated SFD executing circular centered orbits
renders a pure tangential (damping) force opposing the journal
center speed. However, in all the test cases the radial forces have
a nonzero value at a mixture volume fraction equal to zero (pure
oil), This apparent inconsistency is due to two clearly identified
factors.

First, the high supply pressure is enough to prevent fluid vapor
cavitation at 8.33 Hz, but is not enough to prevent oil vaporization
at 16.67 Hz for the lower mixture volume fractions (where the
dynamic peak-to-peak pressures are larger). As a consequence, at
16.67 Hz and the pure oil test condition (A = 0) the damper
presents vapor cavitation, This possibly accounts for the lack of
proportionality between the forces and the whirl frequency at the
pure oil condition.

The hydrostatic pressure field is probably responsible for the
radial (centering) force. Note how remarkably close are the esti-
mates of radial force for pure oil at 8.33 Hz and those due to the
hydrostatic pressure profile in both axial locations. The dynamic
pressure measured is thus the superposition of the hydrodynamic
pressure field produced by the squeezing motion and the hydro-
static pressure field induced by the external pressurization. -

Conclusions

Most dampers operate with low levels of external pressurization
allowing for lubricant vaporization or air entrapment while oper-
ating with large amplitude vibrations at high frequencies. Air
ingestion leading to a bubbly mixture composition affects substan-
tially the dynamic performance of squeeze film dampers. This
complex phenomenon lacks adequate physical understanding and
sound analytical modeling. Experimental measurements of dy-
namic squeeze film pressures and derived film forces in a SFD
operating with a controlled bubbly mixture of air in oil are de-
tailed. The tests are conducted at two different whirl frequencies
(8.33 and 16.67 Hz) and over the full range of mixture volume

708/ Vol. 121, OCTOBER 1999

fractions (from pure oil to pure air). The following are the most
relevant conclusions:

1 A period averaging procedure is effective to eliminate ran-
dom and “noisy” components of the dynamic film pressures,
while preserving the most important features like shape,
magnitudes, and periodicity of the pressure fields,

2 The existence of a pressure field rotating synchronously with
-the shaft is confirmed by the similitude of the pressure
measurements around the damper circumference.

3 A zone of nearly constant pressure and of magnitude equal
to the discharge pressure develops for increasing mixture
volume fractions. The extent of this zone is directly related
to the mixture composition.

4 The tangential component of the SFD force continuously
decreases with the mixture volume fraction. However, the
radial force component increases in the first instance and
then remains almost constant up to a mixture volume frac-
tion approximately equal to 0.85. Both force components
drop to a null value for the pure air condition.

5 The radial (centering) force at the pure oil (uncavitated)
condition is due to a hydrostatic pressure field arising from
the feed mechanism and independent of whirl speed.

The test results provide experimental evidence of the paramount
effect of air content in the lubricant on the dynamic performance
of SFDs. The experimental results quantify parameters previously
known by qualitative description only, thus providing a benchmark
towards the development of sound theoretical models.
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Subjected to White Noise and
Narrow Band Excitation

This paper deals with the statistics of the response of a mistuned bladed disk assembly
subjected to random excitation. Analytical techniques are developed to compute this
statistics for two types of random excitation: white noise and narrow band. The validity

of the analytical methods has been established by comparison with the results from
numerical simulations. The sensitivities of the response to mistuning have been examined
as a function of the width of the frequency band of the random excitation, the dominant
frequency of the random excitation and the structural coupling between adjacent

blades.

1 Introduction

The forced response of a bladed disk assembly tends to be
sensitive to small variations in the modal properties of individual
blades. These variations in modal properties of blades, known as
mistuning, are unavoidable in practice because of manufacturing
tolerances. It has received a wide attention (Sogliero and Sriniva-
san, 1980; Griffin and Hoosac, 1984; Sinha, 1986; Wei and Pierre,
1988; Whitehead, 1996; Lin and Mignolet, 1997) in the existing
literature because amplitude of the vibration of a blade in the
mistuned bladed disk assembly can be significantly greater than
that of a perfectly tuned system. However, except for the paper by
Sogliero and Srinivasan (1980), all papers deal with deterministic
and periodic excitation. Since variations in modal properties of
blades are random in nature, there exists large number of possible
sets of modal parameters that a bladed disk assembly may have.
Hence, it is important to predict the statistics of forced response,
particularly the probability that the maximum amplitude will ex-
ceed a critical value. Sinha and Chen (Sinha, 1986; Sinha and
Chen, 1989; Chen and Sinha, 1992) have developed a technique to
compute the statistics of the maximum amplitude when the exci-
tation is deterministic and sinusoidal. This paper examines the
impact of mistuning when the nature of excitation is random,
which has been found to be true in many applications. Two types
of random excitation have been considered in this paper: white
noise and narrow band random excitation.

In the presence of random excitation, the mean and variance of
the response are computed for a given system. Because of mistun-
ing, these mean values and variances are random variables. Hence,
the objective is to compute the statistics of mean and variance of
the response, and then evaluate the impact of mistuning. For the
computation of mean and variance of the response, modal decom-
position methods are often used (Lubliner and Elishakoff, 1986).
However, analytical calculation of the statistics of mean and vari-
ance of the response due to mistuning becomes complicated be-
cause elements of modal matrix are random variables (Yang and
Griffin, 1997). When the excitation is white noise with zero mean,
the mean value of the response is zero for each case of mistuning,
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and the variance of the response can be obtained by solving a
Lyapunov equation (Lin, 1967). The same approach is valid for the
case of the narrow band excitation also, because the narrow band
excitation can be generated as an output of the band-pass filter with
the white noise as an input. The solution of Lyapunov equation
involves the solution of 2n(2n + 1)/2 linear equations, where n
is the number of second order differential equations. Since the
number of linear equations to be solved for a system subjected to
sinusoidal excitation is 2n, computational efforts for Monte-Carlo
simulation are going to be considerably higher when the excitation
is random in nature. Consequently, it is necessary to develop an
analytical technique to compute the statistics of the variance of a
blade displacement. Sogliero and Srinivasan (1980) considered
white noise excitation, and used the modal decomposition method
to compute the mean square displacement. They computed the
average value of this mean square displacement using Monte-
Carlo simulations with only ten mistuned bladed disk assemblies.

In this paper, a general approach has been presented to compute
the statistics of variance of a blade’s displacement when the
excitation is either white noise or narrow band. This approach is
based on Lyapunov equation and Taylor series expansion. Numer-
ical results are presented for a simple model of the bladed disk
assembly (Fig. 1). In the presence of white noise excitation, it is
shown that modal decomposition method leads to a very simple
expression for the computation of the statistics of variance of the
blade’s displacement. The results from these analytical techniques
are compared with those from Monte-Carlo simulations. The sen-
sitivity of random response to mistuning is examined as a function
of the frequency band of random excitation, the dominant fre-
quency of random excitation and the structural coupling stiffness.

2 Formulation

Let M, K, and C be mass, stiffness, and damping matrices,
respectively. The governing differential equation can be written as
follows:

Mi + Cx + Kx = F(1), (1)

where the elements of the external excitation vector, F(r), are
random in nature. Furthermore, these random processes are as-
sumed to be stationary with zero mean. It is assumed that the
correlation matrix of external forces,

Ri() = E[F()F(t+ 7], )

is known.
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Next, the correlation matrix of transformed forces can be cal-
culated as follows:

KG KG Kf KG
AN~ A Ro(7) = E[O()®(t + )] = VIRT)V 7
k., K, k., where E[ ] is the expected value. The correlation matrix of

modal response is then obtained (Papoulis, 1965) as

R,(1) = E[y()y(t + 1]

= E[(fm h(A)D(r — /\,)d)\]>
X (Jm (M) D(r + 7 — )\z)d/\z) } ®)
or component wise

Ryr)’j(T) = E[y,()y(t + 7)]

Model of bladed disk assembly

Fig. 1

The mistuning phenomenon is simulated by considering the
perturbations in the stiffness matrix alone. If the stiffness matrix
for the corresponding tuned system is K,

K = K, + 8K, 3)

where 6K is the deviation in the stiffness matrix due to mistuning.
It is assumed that the probability density function of each of the
nonzero elements of 8K is a linear combination of » independent
Gaussian random variables with zero mean where » is the number o [
of blades. In other words, one independent random variable, 6K, = J j

R AR A) Ry (T + Ay — A)dAdAy, (9
is associated with each blade. (AR v A ©)

—x%

. i f th isti i 1 . . . .
2.1 Computation of the Statistics of Response Via Moda where R, 4,(7) is the correlation of transformed force and #,(?) is

Analysis. Let V be a normalized modal matrix. By the linear o ) .
transformation, the unit impulse response of the ith modal system: i.e.,
x = Vy, 4) Rooa(T) = E[®{(1)D,(1 + 7)] (10)
Eq. (1) can be changed to a system of n decoupled equations as 1 o . —
follows: hi(t) = o di-5°¢ st sin (@, (1 — €9)1),
¥+ 20,y + wly = 01), (%) (t>0). (11

where Using Eq. (4), the correlation matrix of physical response is

obtained as below,

zgwn = VTCV = dlag [2§1wnl 26112 2§nwun (6(1)
0= VKV =diag[w, o, ... ol (6b) R(7) = VR(1)V". (12
c The variance of the system response, o}, is the diagonal ele-
®(r) = VF(), §& — . (6c, 64) ments of the correlation matrix of system response with v = 0: i.e.,

2mrwni

0',%:' = E[x:z] = Rx(o).xi (13)

Note that @’ and 2£w, are diagonal matrices where w,; is the i™
natural frequency and &, is the i" modal damping ratio. Due to the

. . . ; . 2.2 Computation of the Statistics of Response Via State
orthonormality condition of normalized modal matrix,

Space Analysis. Using the state space approach, the correlation
matrix of the system response can also be calculated. Introducing

ViMv =1, (6e) ; - :
the state variables, the system of second order differential Eq. (1)
where /, is an identity matrix. can be changed to the system of first order differential equations
Nomenclature
A = defined in Eq. (15b) and (24a) m, = modal mass of each blade V = normalized modal matrix
B = defined in Eq. (15¢) and (24b) n = number of blades w(t) = white noise excitation
Bp = defined in Eq. (18) P = correlation matrix of state vari- x; = displacement of ith blade
C = damping matrix ables y; = ith modal displacement
¢ = damping coefficient of each 0, = intensity of white noise excita- z = state variables
blade tion 8k = ki — ko
D,,; = defined in Eq. (39) R (1) = correlation matrix of external o, = standard deviation of ith blade
E[ ] = expected value force displacement
F(#) = external force vector R, (7) = correlation matrix of white o, = defined in Eq. (28b)

g(1) = narrow band excitation

h,(r) = impulse response of ith mode
= identity matrix

K = stiffness matrix

wx = defined in Eq. (28a)
& (1) = transformed force vector
&r = damping ratio of band-pass filter
&, = damping ratio of ith mode

noise excitation
R.(7) = correlation matrix of blade dis-
placement

ko, = modal stiffness of each blade R,(7) = correlation matrix of modal dis-

for the tuned system placement w; = resonant frequency of band-pass
k; = modal stiffness of ith blade R.{(7) = correlation matrix of trans- filter
M = mass matrix formed force w,; = natural frequency of ith mode
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2= Az + BF(1), (14)

where z is the state vector, and matrices A and B are appropriately
defined.

Case I: White Noise Excitation. If the element of the ex-
ternal excitation vector, F,(¢), is assumed as an ergodic and
Gaussian white noise, w(¢), then the state variables, system ma-
trices A and B can be represented as

zh=[x"2"]

0 I, 0
A= [ __M~1K _M—lc] ’ B = [M—l:l > (15b, 156)

and the correlation matrix of external forces is given as below.
R (7) (15d)

where Q, is the intensity and 8(7) is the dirac-delta function. Since
E[w,(#)] = 0, it has been shown that E[ z;,(£)] = 0. Let P be the
correlation matrix of state variables: i.e.,

P = E[z(t)z(t) 7]

then the correlation matrix P satisfies the following algebraic
equation under steady state conditions (Sinha, 1990).

(15a)

= E[W(I)W(t + T)T] = QOS(T)IIH

(16)

AP + PA" = By, a7

where

By = —BQ,B". (18)

The equation (17) is called the Lyapunov equation which can be
easily solved using MATLAB routine (MATLAB Manual, 1995)

“lyap-”

Case II: Narrow Band Excitation. If the external excita-
tion, F;(¢), is assumed as a narrow band excitation, g,(¢), which
can be generated from the white noise excitation, w,(z), by the
band-pass filter: i.e.,

g+ 26p0p8; + 03g; = wiw (1), (19)
where £, and w, are damping ratio and natural frequency of the
band-pass filter.

Now, the governing differential equation is given by

M3i + Cx + Kx = g(t), (20
where
8(1) = [g1(r)  £.(0) IAGIE 2D
If the state vector is selected as
T=[g7 g7 xT ¥7] 22)

then the Eq. (19) and (20) can be represented in the state space
form as

= Az + Bw(1), (23)
where
0 I, 0 0
_ —wil, —2&wwel, 0 0
A= 0 0 0 I, (24a)
M 0 -M7'K -M'C
0
2
'}
B=|“" (24b)
0
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Therefore, Eq. (17) can now be used to calculate the correlation
matrix P.

3 Analytical Computation of the Statistics of Variance
of Displacement Due to Mistuning

Given M, K, C, and the nature of random excitation, the
variance of the system response, o, can be compuied. However,
because of mistuning, elements of stiffness matrix are random
variables. As a result, o’ are random variables. Hence, it is
desirable to predict mean and standard deviation of ¢?. In general,
the modal decomposition method described in Section 2.1 can not
be used to calculate mean and standard deviation of o2 because the
modal matrix, V, can change significantly due to mistuning.
Hence, the method based on the state space analysis is developed
to calculate the statistics of o2

Using the Taylor’s series expansion, the solution of Eq. (17) can
be approximated as follows:

1 n n

P
P= P0+26k + 57 8k;Bk;,

ak ak 23

i=1 j=1

where P, is the correlation matrix of the perfectly tuned system.

Note that the third and higher order terms of the Taylor’s series
expansion are neglected. dP/dk; is a solution of the following
linear algebraic equation which is obtained by differentiating Eq.

(17) with respect to k.: i.e.,
UL LA K dA” >
0 Tk, + 5;,.140 - 6k + Py =7 ok, (26)

Note that 3A/dk; and dA"/k; can be calculated analytically.
The matrix P, is known by solving Eq. (17) for a perfectly tuned
system. Hence, the right hand side of Eq. (26) is known, and Eq.
(26) is the Lyapunov equation which can be again solved by using
the MATLAB routine “lyap.” Similarly, the terms 9*P/dk,dk; can
be calculated by the following algebraic equation which is ob-
tained after differentiating Eq. (26) with respect to k;: ie.,

a’p P

Ao ok;0k; * ok, ok, Ao
_ (AP 9PoAT aaop oPoATy
= ook ox or, tak ok ok k) 0 @D

From the Eq. (25), the mean and standard deviation of response
variance can be easily calculated as follows:

E[P;;], (O-?Q)i = E[PIZI] ~ (mr) ,-2»

where the expressions for (i,); and (o), are provided in appendix
A.

(g); = (28a, 28b)

4 Statistics of Response for a Given Model

In this section, a simple discrete model of a bladed disk assem-
bly (Sinha, 1986; Sinha and Chen, 1989; Chen and Sinha, 1992) is
chosen to study the effect of mistuning in the bladed disk system
(see Fig. 1). The modal mass of each blade is considered to be
identical and represented by m,. And the modal stiffness of the "
blade is represented by k,. To study the phenomenon of mistuning,
k; is considered as a random variable. The mean value of k; is
equal to the modal stiffness k, of a blade in the perfectly tuned
system. The standard deviation for the stiffness of each blade is
chosen to be the same. Also, the distribution of k; is assumed to be
Gaussian and independent of each other. The mechanical coupling
between adjacent blades due to the disk’s flexibility has been
represented by a spring with stiffness K. The intensity of white
noise excitation, Q,, is taken as unity because it acts as a scaling
factor which equally affects the response of all blades.

In Section 4.1, the statistics of standard deviation of each
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blade’s response due to white noise excitation is calculated by the
modal analysis whereas the resuits for narrow band excitation are
obtained in the Section 4.2.

4.1 White Noise Excitation. The statistics of system re-
sponse can be calculated from the state space analysis developed in
Section 3. However, in this case, technique described in Section
2.1 leads to very simple expressions for computing the mean and
standard deviation of o?. Because the modal mass of each blade is
identical, the Eq. (6¢) can be written as

(29

The correlation matrix of transformed forces can be calculated
from Eq. (7) and (154),

5
RID(T) = Qome) In

(30)

The mean square value of modal response is obtained from Eq.
(9) by setting 7 = 0,

0 (i #J)
R)uy;(o) = chwoz (i=j)- €2))

ni

The correlation matrix of modal response can be written as

Qo

R(0) =57

(D)7, (32)
where (w?2) ' is the inverse of the matrix w..

It should be noted that, in the mistuned system, the cotrelation
matrix of the modal response, R,(0), is also a diagonal matrix
because the white noise excitations, w,(¢), are uncorrelated. From

Eq. (29), (32), (12), and (6b),

Qo

RA0)K = 3c I, (33)

Therefore, the response correlation matrix is easily calculated as

Do gt

RA0) =77 (344)

Using Eq. (3), R,(0) can be written as
R(0) = %9 (Ky+ 8K) ! = %" (I, + K;'8K) 'K, (34b)

Assuming that the higher order of K;'8K is small,

where
R,(0) = g—c" Ky', 8R.(0) = —% K, '8KK;'. (36a, 36b)

Note that R,,(0) is the response correlation matrix of the per-
fectly tuned system and 8R,(0) is the change of correlation matrix
due to mistuning effect. The expression for each element of the
correlation change matrix 6R,(0) has the following form:

Q0 < _ -
Z E Ski(Ko l)i,I(K(j l)l‘j

I=1

BR(0);; = ~ 37)

Since the mean of 8k, is zero, the mean of 8R (0) is also zero.
Therefore, the mean of R,.(0) is same as the response correlation
of a perfectly tuned system. From the Eq. (37), the standard
deviation of response variance, o, can be easily calculated as
follows:

Journal of Engineering for Gas Turbines and Power

Table 1 System parameters

m, =00114kg, c=145Ns/m, k, =430000N /m, K, =45430N /m

Q

(o) = E[8k°] 5, 2 (D)7, (38)
I=1
where
D= (K5 ulKo (39

Numerical Results. In order to verify the accuracy of this
analytical technique, the results from numerical simulations are
compared with those obtained analytically. The nominal values of
modal parameters are chosen from the paper by Griffin and Sinha
(1985), and are given in Table 1. The number of blades is selected
to be equal to 10. The MATLAB command “randn” (MATLAB
Manual, 1995) is used to generate the variations in the modal
stiffness. It yields random numbers which have Gaussian distribu-
tion with zero mean and specified standard deviation.

The exact solution of o is obtained by solving Eq. (17) numer-
ically, which is equivalent to solving Eq. (34a). The statistics of
each blade’s o are then generated by considering a large number
(arbitrary chosen to be 1000) of bladed disk assemblies. The
standard deviation of the blade’s modal stiffness is chosen as
17200 N/m, which will correspond to about 2 percent mistuning in
terms of ratio of standard deviation and mean values of the modal
frequency of each blade.

First, the mean (u,) and standard deviation (o) of each blade’s
o’ are calculated from the Monte-Carlo simulation and compared
with the analytical results obtained from Eq. (38). The results are
presented in Table 2 with three different coupling stiffness, K, =
4300, 45430 and 107500 N/m. Note that the maximum and the
minimum values of all blade’s @y and o are presented as simu-
lation results in Table 2. The mean and standard deviation of each
blade’s o> show good agreement with those from the analytical
technique irrespective of the value of the coupling stiffness. On a
Pentium P-75, the computation times required for numerical sim-
ulation and analytical technique are 10 min and 0.036 sec for each
K., respectively. Consequently, analytical technique has been used
to evaluate the effects of the coupling stiffness.

In Fig. 2, .y and the tatio oy/ wr, of each biade’s o} are obtained
analytically as a function of K,. The mean values and standard

Table 2 Statistics of o2 for white noise excitation

(a) u,: mean value of variance @2 (units: x107m’ )

K = simulation 7.852 ~7.896
4300N /m analytical 7.863
K = simulation 6.730 ~ 6,745
45430N/m | analytical 6.723
K = simulation 5.663 ~5.685
107500 N /m | analytical 5.670

(b) o ,: standard deviation of variance o} (units: x10~*m*)

K = simulation 2.951 ~3.240
4300N /m analytical 3.084
K, = simulation 2.154 ~2.364
45430N/m | analytical 2254
K = simulation 1.532 ~1.682
107500 N /m | analytical 1.605
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Fig. 3 Log-magnitude curve of the band pass filter

Fig. 2(a) pa versus K, for white noise excitation

The number of peaks in plots for mean values (pz) and the
standard deviations () of o are related to the natural frequen-
cies of the tuned system and the number of blades, respectively.
These results are reflection of the fact that repeated natural fre-
quencies of a tuned system split due to mistuning. This phenom-

1 enon becomes more obvious when the coupling stiffness is in-
1 x10°
4sf " " ~ ™ 3
d Jl )
] ast
3+ :
002, 2 4 5 8 10 12 < 2 1
K, (N/m) £ 10° :: 24 ]
Fig. 2(b) oga/nr versus K, for white noise excitation = 15t i
1F 4
deviations of o7 decrease with the increase of coupling stiffness 05k i
K.. Lastly, the ratio og/ s is less than 0.04, which indicates that ’
the system is not very sensitive to mistuning. This is reflected in 0 ~ : x ;
Eq. (344) as the elements of K~' do not change significantly due =0 8000 %m (rad /f)m 750 5000
to mistuning. r
4.2 Narrow Band Excitation. For this case, formulation Fig. 4(a) pn as a function of wr (K = 45430 N/m)
based on state space analysis is more convenient. Hence, the mean 0.4 4 4 T T
and standard deviation of o have been computed using Eq. (25)
and (28).

Numerical Results. The band-pass filter is used to generate
narrow band excitation and the numerical value for £, is chosen as
0.001. The log-magnitude curve of band-pass filter is plotted in
Fig. 3. The band-pass filter amplifies the white noise excitation at
frequencies that are close to the resonant frequency of the filter w .
Therefore, the exciting force to the bladed disk system have
dominant frequency band near the resonant frequency of the filter
Wy

For the system with nominal parameters (Table 1), ., and the
ratio ox/ g are plotted in the Fig. 4 as a function of the resonant
frequency of the filter w,. These results are obtained analytically
from Eq. (25) with only first order terms, and standard deviation of

each blade’s modal stiffness is taken to be 8000 N/m. The number %m 5000 6500 7000 7500 8000
of blades is again selected to be equal to 10. The results indicate @, (rad/s)
s . r
that the system responses are very sensitive to the dominant
frequency of the exciting force. Fig. 4(b) oalpy as a function of we (K, = 45430 N/m)
714 / Vol. 121, OCTOBER 1999 Transactions of the ASME
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Fig. 5(b) or/pr as a function of wr (K, = 107500 N/m)

creased, Fig. 5 with K, = 107500 N/m. In Fig. 5, there are six
peaks in the plot for mean values, and ten peaks in the plot for
standard deviations. Note that there are six distinct natural fre-
quencies of the tuned system.

The analytical results obtained from Eq. (25) with first order
terms only are compared with results from Monte-Carlo simula-
tions. Three different cases, w, = 6260, 6760 and 7235 rad/s, are
chosen for the system with nominal parameters because the
have peaks at @, = 6260 and 7235 rad/s and the o is very small
at wz = 6760 rad/s, Results are presented in Table 3. Note that the
maximum and the minimum values of all blade’s u, and oy are
presented as simulation results. The analytical results compare
well with results from Monte-Carlo simulation except for o, at
wp = 6760 rad/s. [n this case, analytical results obtained from Eq.
(25) with first and second order terms are quite accurate. On a
Pentium P-75, the computation times required for numerical sim-
ulation and analytical technique with first order term are 42 min
and 25.2 s for each w, respectively. Consequently, the analytical
technique has been again used to evaluate the effects of following
parameters: K., wr, and &r.

To study the effect of frequency band of exciting random force,
it and the ratio o/ are plotted in the Fig. 6 as a function of wp
and &,. These values are generated from Eq. (25) with only first
order terms to keep the computational expense to be low. The
system parameters are same as nominal parameters in Table 1. It
is found that the mistuning effects are more severe when &r is

Journal of Engineering for Gas Turbines and Power

Table 3 Statistics of o2 for narrow band excitation: K. = 45430 N/m

(a) u,: mean value of variance o3 (units: x107m*)

o,= simulation 3.713 ~3.786
6260rad/s | analytical 4,106
@, = simulation 1.033 ~1.035
6760rad/s | analytical 1.006
@,= simulation 3.374 ~ 3.449
7235rad/s | analytical 3.624

(b) o, standard deviation of variance &} (uaits: x10™m*)

o,= simulation 5.780 ~6.193
6260rad /s analytical 5.837

o, = simulation 0.436 ~0.472
6760rad /s analytical 0.009 (2nd order:0.402)
@, = simulation 5.008 ~ 5.296
7235rad!s analytical 5.488

relatively small and w . is close to a natural frequency of the bladed
disk assembly; i.e., when random forces have dominant frequen-
cies near natural frequencies of the system. For large values of &,
ox/py is small and the variance of the response is not very
sensitive to mistuning. The larger the value of &, broader is the
band of random external excitation on blades. Hence, results for
large values of &, are consistent with results obtained for white
noise excitation in this paper.

Next, uy and the ratio ox/p, are plotted in the Fig. 7 as a

x 10° o ;
A i &
3 i
:\
S 4]
L3
)
14
3’ . 6000
ooz 7000
0.08 som (¢

5" 0.1 o

Fig. 6(b) oa/pp as a function of wr and & (K. = 45430 N/m)
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Fig. 7(b) or/nn as a function of wr and K, (£- = 0.001)

function of coupling stiffness K, and w,. It is found that the
systems with small K, have narrow band of resonant frequencies
but the maximum values of both u; and the ratio o/, are
considerably higher. It implies that the mistuning effect is more
severe if the coupling stiffness is decreased. This result is similar
to that for deterministic and purely sinusoidal excitation (Wei and
Pierre, 1988). If the coupling stiffness is increased, the system
resonance frequency band becomes larger because the natural
frequency band of the tuned system is increased. The values of wp

Table 4 Statistics of o2 for narrow band excitation: K, = 12000 N/m

(2) p,: mean value of variance & ( units: x107m*)

»,= simulation 5784 ~6.114
6145rad ! s analytical 6.263
»,= simulation 6.284 ~6.353
6310rad/s analytical 6.405
w,= simulation 5.632~5.914
6475rad/s | analytical 5.991

(b) o, : standard deviation of variance o? (units: x10”m*)

0, = simulation 2136 ~2271
6145rad/s | analytical 2.850

v, = simulation 0.893 ~ 0.979
6310rad/s | analytical 0.025 (2nd order:1.005)
o, = simulation 2.052 ~2.214
6475rad/s | analytical 2.675
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Table 5 Statistics of o2 for narrow band excitation: K, = 4300 N/m

(2) u,: mean value of variance o} (units: x10°m*)

o, = simulation 8.866 ~ 9.331
6130rad/ s analytical 9.615

a,= simulation 10.66 ~ 11.07
6205rad/s | analytical 13.17

o,= simulation 9.173 ~9.766
6265rad/s | analytical 10.46

(b) o, standard deviation of variance g2 ( units: x107m*)

”,= simulation 3.744 ~ 3.984
6130rad/ s analytical 6.282

v, = simulation 2.803 ~2.984
6205rad/ s analytical 0.304 (2nd order2.010)
0, = simulation. 3.508 ~ 3.709
6265rad/s | analytical 6.082

and the ratio o,/py do not significantly change if the coupling
stiffness is increased above the typical value, K, = 45430 N/m.
It should be noted that results in Fig. 7 are obtained from Eq.
(25) with first order terms only. The accuracy of these results has
already been discussed when K, = 45430 N/m. It has also been
found that results are fairly accurate for large values of uy and o
when K, = 12000 N/m, Table 4. However, accuracy of these
results are not very high when K, = 4300 N/m, Table 5.

5 Conclusions

A general analytical technique based on the state space approach
has been developed to calculate the statistics of the variance of the
response of a mistuned system subjected to a white noise and
narrow band excitation. For a simple model of bladed disk assem-
bly, the modal decomposition method also provides this informa-
tion for the white noise excitation. The comparisons with the
numerical simulation results indicate that the analytical techniques
are fairly accurate for mistuning levels typical of those found in
applications. It is observed that the impact of mistuning is not
significant for white noise excitation. However, it can be signifi-
cant for narrow band excitation if the random forces have domi-
nant frequencies near the natural frequencies of system, This effect
becomes more severe if the coupling stiffness between adjacent
blades is small.
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Imbalance Response of a Rotor
Supported on Open-Ends
Integral Squeeze Film Dampers

Rotor vibration attenuation and structural components isolation in jet engines are
achieved with squeeze film dampers, many of them supported on long elastic squirrel
cages. Integral squeeze film dampers (ISFDs) are comprised of arcuate pads and
wire-EDM webs rendering a compact viscoelastic support. An experimental study is
conducted to evaluate the effectiveness of ISFDs in attenuating the imbalance re-
sponse of a massive test rotor. Measurements of the damper structural stiffness and
rotor natural frequencies are detailed. Impact tests on the test rotor supported on
its dampers reveal the supporting structure to be very flexible, thus requiring the
experimental evaluation of an equivalent stiffness for the damper and supports system.
System damping coefficients extracted from impact load excitations vary with the
lubricant viscosity and include a significant structural damping from the bearing
supports. Rotor coast-down tests demonstrate the ISFDs to damp well the rotor
response with peak vibration amplitude proportional (linear) to the imbalance. Vis-
cous damping coefficients estimated from the amplitude response at the critical speeds
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agree reasonably well with predictions from a full-film, finite element model.

Introduction

Squeeze Film Dampers (SFDs) attenuate rotor vibrations and
reduce transmitted forces in rotating machinery. SFDs are useful
in aircraft engines, where damping from ball or roller bearings
is small, and in process compressors as retrofit elements to
suppress subsynchronous vibration. Integral squeeze film damp-
ers (ISFDs) emerge as an alternative to conventional squirrel
cage supported hydrodynamic dampers due to their reduced size
and weight, low count part number, and allowance for easier
assembly, inspection, and service (Zeidan, et al., 1996). How-
ever, widespread acceptance of this novel technology requires of
adequate experimental verification of their damping capability
along with a thorough validation of analytical models to predict
their dynamic force performance.

SFDs supported on squirrel cages require a large axial space,
three to four times longer than the damper itself, to provide
enough flexibility and to allow for an effective viscous damping
action. On the other hand, integral squeeze film dampers
(ISFDs) are comprised of a number of arcuate segmented pads,
and where thin wire EDM structural webs attach the pads to a
ring acting as the flexible element of the damper. The thin gap
between the sector pads and outer ring forms the squeeze film
lands.

In general, the reaction forces developed by hydrodynamic
dampers depend on the damper geometry (length, diameter, and
clearance), lubricant viscosity, whirl frequency, and journal
offset. Feeding grooves and/or holes, and end seals also affect
the damper performance (Arauz and San Andrés, 1994). Nu-
merous analyses note that SFD forces are nonlinear functions
of the journal amplitude, and predict for sufficiently large imbal-
ances, a bistable rotor response, jump phenomena and subsynch-
ronous motions (Mohan and Hahn, 1974; San Andrés and
Vance, 1988). Zeidan et al. (1996) provide an excellent sum-
mary of the state-of-the-art analysis and current technology of
SFDs.
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Several test programs and field tests have been conducted to
determine the effect of SFDs on the response of rotor-bearing
systems and also aimed to validate analysis and computational
predictions. In controlled imbalance test rigs, the synchronous
rotor response is measured and peak amplitudes evaluated for
extraction of damping ratios and identification of system damp-
ing coefficients. Thomsen and Andersen (1974) find that SFD
direct damping coefficients are independent of the journal am-
plitude for motions below 25 percent of the radial clearance
and show good correlation with a full film (uncavitated) model.
Tonnesen (1976) presents impedance measurements of trans-
mitted forces and which allow the identification of damping
coefficients of a sealed SFD for both the concentric and the
eccentric journal cases. SFDs operating eccentrically yield in
general larger damping coefficients than centered dampers.

Kuzdzal and Hustak (1996) compare the effectiveness of five
different SFDs (two o-ring centered, two spring centered, and
one bottom resting) from rotor imbalance response measure-
ments. The test results validate predictions where effective vis-
cous damping coefficients raise as the journal center is statically
offset. However, when a subsynchronous driving force is pres-
ent as an excitation, off-centered and bottom resting dampers
show larger levels of subsynchronous vibration than centralized
SEDs. San Andrés and Lubell (1998) perform measurements
of the rotor response due to imbalance for centered damper
journals and increasing lubricant temperatures. The test cylindri-
cal open-ends dampers are supported with long steel bars emu-
lating a soft squirrel cage. The rotor responses demonstrate the
rotor-SFD system to be well damped with amplification factors
ranging from 1.6 to 2.1 while traversing cylindrical and conical
critical speeds. The rotor amplitudes of motion are proportional
to the imbalances for the first mode of vibration, and the damp-
ing coefficients extracted compare reasonably well to predic-
tions based on the full-film SFD model. The measurements
demonstrate an absence of non-linear behavior of the rotor-SFD
apparatus for the range of imbalances tested.

Zeidan (1995) discusses successful applications of ISFDs
in the petrochemical industry. Murphy et al. (1996) perform
imbalance tests in a compulsator rotor supported on integral
dampers with L-shaped EDM springs. The test rotor-ISFDs re-
sponse is well damped, linear and without jumps, although criti-
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Fig. 1 View of test rig: rotor bearing supported on (integral) ISFDs

cal speeds relocate due to the differences in theoretical and
measured structural stiffnesses.

The objective of this paper is to present measurements of the
stiffness and damping coefficients of a pair of ISFDs, to validate
analytical predictions, and to demonstrate the dampers’ effec-
tiveness in attenuating the dynamic response of a massive rotor
subjected to increasing levels of imbalance. The test apparatus
and experiments to identify the rotor supports and dampers
stiffnesses are detailed. Further experiments are conducted to
identify the system damping coefficients from impact load exci-
tations at null rotor speed. Measurements of coast-down rotor
responses for various levels of rotor imbalance follow. Damping
coefficients are extracted from the peak rotor responses while
traversing the first critical speed and compared to predictions
form a FEM analysis. The current work extends earlier measure-
ments of the synchronous response of a rotor supported on
conventional SFDs (San Andrés and Lubell, 1998).

The Test Rig and Integral Damper Description

San Andrés and Lubell (1998) provide a full description of
the test rig shown in Fig, 1. A 7.5 kW DC motor drives the
test rotor through a flexible coupling and a drawn cup roller.
The rotor consists of a shaft 673 mm (26.5") long and 76.2
mm (3”) in diameter, with three 25.4 mm (1”) thick disks
shrunk fitted at evenly spaced intervals of 63.5 mm (2.5"). Two
disks are 280 mm (11”) in diameter, and the third disk is 229
mm (9"). The rotor, with a weight of 42.5 kg (93.7 1b) includ-
ing the coupling, is supported at a span of 406 mm (16") on
two pairs of high precision ball bearings which are themselves
press-fitted inside each damper and provided with forced lubri-
cation.

Nomenclature

JOURNAL

BALL BEARINGS

HORI 2ONTAL
—
INTEGRAL

ELASTIC
SUPPTRT

DAMPER
HOUSING

FRONT VIEW WITR SEAL AND
BEARING CAP REMOVED

VERTICAL

Fig. 2 Integral SFD tested on rotor-SFD test rig

A lubrication system delivers oil (ISO VG 10) to the inlet
damper ports and ball bearings from a 151 liter reservoir through
a variable speed gear pump. Three pairs of eddy-current dis-
placement sensors measure the rotor horizontal and vertical
displacements at locations next to the middle disk and the inner
side of the support housings, and piezoelectric accelerometers
detect the supports’ vibration. An optical keyphasor facing the
shaft coupling detects the rotor speed. Type-K thermocouples
and pressure gauges monitor the temperature and pressure at
the dampers’ feed and discharge planes.

The test integral damper depicted in Fig. 2 is composed of
four independent 52 deg arcuate squeeze film pads and S-shape
thin webs with a design radial stiffness (k,) of 3.5 MN/m (20
kib/in). The squeeze film lands are machined at a diameter
(D) of 96.52 mm (3.8") with an axial length (L) equal to
23.0 mm (0.91"). The nominal film clearance (C) in operation
should be close to 0.230 mm (0.009"). The top and bottom
gaps have been machined to ~0.178 mm (0.007") and ~0.305
mm (0.012"), respectively, so that under the rotor weight de-
flection they adjust to the desired nominal clearance. Each
squeeze film pad is fed with lubricant through a 1.6 mm (&)
hole located at the center of each pad.

Experiments and Procedures

Controlled experiments are conducted to identify the funda-
mental rotor-bearing system parameters, to measure the imbal-
ance response of the test rotor supported on ISFDs, and to

r = radius for location of unbalance

¢ = nominal damper radial clear-
ance (0.230 mm)
C.i = Critical damping for first mode,
2(K,,M.)"*, (N-s/m)
Cy, Cq = System damping coefficients
(N-+s/m)
Cisrp = ISFD direct damping coeffi-
cient (N+s/m)
D = ISFD diameter (96.5 mm
(3.8")
e = Amplitude of rotor motion
(um)
o fun = First natural frequencies (Hz)
[ = natural frequency of integral
damper (Hz)

k, = damper structural stiffness
(MN/m)
kp = bearing support stiffness
(N/m)
Kveys Kyeq = system equivalent stiffness
coefficients (N/m)
L = ISFD length (23 mm
(0.91"))
m = imbalance mass (gr)
M., = equivalent rotor mass for
first mode (45.22 kg (99.7
b))
O = amplification factor at first
critical speed
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mass (114.3 mm (4.5"))
u = imbalance displacement, m - r/

M., (m)
¢ = system damping ratio, C/Cqy, =

172Q

Subscripts

eq = equivalent for system at first

mode

H,V = horizontal and vertical
directions

D, F = drive end and free end of rotor
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Table 1 Measured and computed free-free natural frequencies for test
rotor, and rotor and coupling

Frequency fi(Hz) f(Hz) [fi(Hz) fdHz)

Rotor test 620 930 1120 1410
prediction 620 968 1295 -

Rotor & test 250 920 1110 1410

Coupling | prediction 231 950 1184 1365

Uncertainty in measurements: +/- 4 Hz

extract the equivalent damping coefficients of the ISFDs from
the peak rotor response at the first critical speed.

Identification of Rotor Free-Free Modal Frequencies.
The rotor is hung with nylon ropes and is subsequently excited
in the horizontal direction with a calibrated impulse hammer.
The transient response is detected with a piezoelectric acceler-
ometer (26.1 gr) installed through a magnetic base at different
locations along the rotor. Table 1 presents a summary of the
test natural frequencies along with predictions based on a 38
station-transfer matrix model using a commercial program
(Murphy, 1995). The coupling in the rotor causes a sharp reduc-
tion of the first natural frequency since this is located at an
antinode for the first elastic mode of vibration. The computed
predictions are satisfactory and the model is taken to represent
well the test rotor and coupling.

Measurement of Integral Damper Radial Stiffness. Precise
knowledge of the dampers radial stiffness is needed for accurate
prediction of the rotor-bearing system critical speeds. The
damper design stiffness (&;) is of similar magnitude to the squir-
rel cage SFDs tested by San Andrés and Lubell (1998). Each

Drive end SFD (#1). Vertical stiffness

damper is mounted on a short steel shaft that is clamped on
nearly rigid bushing supports. Static loads are applied with a
crane to the damper outer rim and deflections of the shaft and
rim are recorded with displacement sensors. The force is mea-
sured with a strain-gage load cell in series with the cable trans-
mitting the load.

The damper stiffness is extracted as the slope of the applied
load vs. displacement measurements on its linear range. Tests
are conducted at 45 deg intervals, for loads directed towards a
damper pad or in between pads. Regions of linear and nonlinear
stiffness are identified, since a noticeable hardening of the
damper occurs from progressive solid contact between the
damper pads and lands. Figure 3 shows the applied load versus
damper deflections for the two integral dampers designated as
#1 (drive end side) and #2 (free end side). The plots depict
results from tests along the vertical ( U gravity, 0 deg and 180
deg) and horizontal directions (90 deg and 270 deg). Note that
the larger linear range occurs at 0 deg, when loads are applied
towards the bottom damper pad which has the largest clearance
(~0.305 mm). The test damper stiffness coefficients in the
vertical and horizontal directions are equal to

ISFD drive end: k,py = 3.66 MN/m, k,py = 3.80 MN/m
ISFD free end: kv = 3.50 MN/m, kg = 3.53 MN/m (1)

The standard error for 95 percent certainty in the measure-
ments is just 149 N/m. The test stiffnesses are reasonably close
to the design value, and the differences are attributed to machin-
ing inaccuracies. Each damper stiffness is also verified from its
fundamental natural frequency in the free—free transverse mode
and the estimated outer and inner ring masses from CAD draw-

Free end SFD (#2). Vertical stiffness

4500 4500
z —o— Measurement 1000 + s —o—Measurement | 1000 4
5| | ——366MN/m 5| | ——3.50MN/m
b3 500 + g - 500 +
i =
t } 2 } } t g }
-300 -200 ) 100 2900 -300 -200 - )] 100 200
-500 + -500 +
-1000 + -1000 +
4500 1500
Displacement {microns) Displacement (microns)
Drive end SFD (#1). Horizontal Free end SFD (#2). Horizontal stiffness
stiffness
4606 1500
> | z 1000 4
< —o—Measurement | 1000~ o
k-] ]
§| | ——dsomum | s004 L 500 +
] 1 Fa) ; : : O % :
-300 -200 -1 D 100 200 -300 -200 - ) 100 200 390
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Fig. 3 Vertical and horizontal structural stiffness coefficients of integral dampers for drive~end and free-end supports
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Fig. 4 Identification of drive end support stiffness from impact tests.
Horizontal direction: (a) transfer function (displacement/load); (b) dis-
placement versus time,

ings. See de Santiago et al. (1997) for further details on the
tests conducted.

Natural Frequency of Test Rotor Supported on ISFDs. Rap
measurements of the test-rotor supported on ISFDs are con-
ducted to identify the system damped natural frequencies and
the fundamental damping ratio. A calibrated impact hammer
excites the rotor and an accelerometer magnetically attached to
the middle-disk collects the rotor vibration at zero rotational
speed. The fundamental (lowest) natural frequencies for the
cylindrical rigid mode of vibration are f,,; = 52 Hz and f,y =
56 Hz in the horizontal and vertical directions, respectively.
These results denote (a) asymmetry in the support stiffness, and
(b) equivalent support stiffnesses lower than those measured for
the integral dampers alone.

An estimate for the equivalent stiffness of the rotor-bearing
system is determined from the relationship K., = M., (27f,)?,
where (M., = 45.2 kg) is the equivalent mass of the rotor-
ISFDs system and f;, is the natural frequency for the first mode
of rotor vibration on soft supports. The estimated equivalent
stiffness (K., ) along with the critical damping (C.y, = 47M.,, f,)
for the fundamental mode of vibration are given below as

Ko = 4.82 MN/m, Cyiyy = 29,942 NM.s/m

K.,y = 5.59 MN/m, Ceyv = 31,758 NM.s/m (2)

These equivalent system stiffnesses are lower than the design
value of 2+ k, = 7.0 MN/m, i.e., from the dampers’ structural
stiffness alone. The tests make evident that the bearing support
structures are flexible.

Support Transfer Functions and Equivalent Impedance
for Rotor-Bearing Model. Eddy current displacement sen-
sors are rigidly attached to the test rig table to record the sup-
ports’ horizontal and vertical motion resulting from impacts
with a calibrated hammer. Figure 4 shows the measured support
horizontal displacements and averaged (from 10 impacts) trans-

Journal of Engineering for Gas Turbines and Power

Table 2 Test bearing support stiffness (kg) from impact tests

Stiffness Vertical (MN/m) Horizontal (MN/m)
Drive End support 3066+ 17.9 13.95+£0.72
Free end support 28.19£5.5 10.10+£0.77
Equivalent drive end 3.17 2.82
Equivalent free end 3.11 2.76

Sum of free & drive 6.28 5.58

ends

System from eqn. (2 ) 5.59 4.82

fer functions for the drive end support. Coherence functions
show a good correlation (>0.98), and, thus, the frequency re-
sponse data allows expedient identification of the support flexi-
bility. The tests show the bearing supports to be more rigid in
the vertical direction as noted in Table 2. Most importantly, the
vibration spectra shows structural resonances at around 50 Hz
(due to the rotor) and ~100 Hz. The standard deviation for
the measurement of the vertical (drive end) support stiffness
indicates poor confidence for this test,

At each support, the bearings and integral dampers are in
series, and consequently, equivalent bearing stiffness coeffi-
cients are easily obtained. The sum of the free end and drive
end equivalent stiffnesses represents well the identified system
stiffness given in Eq. (2).

Measurements of System Damping From Rap Tests.
Rap tests of the test-rotor supported on ISFDs are conducted to
identify the system damped natural frequencies and the funda-
mental damping ratio. A calibrated impact hammer excites the
rotor and an accelerometer magnetically attached to the middle
disk collects the vibration signatures from a number of impacts
at zero rotational speed. Figure 5 shows a typical rotor accelera-
tion time response to an impact excitation and the average (ac-
celeration/load) transfer function from 10 impacts in the verti-
cal direction. A similar procedure is carried out in the horizontal
direction. The damping coefficients are extracted from least-

a) Transfer function Acc/Force

0.15 T ] T
a
2
%ﬁ (VR et =
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b) Time trace

1 T T T T

Amplitude (g)
(=)
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] | } |
0 0.1 0.2 03 04 05
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Fig. 5 Rotor acceleration response for impact tests at middle disk and
at zero rom with oil at 23°C. Vertical direction {a) Transfer function {ac-
celeration/load) (b) Acceleration versus time.
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Table 3 Identified system damping coefficients from RAP tests for in- Table 4 ldentified values of system damping ratio and damping coeffi-
creasing lubricant temperatures cients from measurements at cylindrical mode critical speeds
Qil Viscosity Damping Damping imbal- | Average Amplifi- Damp- system
temperature (cp) Horizontal Vertical ance u | amplitude e/c cation ing ratio damping (Cv)
Q) Cy (N.s/m) Cy(N.s/m) (1m) (um) factor é N.s/m
2238 16.7 2,560 2,749 2
23.7 16.2 2,388 2,821 12.62 53 0.231 4.20 0.119 3,790 £4.15%
249 155 2,115 2,809 25.25 95 0415 3.76 0.133 4,233 +2.39%
29.5 13.0 1,903 2,709 32.83 115 0.502 3.50 0.143 4,550 £2.01%
37.7 9.57 1,731 2,555 42,93 140.5 0.614 3.27 0.153 4,874 +1.76%
DRY (no oil) 950.4 1,687 average vertical 4,362
faw=54 Hz, f,»=58 Hz. Uncertainty in measurements ~ 175.3 N.s/m
imbal- | average Amplifi- Damp- System
ance y | amplitude e/c cation ing ratio | damping (Cp)
. . . fact N.s/
square envelope fit and log decrement estimations from time (umm) (um) acQor ¢ "
domain decay responses anq their fespe.ctive transfer funct.ions. 1563 %45 0383 511 0098 | 2.893 £3.50%
The system dampmg. cogfﬁm‘ents given in Table 3 show a linear 3525 1985 0.561 509 0098 | 2,906 £1.90%
dependency on the 011.v1sc.0s1ty. Note jcllSO the large (dry) struc- 3283 1520 0.664 163 0108 | 3.194 £ 1.82%
tural damping coefficient in the test rig. 4293 | 1800 | 0786 | 4.19 0119 | 3,519 +1.78%
Test Rig Synchronous Imbalance Responses. The rotor average  horizon 3,128

is balanced by applying a least-square balancing technique to
minimize its vibrations over the whole speed range, including
the critical speeds. Small calibrated weights (m = 5, 10, 13, 17
gr) are inserted in the rotor middle disk at a radius r = 114.3
mm (4.5"), and corresponding to imbalance displacements ()
equal to 12.6, 25.2, 32.8, and 42.9 um, respectively. In each
test, the rotor is brought rapidly to a top speed of 10 krpm, the
drive shut down, and the coast-down response measured. Each
test is conducted twice at an average lubricant temperature of
23°C (73.5°F) and feed pressure equal to 0.70 bars (10 psig).

The measurements include six rotor displacements and the
acceleration of each support pedestal. Figure 6 depicts the verti-
cal and horizontal synchronous rotor responses near the middle
disk for the various imbalances. These responses are slow-roll
compensated at 500 rpm and the baseline (no imbalance) re-

a) Middle disk vertical
04 T T T T
03| u=4293um T increasing imbalance -
02[~ -

u=12,62 um
0.1
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0 2000 4000 6000 8000

17 gr. imbalance, u = 42.93 um  Speed (pm)
13 gr. imbalance, u = 32.83 um
10 gr. imbalance, u = 25.25 pm

5 gr. imbalance, u = 12.62 um

b) Middle disk horizontal
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Fig. 6 Synchronous imbalance response near middle disk for various
levels of imbalance displacements {a) vertical (b) horizontal
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sponse is also subtracted at every speed. Very similar results
are obtained at the rotor drive and free end planes (see, De
Santiago et al., 1997). The rotor direct responses are mainly
synchronous for all speeds, and with horizontal and vertical
critical speeds excited at 3050 rpm (51 Hz) and 3300 rpm (55
Hz), respectively. The amplitudes of motion in the horizontal
plane are typically larger than in the vertical plane, thus indicat-
ing smaller levels of damping in this direction and consistent
with the lower support stiffness. Note that the rotor critical
speeds do not shift as the imbalance increases, thus indicating
the integral dampers do not generate any oil stiffness even for
large rotor orbital motions.

Estimation of ISFD Damping Coefficients and Compari-
son to Predictions. The amplification factor (Q) at the first
critical speed is easily determined by the ratio of the rotor
amplitude to the imbalance (u) while traversing the first critical
speeds. From this result, estimates of the damping ratio (§ =
1/2Q) are also extracted. Finally, system-damping coefficients
are calculated by multiplying £ times the critical damping coef-
ficients ( C.; ) in each direction, vertical and horizontal. Table 4
summarizes the results with percent values noting the estimated
uncertainty for each damping coefficient. The average peak am-
plitude divided by a nominal SFD radial clearance (¢ = 0.230
mm) intends to highlight the size of the journal whirl orbits
within the clearance.

The system damping coefficients (Cy ) increase with the
magnitude of the imbalance, thus showing a dependency on
the rotor amplitude of motion. Subtraction of the dry damping
coefficients (Table 3) from the system damping values allows
the estimation of the viscous damping coefficients due solely
to the ISFDs'. In this procedure it is assumed both ISFDs
provide identical amounts of damping and that the inherent
structural (dry) damping does not vary with the amplitude of
rotor motion.

A finite element program to model the squeeze film flow and
forces from each pad of an ISFD allows the prediction of the
viscous damping coefficients as a function of the operating fluid
viscosity, whirl frequency, and amplitude of journal motion.
The predicted and estimated ISFD damping coefficients from
the imbalance measurements are depicted in Fig. 7. Computed
results based on a full film model (no oil cavitation) correlate
well with the test damping coefficients in the vertical direction.

' Of course this assumes the rotor-bearing system response to be linear. This
argument is strongly supported by the measured responses.
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However, the predicted damping values in the horizontal direc-
tion are larger than the estimations from the measurements since
the rotor and journal displacemerits are larger in this direction.
Note that the test damping coefficients show an approximate
linear behavior with the journal amplitude, whereas the predic-
tions are basically nonlinear. The experimental linear behavior
of the ISFDs damping coefficients is also found in earlier tests
with conventional SFDs (San Andrés and Lubell, 1997).

Support pedestal horizontal acceleration measurements indi-
cate these to move significantly. Refer to De Santiago et al.
(1997) for a full description of the measurements, the estimated
amplitudes of motion and their magnitude relative to the rotor
displacement measurements.

Computed predictions for the linear imbalance response of
the rotor-ISFDs system are shown in Fig. 8 along with the
measured response for the largest imbalance tested. The analysis
assumes that each bearing support contributes % the value of the
estimated fundamental system damping. Note that the imbal-
ance weights are inserted at the middle disk (very near to the
rotor’s transversal inertia axes ), and consequently the excitation
of any other mode but the cylindrical one should be insignifi-
cant. The predictions match very well the rotor response at the
first critical speeds. However, the calculated responses fail to
reproduce the measured large amplitudes of motion in the range
of 5.5 to 6.5 krpm. Recall that support impedance measurements
(Fig. 4) show a resonance around 95 Hz; thus explaining the
large measured amplitudes over the referred speed range.

Conclusions

A test program to study the performance of integral squeeze
film dampers is detailed. Application of integral dampers into
aircraft jet engines could bring reductions in weight and length,
accuracy of positioning, and a split configuration for easier
assembly, inspection and retrofit.
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Fig. 7 ISFDs’ damping coefficients estimated from imbalance tests and
predictions versus average journal center displacement: {(a) horizontal;
(b) vertical
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Predicted response at mid-disk
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Fig.8 Predicted synchronous imbalance responses at rotor middle disk
for various levels of mass imbalance and experimental response for 17gr
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The experiments are conducted on a massive, three-disk rotor
supported on integral dampers. System damping coefficients
extracted from impact rap tests increase with the lubricant vis-
cosity, and include the contribution of the structural damping
from the support pedestals. Measurements of the synchronous
rotor response with increasing imbalance weights are performed
in coast-down tests from 10 krpm.

The tests show the ISFDs to restrain well the rotor response
for the cylindrical modes of vibration. Peak vibration amplitudes
at the first critical speed are proportional (linear) to the magni-
tudes of applied imbalance. Large rotor whirl amplitudes up to
80 percent of the nominal ISFD clearance are measured, with
no shifts of the first critical speed, thus denoting an absence
of damper stiffness hardening. Computed imbalance responses
predict well the passage through the first critical speed but fail
to reproduce a support resonance at about 6 krpm.

The test system damping coefficients increase slightly with
increases in the rotor whirl amplitude (larger imbalances). The
identified ISFDs damping coefficients correlate favorably with
predictions from a full hydrodynamic film, finite element model.
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Aerodynamically Induced Radial
Forces in a Centrifugal Gas
Compressor: Part 2—
Computational Investigation

Radial loads and direction of a centrifugal gas compressor containing a high specific
speed mixed flow impeller and a single tongue volute were determined both experi-
mentally and computationally at both design and off-design conditions. The experi-
mental methodology was developed in conjunction with a traditional ASME PTC-10
closed-loop test to determine radial load and direction. The experimental study is
detailed in Part 1 of this paper (Moore and Flathers, 1998). The computational
method employs a commercially available, fully three-dimensional viscous code to
analyze the impeller and the volute interaction. An uncoupled scheme was initially
used where the impeller and volute were analyzed as separate models using a common
vaneless diffuser geometry. The two calculations were then repeated until the bound-
ary conditions at a chosen location in the common vaneless diffuser were nearly the
same. Subsequently, a coupled scheme was used where the entire stage geometry
was analyzed in one calculation, thus eliminating the need for manual iteration of
the two independent calculations. In addition to radial load and direction information,
this computational procedure also provided aerodynamic stage performance. The
effect of impeller front face and rear face cavities was also quantified. The paper
will discuss computational procedures, including grid generation and boundary con-
ditions, as well as comparisons of the various computational schemes to experiment.
The results of this study will show the limitations and benefits of Computational Fluid
Dynamics ( CFD ) for determination of radial load, direction, and aerodynamic stage
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performance.

Introduction

Acrodynamically induced radial forces in rotating machinery
have been extensively studied and reported. Unfortunately,
these studies have focused on centrifugal pumps. Modern indus-
trial centrifugal gas compressors require an effective discharge
system to meet aggressive efficiency and usable flow range
objectives. To this end, single-tongue volutes are coupled with
high efficiency impellers to maximize aerodynamic perfor-
mance. These industrial centrifugal gas compressors can operate
at very high suction pressures, nearly 1000 psi (6895 kPa) and
higher, resulting in measurable radial forces. Double volutes,
when properly designed, can reduce radial forces at off-design
conditions, but the resulting casting will be quite complex and
more difficult to manufacture. In the quest for improved aerody-
namic performance, a compressor designer cannot lose sight of
the rotordynamic behavior nor the producibility.

As observed in centrifugal pumps, nonuniform pressure dis-
tributions about the circumference of the impeller arise during
off-design operation of the compressor. Guelich et al. (1986)
reviewed, in some detail, the design parameters that affect radial
force. A further summary of the applicable open literature can
be found in de Ojeda and Flack (1992).

Stepanoff (1957) suggested that the radial force was a func-
tion of the discharge pressure, impeller tip diameter, impeller
tip width, and a constant. The equation has the following form:

Contributed by the International Gas Turbine Institute and presented at the 41st
International Gas Turbine and Aeroengine Congress and Exhibition, Birmingham,
United Kingdom, June 10-13, 1996. Manuscript received by the ASME Head-
quarters March 3, 1997. Paper No. 96-GT-352. Associate Technical Editor: J. N.
Shinn.
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F. = K.P,D,L (1)
where K, is a nondimensional radial load coefficient that varies

with volume flow. This constant was experimentally derived
and has the following form:

K, = 036[1 — (Q/Q.)], (2)
where Q, is the volume flow at the nominal design condition.
It is evident from Eqgs. (1) and (2) that rotational speed effects
are not directly accounted for, and the radial force is zero at
design flow and maximum at zero flow.

Agostinelli et al. (1960) completed an experimental investi-
gation to understand the effects of specific speed and pump
housing geometry on radial force. The authors concluded that
low specific speed volute pumps had much flatter radial force
characteristics than did higher specific speed volute pumps. In
addition, the authors showed that the minimum force occurred
at higher volume flows with higher specific speed pumps. The
authors also proposed a new K value for Eq. (1) based on both
specific speed and volume flow. Although 15 pumps were tested
between an Ns = 25 and an Ns = 112, only one pump, an Ns
= 165, was tested above an Ns = 112. No equation was derived
from the data base to use in a design mode.

The objective of this paper is to use a commercially available
CFD code to analyze the aerodynamic components of a high
specific speed (Ns = 180) centrifugal gas compressor that af-
fects radial load and direction, and compares them with the
experimental findings. In addition, stage aerodynamic perfor-
mance is extracted from the CFD solutions and compared with
that available from PTC-10 testing.

Experimental Study

Part 1 of this paper (Moore ‘and Flathers, 1998) detailed
the experimental methodology to calculate the radial force and
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Fig. 1 Closed-loop test facility

direction by measuring the shaft centerline locus in the tilt-pad
bearings, both in factory and field testing. Aerodynamic stage
performance measurements were also acquired as part of closed-
loop inert gas testing in accordance with ASME PTC-10 (1986)
and PTC-19 (1959).

Test Facility. The test facility used in this study is a closed-
loop arrangement capable of testing in accordance with PTC-
10. A schematic of the closed-loop test facility is shown in Fig.
1. The test compressor is driven by a slave gas turbine engine
capable of delivering greater than 3500 hp (2600 kW). A gear-
box is also used to provide proper speed matching with the test
compressor. Both the driven and compressor skids are fully
instrumented for operation and control, as well as compressor
mechanical and aerodynamic performance. Standard compres-
sor instrumentation includes the following: temperature, pres-
sure, flow, speed, vibration, and gas properties.

Temperature measurements include the following: four resis-
tance temperature detectors (RTD’s) at both compressor suction
and discharge; two RTDs five diameters downstream of the
orifice plate; one RTD for ambient conditions; two type- K ther-

and two type-K thermocouples at both compressor suction and
discharge for seal gas vent.

Pressure measurements include the following: four Kiel
probes at both compressor suction and discharge; one delta- P
across the orifice plate; and one static pressure upstream of the
orifice plate.

Flow measurements include the following: compressor gas
flow calculation with program FTAP from PTC-19 using orifice
pressure, delta P and temperature as input; radial bearing lube
oil flow at both suction and discharge ports with turbine flow
meter; and seal gas vent flow at both suction and discharge
ports with rotometers.

Gas properties are calculated from the gas composition. A
continuous gas analyzer was used to measure the oxygen con-
tent in the nitrogen gas used for testing. All testing was con-
ducted with pure nitrogen.

Vibration measurements include both X and Y probes for both
suction and discharge radial bearings. The state-of-the-art data
gathering employed a micro-Vax based data acquisition system
and Bently-Nevada’s ADRE for Windows vibration analysis
system capable of performing both digital signal processing of
the dynamic signal from the eddy-current proximity probes, as
well as capturing DC probe gap voltage. Speed is measured
using a Keyphasor.

Test Article. The subject compressor under evaluation is a
single-stage centrifugal gas compressor for natural gas pipeline
boosting (Fig. 2). The aerodynamic components include a ra-
dial inlet with radial inlet guide vanes, a mixed flow impeller,
a vaneless radial diffuser, and a discharge volute. Further infor-
mation on the performance of the radial inlet with radial inlet
guide vanes can be found in Flathers et al. (1994). The 11-
bladed mixed flow impeller is a high flow, low head design
with a specific speed of 180 and diameter of 15.8 in. (401.3
mm). The design flow coefficient (¢) is 0.12 and the design
head coefficient (i) is 0.75. The volute is sized for no pressure
recovery from the radial vaneless diffuser exit to the volute
throat at the design flow.

Test Procedure and Results. The compressor was oper-
ated for one hour prior to aerodynamic testing for heat soaking
purposes. Testing was conducted at four rotational speeds
(8275, 11,150, 12,340, and 14,300 rpm), from choke to surge,
with a minimum of eight operating points per speed line.
Steady-state conditions were typically reached 15 to 30 min
after reaching the desired operating point. The test was run with
primarily 300 psia (2068 kPa) suction pressure, although this
was lowered to 150 psia (1034 kPa) at 14,300 rpm due to slave
driver power limitations. Multiple data points at each flow/
speed condition and repeat tests were conducted to ensure a
data accuracy of approximately *1 percent.

The nondimensional head versus flow results, including effi-
ciency, are shown in Fig. 3 for the equivalent design speed.
The inlet flow coefficient (¢) is defined as

mocouples at both inlet and outlet for radial bearing lube oil; b, = Qi/[(m(D3H s, (3)
Nomenclature
F = force (Ibf) i) = head coefficient Subscripts
K, = nondimensional radial load coeffi- H = head (ft-1bf/1bm) n = nominal design flow
cient g = gravitational constant r = radial

P = pressure (psia) n = efficiency 1 = impeller inlet

D = diameter (in.) Pr = pressure ratio (P,/P;) 2 = impeller exit

L = axial length of impeller (in.) k = specific heat ratio i = compressor inlet

Q = volume flow (cfm) SG = specific gravity e = compressor exit
Ns = specific speed (English units) Z = gas compressibility is = isentropic

¢ = inlet flow coefficient Tr = temperature ratio (7./7;)

" U = impeller wheel speed (fps)
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the isentropic head coefficient () is defined as

¥ = Hil(U3/28), (€]
and the isentropic efficiency (7;,) is defined as
me = Prot = 1/(Tr — 1), (5

Although aerodynamic performance data were taken at four
rotational speeds, radial load data were only taken at 14,300
rpm. However, radial load data at 11,150 rpm at higher suction
pressures was taken during field testing of the same compressor.

Computational Methodology

The CFD code TASCflow (1994 ) was used for the numerical
investigation. TASCflow solves the Reynolds stress averaged
Navier-Stokes equations in primitive variable form, and is appli-
cable to incompressible and compressible (subsonic, transonic,
and supersonic) flows. The effects of turbulence were modeled
using the standard k-¢ turbulence model.
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Fig. 3 Closed-loop test resuits
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The code allows for modeling of extremely complex geome-
tries, as is evident from the solutions presented in this report.
A general nonorthogonal, boundary-fitted, structured grid is uti-
lized. Often the domain of interest does not lend itself to subdi-
vision by a single-structured mesh. For these situations, the
code allows the user to connect simple blocks into a multi-
block assembly. A convenient feature is that the grids are not
required to match at the connection interface, and they need not
even be contiguous. The preprocessor will make the necessary
adjustments to ensure a ‘‘leak-proof >’ connection. Further mod-
eling flexibility is possible through the ability to handle internal
objects, pinched grids, and local grid refinement (also known
as ‘‘grid embedding”’ ). With the exception of grid embedding,
each of the above capabilities was exercised by this numerical
investigation and will be discussed in more detail in later sec-
tions.

The computational technique employs an element-based fi-
nite volume method. Pressure/velocity coupling is handled us-
ing a fourth-order pressure redistribution method that is standard
for pressure-based (as opposed to density-based, time
marching) codes. The domain is subdivided into hexahedral
elements, which are the building blocks of the discretization.
Volumes are constructed by the appropriate subdivision of the
elements. The discretization scheme employed is second-order
accurate. Its two key components are a directionally sensitive,
upwind discretization scheme known as Linear Profile Skew
upwinding (LPS), combined with a physically based correction
term known as Physical Advection Correction (PAC) (Galpin
et al., 1986; Schneider and Raw, 1986; Van Doormaal et al.,
1987). Together, these schemes reduce solution errors that
would naturally arise due to flow directionality and streamwise
gradients. The result is a discretization scheme that exhibits
very low levels of false total pressure loss, a property that is
very important to the present investigation.

Another factor which is key to the feasibility of the scheme
is the method used to solve the linearized algebraic equations.
TASCflow uses an implicit, coupled-iterative solution method
that is accelerated by a multi-grid method known as Additive
Correction Multigrid (Van Doormaal et al., 1986; Hutchinson
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and Raithby, 1986; Hutchinson et al., 1988). The strengths of
this method, from the point of view of the user, are that it is
very efficient and robust over a wide range of problems. It
requires no user intervention, solution cost increases only lin-
early with increase in the number of nodes, and it can handle
the wide range of control volume sizes and shapes commonly
encountered in turbomachinery applications.

CFD techniques exist for predicting flows separately in rotat-
ing and stationary frames of reference. In many cases, single-
component analysis is completely adequate. In other situations,
as in this case, the impeller and volute must be solved for as a
coupled system. If solved separately, the impeller would not
feel the presence of the nonuniform circumferential pressure
gradient produced by the volute, and the computed radial load
would thus be zero at all flows. Two approaches were utilized
during the analysis which allowed different frames of reference
to contact each other, such that the solutions on either side of
the interface are preserved in the appropriate frame of reference.

The first approach used was to analyze the impeller and volute
as separate components sharing a common radial vaneless ge-
ometry. A coupled solution, one which models the impact of
the impeller on the volute and the volute on the impeller, was
achieved by performing manual iterations. This method will
thus be referred to as ‘“‘Manual Frozen Rotor.”” With this ap-
proach, frame change across the interface is allowed without
relative position change over time and without any interface
averaging. Steady, three-dimensional flow in the rotating frame
of reference was first computed in the impeller. The full impeller
(all blade passages) was modeled since modeling of a single
passage was inadequate to compute radial load. Predicted impel-
ler exit flow provided an inflow boundary condition for volute
analysis. Steady, three-dimensional volute analysis in the sta-
tionary frame of reference followed. Results were used as an
exit boundary condition for subsequent impeller analysis. This
manual procedure, alternately solving the impeller and then the
volute, was repeated until convergence was achieved.

The second approach used was to analyze the impeller and
volute in a single-computational model. A sliding interface was
established between the two components. Steady-State Multiple
Frame of Reference (MFR ) analysis was employed. Numerical
details of this methodology are outlined in Galpin et al. (1995).
Two steady-state MFR methods are available: stage and frozen
rotor. For both MFR methods, frame change and communica-
tion across the interface is automatic but handled very differ-
ently. Stage methodology utilizes a conservative circumferential
averaging at the sliding interface. This approach is inappropriate
for the current study and was not used. The circumferential
pressure gradient coming from the volute would be averaged
out in the process of convergence; thus, integrated radial load
would be zero. The other method, frozen rotor, achieves frame
change across the interface without relative position change
over time and without any interface averaging. This was the
approach used and will be referred to as ‘‘coupled frozen rotor.”’
Local flow features are allowed to transport across the interface;
thus, pressure nonuniformities in the volute are allowed to prop-
agate to the impeller which can result in radial load.

Both approaches, manual frozen rotor and coupled frozen
rotor, neglect the true unsteady nature of the flow at the inter-
face; thus, they represent steady solutions for the impeller/vo-
lute geometry at one fixed angular offset of the impeller trailing
edge relative to the volute tongue. The coupled frozen rotor
approach is obviously much preferred over the manual method.
It requires much less user intervention. The manual approach
only has value if the CFD code being used does not have MFR
capability.

Grid Generation, The impeller grid was generated using
TASCgrid with existing impeller grid generation templates. The
volute grid was developed using TrueGrid (1994) with IGES
files created in CADDS (1994),
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Fig. 4 Impeller model—manual analysis

N
N
N

R

N
N
A\

X
A

RS
N

A\
R

ey

Fig. 5 Volute model--manual analysis

The computational models used for the manual frozen rotor
method are shown in Figs. 4 and 5. Figure 4 shows the computa-
tional model of the impeller that was modeled using 65 stream-
wise nodes, 155 blade-to-blade nodes, and 11 hub-to-shroud
nodes for a total of 110,825 nodes. Since a full 360 deg impeller
model was required, this model represents a very coarse grid
with only 10,075 nodes per impeller passage. Figure 5 shows the
computational model of the volute that includes the upstream
vaneless diffuser. This model contained six blocks with a total
of 92,081 nodes. Impeller front and rear shroud cavities were
also modeled to enhance radial load prediction capability. The
cavities were modeled using an additional 42,087 nodes. The
complete multi-block model of the impeller along with cavities
had a total of 152,912 nodes and was made up of six sub grids.
Total node count for entire geometry would be 244,993 for
comparison to the coupled frozen rotor model.

The model used for the coupled frozen rotor computations is
shown in Fig. 6. The model contained 14 subgrids including
the impeller, the front and rear shroud cavities, the labyrinth
seal, and the volute. The impeller contained 55,330 nodes, only
5030 per passage, the cavities were modeled with 33,507 nodes
and the volute contained 52,314 nodes. Clearly, with a total
node count of 141,151, the size of the coupled frozen rotor
model would have to nearly double to obtain the same level of
grid refinement as that used during manual frozen rotor analysis.

The impeller grid utilized a simple H-grid topology, while
the volute utilized a multi-block arrangement to form what is
referred to as a “‘butterfly’’ grid. A cross section of the volute
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Fig. 6 141K model—coupled analysis

is shown in Fig. 7. A single-structured grid has been constructed
by performing six internal grid connections. Precise grid control
in the near wall region and improved overall grid orthogonality
was achiéved by using this ‘‘butterfly’’ mesh arrangement in-
stead of the simpler H-type grid which is typically used.

The impeller grid was constructed using TASCgrid. A set
of grid generation templates, specifically designed to produce
meshes for bladed geometry, was used to automatically generate
a single passage computational domain. This single passage was
then replicated to form the full 360 deg model. The templates
mentioned above import user-supplied blade pressure and suc-
tion surface coordinates to simplify the task of grid generation.
Grid development took approximately one day.

The TrueGrid mesh generator was used to interactively gener-
ate the volute grids used in this study. It is capable of building
multiple block structured parts and is designed to import CAD
geometry. TrueGrid employs the projection method to mold a
block mesh to the desired shape. The projection method auto-
matically interpolates the edges of the grid and projects them
to the required surfaces. Similarly, faces are interpolated and
projected. Surface and curve geometry for the volute model was
imported from the CADDS data base via several IGES files.
Some of the surfaces were combined, forming composite sur-
faces, so that faces of the grid could smoothly transition from
one surface to another. Many features were added to this basic
grid. The distribution of the nodes with clustering near bound-
aries was carefully selected by interactive experimentation. The
Thomas-Middlecoff (1980) elliptic solver was used extensively
to position the surface nodes between edges, across composite
surfaces, and throughout the interior of the grid. This method
produced nearly orthogonal grid lines near the boundaries. A

Fig. 7 Butterfly Grid in Volute Cross-Section
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Fig. 8 Discharge volute convention

short session file was automatically saved and run later in batch
mode. This made it easy to experiment with different node
clustering, number of relaxation iterations, and the number of
nodes used in the grid. The multi-block implementation allowed
generation of each of the blocks within the same session. Grid
output was in a form compatible with the TASCflow solver.
Development took approximately 10 days.

Boundary Conditions. Full-scale simulations were per-
formed over a wide range of flows. In general, the boundary
conditions imposed when manual treatment of the interface was
employed were the same as those imposed when coupled frozen
rotor analysis was performed. The impeller, front shroud cavity,
rear shroud cavity, and labyrinth seal were all modeled in the
Rotating Frame of Reference (RFR). The vaneless diffuser and
volute were modeled in the Stationary Frame of Reference
(SFR). All 11 impeller passages were connected periodically
between the first and last circumferential plane of nodes. To
model the front shroud cavity and labyrinth seal, which connect
the impeller exit with the impeller inlet, a periodic connection
between the labyrinth seal grid and the impeller inlet grid sec-
tion was made. Using a periodic connection, instead of a physi-
cal connection, prevented the high grid skewness which nor-
mally occurs as a result of impeller blade wrap. Inflow condi-
tions (flow direction and turbulence levels) were obtained from
a previous CFD analysis of the radial inlet and radial inlet
guide vanes (Flathers et al.,, 1994). Walls were modeled as
hydraulically smooth. Stationary walls were modeled as fixed
in the SFR and counterrotating in the RFR,

Inflow and outflow boundary conditions for the two interface
treatments were dissimilar as a necessary result of the analytical
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Fig. 8 Radial load comparison to field test data
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Fig. 10 Aerodynamic performance comparison to closed-loop test re-
sults

methodologies employed. During manual frozen rotor analysis,
the inflow boundary conditions used for the impeller were mass
flow, total temperature, turbulence intensity and length scale,
and flow direction. The impeller outflow boundary condition
used was static pressure based on profile from volute analysis.
The inflow boundary conditions used for the volute were
cartesian velocity, temperature, turbulent kinetic energy, and
dissipation from the impeller analysis. The volute outflow
boundary condition used was average static pressure, For cou-
pled frozen rotor analysis, the inflow boundary conditions used
were total pressure, total temperature, turbulence intensity and
length scale, and flow direction, The outflow boundary condi-
tion used was mass flow. A frozen rotor, sliding interface bound-
ary condition was used at the impeller exit (e.g., volute inlet).
Specification of mass flow, rather than pressure ratio, offers a
great advantage to the user. It significantly reduces the amount
of time required to perform a given analysis. Iteration on pres-
sure ratio to obtain a desired mass flow, which may take as
many as three to five attempts, is not required.

Convergence. Solutions for each case were considered
converged when the RMS residuals on all equations reached
le-6 or less. Key performance parameters, including radial load
and direction and isentropic head coefficient and stage effi-
ciency, were also monitored to assure that they did not vary
after the convergence criteria were met. Typically, initial guess
solutions required about 120 iterations to converge, while re-
starts for different flowrates required about half as many. The
coupled frozen rotor solutions with 141k nodes needed about
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Fig. 11 Radial load comparison te closed-loop test results
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Fig. 12 Radial load direction in comparison to closed-loop test resuits

13 hours of CPU time for initial guess runs on an IBM R/S
6000 Model 590 workstation with 256 Mb of memory. Restarts
for subsequent flowrates of interest required about 6 hours of
CPU time. Limited coupled frozen rotor solutions with 245k
nodes increased CPU requirements to 21 hours and 10 hours
for initial guess runs and restarts, respectively, slightly better
than a one-to-one relationship.

Results

Computations were performed at 11,150 rpm and 300 psia
(2068 kPa) suction pressure and 14,300 rpm and 150 psia (1034
kPa) to match closed-loop test conditions. Radial loads were
obtained by first computing the force acting on each element.
Integration was performed over the entire surface of the impeller
(hub, shroud, cavities, and blades). Integrating the force by
components (x and y-direction loads) allowed computation of
the load direction. Comparisons were made between prediction
and experiment by plotting the dimensionless radial load coef-
ficient (K,) and the radial load direction against the compressor
inlet flow coefficient. The convention used for radial load mag-
nitude (F,) and direction («) is shown in Fig. 8. Radial load
magnitude is shown acting on the shaft at an angular position
that is measured from the x-axis, which is perpendicular to the
compressor centerline. Using this convention, the volute tongue
is positioned at 270 deg.

Manual Frozen Rotor. The manual frozen rotor method
was run at 11,150 rpm and 300 psia (2068 kPa) suction pressure
to match closed-loop conditions. Flow conditions at design flow,
near stall, and near choke were investigated, with and without
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Fig. 13 Aerodynamic performance comparison to closed-loop test re-
sults
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Fig. 14 Cross section of computational geometry

front and rear face cavities. The computational results for nondi-
mensional radial load are shown in Fig. 9, compared with field
test data at 11,000 rpm and 700 psia (4826 kPa). Although
no closed-loop radial load data were available at this speed,
comparison to the field data at higher suction pressure should
be valid because pressure effects are reduced out using K, as
shown in Part 1 of this paper (Moore and Flathers, 1996).
Clearly, the radial load is underpredicted at part-flow conditions
when cavities are not included in the model; however, this
is not unexpected considering the large surface areas that are
excluded from the force integration. Agreement with field data
at part flow improves significantly when cavities are included.
No field data were available at higher than design flow to com-
pare with the high radial loads calculated when cavities are
included. Head coefficient and stage efficiency as a function of
inlet flow coefficient are compared to the closed-loop test results
in Fig. 10. Note that the agreement is very good, with or without
cavities. Therefore, cavities need not be modeled if only aerody-
namic performance is sought. Typically, three to five iterations
were needed for the manual frozen rotor method at each flow
rate investigated.

Coupled Frozen Rotor. The coupled frozen rotor method
was run at both 11,150 rpm and 300 psia (2068 kPa) suction
pressure and at 14,300 rpm and 150 psia (1034 kPa) suction
pressure. The lower speed was analyzed to compare with the
manual frozen rotor findings and the higher speed was analyzed
because a complete experimental data set from closed loop
testing, including radial load and aerodynamic performance,
was available. The coupled frozen rotor analysis was completed
at design flow and near stall flow for the lower speed case.
Figure 9 shows the nondimensional radial load comparison of
the two computational methods. The coupled frozen rotor
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Fig. 15 Radial load comparison to closed-loop test resuits
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Fig. 16 Radial load direction comparison to closed-loop test results

method predicted a slightly lower radial load than the equivalent
manual frozen rotor method. However, the agreement with field
test was still reasonable. Both methods predict about the same
head coefficient and stage efficiency as shown in Fig. 10.

Nine flow conditions from near stall to near choke were
analyzed with the coupled frozen rotor method at 14,300 rpm
and 150 psia (1034 kPa) suction pressure for comparison to
factory test data. As can be seen in Fig. 11, the calculations
significantly underpredict radial load, especially at lower flows.
In fact, the nondimensional radial load levels were similar to
the lower rotational speed results, which contradicts the speed
effect measured experimentally. Nonetheless, the radial load
direction is predicted fairly well as shown in Fig. 12. Figure
13 shows excellent agreement on head coefficient and stage
efficiency.

Observations. Although all of the elements seemingly
were in place to accurately compute radial load, the coupled
frozen rotor method yielded poor results. The manual frozen
rotor method, which is essentially equivalent to the coupled
method, albeit more laborious, yielded good results. Upon fur-
ther examination of the boundary conditions, it was noted that
the coupled method used mass flow as an outflow boundary
condition, while the manual method used mass flow as an inflow
boundary condition. As stated earlier, mass flow is the preferred
boundary condition, but location is typically a users option.
However, the boundary condition mechanics between the impel-
ler and the volute in the manual method require the user to
specify mass flow at the impeller inflow boundary.

It is generally accepted and was most recently shown by
Fatsis et al. (1995) that the effect of the circumferential pressure

0.025 | Coupled, 14,300 rpm, 160 psl, 141K
O Coupled, 11,150 rpm, 300 psl, 141K
0.020 +- @ Manual, 14,150 rpm, 300 psi, 246K
0.015 p~
%
0.010 p~
0.005 —
0 i | ] | 1 1
004 008 0.08 0.10 0.12 0.14 018 0.18
INLET FLOW COEFFICIENT
960190-0120

Fig. 17 Effect of speed and grid size predicted with inflow BC
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Fig. 18 (a) Inducer near design flow, (b) inducer near stall, (¢} inducer
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gradient at the impeller outlet can be seen upstream of the
impeller. For this analysis, only a short flowpath extension up-
stream of the impeller leading edge was modeled. Figure 14
shows a cross section of the computational model at 270 deg.
Note that the inlet boundary is relatively close to the impeller
leading edge. In addition, the impeller shroud labyrinth seal is
modeled, creating a potential flow disturbance close to the inlet
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()

Fig. 19 (a) Exducer and diffuser near design flow, (b} exducer and dif-
fuser near stall, (c) exducer and diffuser near choke

boundary. Inlet flow recirculation in pumps at part flows has
been documented by Graf (1993), which further illusirates that
no boundary conditions should be imposed in this region. The
upstream flowpath, which extends to the IGV exit, is acceptable
at design flow. However, at off-design flows, elliptic effects
interact with the inlet boundary condition, resulting in inaccu-
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Fig. 20 (a) Volute tongue near design flow, (b) volute tongue near stall,
(c) volute tongue near choke

rate calculations. In fact, one could argue that the entire inlet

system (Flathers et al., 1994) should be included. off-design flowrates. Initially, a flowrate near stall was repeated
Since the manual frozen rotor method provided reasonable  with the new boundary condition. The K, more than doubled,

agreement using a mass flow boundary condition at the inflow, while the load direction shifted about 10 deg, significantly im-

it was decided to use the same boundary condition for the proving the agreement with experiment. Four higher flowrates

coupled method even though it was acknowledged that the up-  were then analyzed with the revised boundary condition and

stream computational domain was most likely inappropriate at  the K, at design flow was essentially the same, while the K,
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near choke flow only increased about 15 percent. These results
seem reasonable considering that the nonuniform circumferen-
tial pressure profile at the impeller exit, which may affect the
inflow boundary, is most significant at off-design flowrates,
especially near stall. The radial load and direction findings for
all flowrates are plotted in Figs. 15 and 16, respectively, versus
the experimental data and the initial computational results with
the total pressure inflow boundary condition.

Figure 17 shows the calculations at 11,150 rpm compared
with calculations at 14,300 rpm, both using a mass flow bound-
ary condition at the inflow. When compared to lower rotational
speed calculations, K, increased by approximately the square
of the speed increase, which is reasonably consistent with the
experimental trend. The aerodynamic performance at all five
flowrates was essentially unchanged from the original computa-
tions, indicating that stage head coefficient and efficiency are
insensitive to inflow boundary condition selection.

Flowfield Features. Four regions of the flowfield are pre-
sented in Figs. 18 through 21 for near best efficiency, near stall,
and near choke flow conditions. A circumferential position of
270 deg was selected to be consistent with the volute tongue
location. The impeller leading edge region is shown in Fig. 18.
Note the recirculation zone at the shroud leading edge, as well
as the labyrinth seal effect for the near stall flowrate. Figure 19
shows the impeller trailing edge and vaneless radial diffuser
region. The front and rear face cavity flow can be observed in
this view. Note the large recirculation along the hub wall of the
vaneless radial diffuser, that extends almost to the shroud wall
at the volute entry for the near stall flowrate. At the near choke
flowrate, note the shroud wall flow separation near the volute
entry. The volute tongue is clearly shown in Fig. 20. Note the
cotrect tongue angle near the best efficiency flowrate and the
positive incidence near stall and the negative incidence near
choke. It is also interesting to observe how quickly the flowfield
structure recovers at stall, while the reverse flow zone near
choke takes significantly longer to recover. Figure 21 shows
the swirling nature of the flow in the volute cross section at
270 deg. Note the recirculation regions for both near stall and
near choke flowrates.

Conclusions

The study presented above, to the best of our knowledge, is
the first time that a fully three-dimensional viscous code has
been applied to a centrifugal gas compressor stage, including a
mixed flow impeller and a discharge volute, for the purposes
of predicting radial force and direction and aerodynamic perfor-
mance. The major conclusions are as follows.

Both the manual frozen rotor and the coupled frozen rotor
methods yield reasonable agreement with the experimentally
determined radial force and direction. Both methods also predict
head coefficient and stage efficiency extremely well, Agreement
with the experiment is particularly encouraging considering the
low number of nodes per impeller passage. The coupled frozen
rotor method is much less tedious than the manual frozen rotor
method, and is therefore preferred.

Radial force is much more difficult to predict than aerody-
namic performance using CFD. The inflow computational
boundary relation to the impeller leading edge is critical for
reasonable calculation of the radial force and direction. The
authors feel that the addition of the radial inlet system would
significantly improve the part-flow radial force prediction. Head
coefficient and stage efficiency predictions proved insensitive
to the computational method used, inclusion of cavities, and
grid density.

The centrifugal gas compressor studied showed similarities
to the pump literature presented except that rotational speed
effects are observed that are not accounted for in typical pump
theory. The authors speculate that this finding may be a function
of the gas compressibility not present in liquid pumps.
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It is obvious that CFD is capable of this type of complex
analysis. Major flowfield features are captured and expected
trends are well predicted. The computational methodology de-
veloped in the present work, although not truly practical in a
design mode, can be used to study the worst case geometry in
a given compressor frame size. Therefore, only one geometry
needs to be modeled to ensure proper journal bearing sizing. In
addition, once the geometry is modeled, CFD can be used as a
numerical experiment, where possible design changes to mini-
mize the radial force and improve the stage aerodynamic perfor-
mance can be considered prior to hardware fabrication.
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on the Eulerian-Eulerian concept, in which Eulerian conservation equations are
solved both for the gas and the particulate phases. A NO, formation and destruction
submodel is used to calculate the local concentration of NO. The model is used to
simulate a range of operating conditions in an actual, 350 MW, arch-fired boiler, with
the aim of reducing, using primary measures, the emissions of NO,. The model results

shed some light on the relevant NO-formation mechanisms under the several oper-
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1 Introduction

Arch fired boilers are often used in the power-generation indus-
try for burning low-volatility coals, such as anthracites. The arch-
fired configuration provides an environment with high residence
times and high temperatures, which, while necessary for achieving
flame stability and reasonable burnout of the coal particle, has the
undesired side effect of promoting as well the formation of
combustion-generated nitric oxides (NO,).

The arch (or down) fired boiler is a geometrically complex
boiler configuration, at least by comparison with the (more com-
monly encountered) wall and tangentially fired ones. The sche-
matic of a typical arch-fired boiler, displayed in Fig. 1, shows a
multiplicity of air and coal outlets, which increase the difficulty
and cost of any multi-dimensional simulation of the boiler perfor-
mance. Figure 1 (and the description that follows) relates to the
boiler simulated in this paper; but is also typical of most down-
fired boilers.

In the arch-fired boiler, the coal burners are mounted on the
so-called burner arches (Fig. 1), and fire downwardly into the
combustion chamber, On the arches, the burners are arranged in
pairs. Each burner consists of four distinct outlets: a primary
outlet, a vent, and two tertiary-air outlets that are concentric with
the previous two. The primary outlet carries the coal and primary-
air mixture into the combustion chamber. The primary outlet is in
fact the exit from a cyclone, in which some of the carrying air is
purged from the mixture of coal and particles, and subsequently
injected separately into the combustion chamber through the vent
located next to the burner, as shown in Fig. 1. The primary and
vent outlets in each burner are surrounded by a ring through which
a fraction of the combustion air is fed. This fraction is termed
“tertiary air” in the operation terminology. and such denomination
will be preserved in this paper.

However, the final fraction of the combustion air (the secondary
air) is supplied through registers located on the chamber walls, and
positioned below each burner. There are three registers for every
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ating conditions. Furthermore, they correlate well quantitatively with the available
field measurements at the plant, and reproduce satisfactorily the tendencies observed
under the different operating modes.

burner (upper, middle, and lower), the middle one being split into
two outlets. All the registers for all the burners are fed from a
common wind box, but the air flow-rate through each register can
be regulated independently from the others by means of dampers.

Therefore, the flame path starts near the burner mouth, whence
it penetrates down into the combustion chamber, where the cross-
stream flow of secondary air is mixed with the partially burned fuel
and the combustion gases, and then turns upwards towards the
chamber exit. (This flame path, in conjunction with corresponding
one from the flame arising from the burner on the opposite arch, is
the reason why this type of boiler is also known as U or W-fired.)

As with most boilers which were designed before the current
environmental concern about the effect of combustion-generated
pollutants (essentially NO,), the operators of this arch-fired boiler
are actively searching for ways of reducing the environmental
impact without compromising boiler efficiency and availability.
Among the several possibilities for NO, abatement, primary mea-
sures (i.e., those that can be achieved by operating the boiler
controls) are both cost-effective and within easy reach of the plant
management. The multiplicity of burners and air outlets in the
down-fired boiler results in endless combinations of operating
possibilities, which need to be examined for both their NO,-
reduction potential and their impact on operating efficiency.

The simulation, using computational fluid dynamics (CFD)
techniques, of the fluid-flow, combustion and heat transfer within
the furnace is a well-known option for conducting such an explo-
ration. CFD simulation of furnaces has been practiced since the
early days of the discipline (Gibson and Morgan, 1970). The
scientific literature has recorded several applications of CFD sim-
ulation to wall-fired and tangentially fired boilers (Fiveland and
Wessel, 1988; Kjidldmann, 1993; Sargianos and Bergeles, 1993).
Compared to CFD applications in other fields, coal-boiler simula-
tion presents three additional challenges. The first is the tremen-
dous complexity of the physical processes involved, which include
multiphase flow, turbulence, chemical reactions, and radiation in
an optically complex medium. The second is the uncertainty in the
operating conditions: the furnace-wall conditions, the coal com-
position, the mass flow-rates through the several inlets to the
combustion chamber are all either only approximately known or
likely to depart with the operating time from the known conditions.
Finally, the third is the disparity of length scales in the furnace,
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which would require the use of very fine computational meshes to
properly resolve all the processes of interest.

The present paper shows how, despite all the above limitations,
CFD can be usefully employed to predict the performance of an
arch-fired boiler under different operating conditions, with partic-
ular emphasis being placed on NO, formation. A simplified, quasi-
two-dimensional model will be used first to uncover the main
features of the thermal and aerodynamic fields under different
firing arrangements; and then the full three dimensional model will
be used in order to compare predictions with existing measure-
ments. It will be shown that the answers provided by the model are
qualitatively correct, that they exhibit also the correct trends, and
that their quantitative accuracy is in general acceptable.

2 Mathematical Model

The mathematical model used to represent the multiphase prob-
lem is of the Eulerian-Eulerian kind, in which both phases (gas and
coal particles) are treated mathematically and numerically as Eu-
lerian continua. The phases are treated as distinct but intermingling
ones, each having their own properties (including velocities). The
coexistence of the phases in the physical space causes the ex-
change of mass and other properties (such as momentum or heat).
A model similar to the one used in this work has been described in
sufficient detail elsewhere (Fueyo and Pérez, 1993; Fueyo et al,,
1995), and, hence, only a brief summary will be provided here.

The model is based on the detailed modeling of all the coal-
particle processes, including particle drag and turbulent dispersion,
heat-up, drying, volatilization, and heterogeneous combustion. To
this effect, the particle is characterized by its contents (as mass
fractions) in moisture (water), raw coal, char (or the combustible
residue left in the particle by the volatilization process), and ash.
Therefore, the mathematical model consists of Eulerian conserva-

1 symmetry
! plane
¢ venl. pipes
primary air
-7 and coal
bumer arch secondary
a_lir registers:
< ypper
back wall - middie
= - :
K\ II )
, primary
" outlet
van! pipe
outlets
tertiary air

outiet

Fig. 1 Down-fired boiler geometry and burner positions. Only a half of
the boiler is shown, the other half being symmetrical. Burners are sym-
metrically disposed on both arches.
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tion equations for each of these properties but one (since the fact
that all the mass fractions add up to one can be used to obtain one
of them from all the rest). Further equations are solved for each of
the particle velocity components, for the particle specific enthalpy,
for the local volume-fraction of the particulate phase, and for a
special variable from which the mean particle size can be com-
puted (Fueyo et al., 1997).

The gas phase is modeled as a multicomponent mixture, in
which all the components (essentially N,, O,, H,0, CO, CO,, and
CH,, a general hydrocarbon which is the gaseous outcome of the
particle pyrolysis) are accounted for by means of their mass
fractions. Further equations need to be set up and solved for the
velocity components, the phase specific enthalpy, the gas-phase
local volume-fraction, the turbulent kinetic energy and its dissipa-
tion rate, and the three net radiation fluxes of six flux radiation
model. For NO, calculations, additional Eulerian transport equa-
tions are solved for the mass fractions of NO and HCN; but this is
detailed in next section.

NO, Formation Model. The main pollutants generated in
coal boilers are nitrogen oxides (NO, NO,, and N,0), collectively
referred to as NO,. Because of the low concentrations of the
species involved (typically under 1000 ppm), the NO, models are
considered not to contribute to the thermodynamic properties of
the mixture, and, hence, are normally calculated in a post-
processing run over the “frozen” results of the main combustion
model. Such strategy is also used in the present work.

Among the nitrogen oxides just cited, N,O is not an important
pollutant in coal-firing conditions; and NO, is around 5 percent of
all the NO, formed in these conditions (Wall, 1987). Therefore, the
main contribution is NO, which is formed through the following
three distinct routes (Bowman, 1991; de Soete, 1990, Smoot,
1993): thermal NO, produced by the reaction of molecular nitrogen
and oxygen at high temperatures; fuel NO, generated from the
nitrogen contained in the coal; and prompt NO, which results from
the reaction of molecular nitrogen with hydrocarbon radicals at the
flame front, This latter route contributes with. typically no more
than 5 percent of the total NO production, and is usually neglected.

The thermal-NO mechanism used is the extended-Zeldovich
one. A production rate for NO as a function of the concentrations
of NO, O,, and N, is derived by making several simplifying
assumptions. These are essentially the following: a steady-state
approximation for the atomic nitrogen; partial equilibrium for the
reaction O + OH <> O, + H,, neglecting the OH concentration;,
and partial equilibrium for the oxygen-dissociation reaction O, <>
20. The model is similar to that employed in (Coelho and Car-
valho, 1993), which can be consulted for details.

For the Fuel-NO route (a schematic of which is shown in Fig. 2),
the coal-based nitrogen is presumed to evolve as the carbon, and at
the same rates. Thus, coal nitrogen evolves both with the volatiles
(volatile-N) and in heterogeneous oxidation (with the char, char-
N), the split of the total nitrogen between these two processes
being the same as for the carbon. Simpler models (Coelho and
Carvalho, 1993; Kjildmann, 1993), which consider the evolution
of the whole of the coal nitrogen with the volatiles are unrealistic
for anthracite combustion, given the low volatile contents of this
type of coal.
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Therefore, two different routes are considered in the present
work for the fuel-NO, formation, as detailed below.

The nitrogen released with the volatiles is assumed to evolve as
HCN, with a rate of production proportional to the rate of volatiles
release, i

Miyen = Knentftvo 1)

This HCN is further oxidized to NO through the reaction (Kjild-
mann, 1993):

4HCN + 50, — 4NO + 2H,0 + 4CO. 2)
The reaction rate is given by
dyno
dr =K )’g)z)’HCN, 3

where K, is an Arrhenius-type coefficient, and a is a constant.
The nitrogen remaining in the coal after devolatilization
(char-N) is oxidized to NO in a heterogenous reaction with a rate
of production proportional to the rate of consumption of char in
heterogeneous combustion, #4,,. The conversion of char-N to NO
has an efficiency factor +y typically between 0.1 and 0.2 for
anthracites at high temperatures (Harding et al., 1996). A value of
0.15 is used in this work. The remaining char-N is reduced to N,.
Thus,

Mno = KoY 4)

Nitrogen oxides can be, regardless of the formation route, re-
duced to N, through a homogeneous and a heterogeneous path.

The homogeneous path considered in the present model is
(Kjaldmann, 1993):

4HCN + 6NO — 5N, + 2H,0 + 4CO, 5)

where the reaction rate is

dywo
7 = KiomYnoYHon ©)

and K\, is an Arrhenius-type coefficient.
The heterogeneous-reduction route is through the reaction of
NO on the particle surface (Levy et al., 1981). The reaction rate is:

dyna
dr = ApKyoPros )]
where K, is an Arrhenius-type coefficient, Py, is the NO partial
pressure, A is the particle surface area, and the multiplier ¢ (taken
here as iy = 1) accounts for surface-increasing factors such as
porosity and crevices.

Numerical Method. All the models described above were
coded into the general-purpose CFD code PHOENICS (Spalding,
1981). PHOENICS uses a finite-volume, staggered-velocity
scheme for the solution of the multiphase Eulerian transport equa-
tions. The IPSA algorithm (Spalding, 1980) is used to solve the
pressure-velocity coupling, i

The sources and sinks resulting from both the main combustion
and some of the NO,-formation processes are normally highly
nonlinear; and this results in poor convergence behavior if the
source terms are coded carelessly. Where possible, the source
terms are therefore linearized; and when linearization is not pos-
sible, the source terms are relaxed linearly in a similar fashion to
the relaxation used for some of the dependent variables.

The computational meshes used have typically about 14,000
cells (for the quasi-two-dimensional model) or about 200,000 (for
the full three-dimensional model). The solution of the quasi-two-
dimensional model-has been checked to be grid-independent. Due
to the long running times, a full grid-independency study has not
been carried out for the three-dimensional model; but local, ad-hoc
mesh refinements do not yield noticeable differences in the results.

Journal of Engineering for Gas Turbines and Power

Table 1 Mass flow rates for high and low-flame operating conditions

High ﬂameT Low flame

]
Coal mass-flow-rate (as fired) | 17.611 Kg/sg | 18.674 Kg/sg

Air mass-flow rate 164.568 Kg/sg | 166.555 Kg/sg

Primary-air mass-flow-rate 25.544 Kg/sg | 26.535 Kg/sg

0.85 2.0
4%

Tertiary to secondary air ratio

Excess oxygen 2.5%

About 4000 iterations are needed for the the convergence of a
main-combustion simulation of the full three-dimensional model,
and about 500 additional ones for convergence of the NO, post-
processing simulation. The overall running time for the main-
combustion simulation is about 271 CPU secs/iteration on an IBM
RS6000/590 workstation.

3 Model Application and Results

The mathematical model outlined above has been employed to
simulate the arch-fired boiler described in the introduction. The
simulations covered a range of operating conditions, which can be
nevertheless broadly classified in two operating modes that will be
termed “high flame” and “low flame”

The “high flame” conditions correspond with the normal oper-
ating mode of the boiler. The tertiary-to-secondary air ratio (see
introductory section for the meaning of this nomenclature) is close
to one; and the excess oxygen is about 4 percent. The oxygen
excess is sufficient to ensure an adequate particle-burnout level at
the furnace exit.

An alternative operating strategy is to decrease the oxygen
excess (thus increasing the boiler efficiency and hopefully reduc-
ing the formation of NO,). To offset to some extent the adverse
effect of the reduced air excess on the burnout levels, a longer
residence time for the coal particle is provided in the furnace. This
is achieved by increasing the tertiary-to-secondary air ratio to
nearly two. This increases the momentum associated to the burner,
and decreases the one in the cross-stream secondary air. The result
is a deeper penetration of the flame into the furnace, and, hence, a
longer residence time for the coal particles in the high-temperature
region.

The coal-type is anthracite, with a volatile content of 8.86
percent (dry basis) and a lower heating value of 52.47 K cal/kg
(dry basis). Table 1 lists the relevant operating conditions for both
firing modes, corresponding to the boiler full-load (350 MW).

The Quasi-Two-Dimensional Model. The geometrical com-
plexity of the actual boiler makes it rather difficult to identify, in
a full three-dimensional simulation, the processes that are taking
place in the combustion space, their relevance, and their interac-
tions. Additionally, the meshing requirements are such that any
exploratory run takes much longer than it is desirable. For this
reason, it has been deemed appropriate to construct a reduced
model, which takes into account the essential flow features but
simplifies the geometry.

Such model consists of a vertical “slice” of the boiler which
includes one burner, its venting outlet and its secondary-air regis-
ters as represented in Fig. 3. The computational domain does not
include the furnace nose (shown in Fig. 1), and, hence, assuming
that opposite burners are operated in the same way, the domain is
symmetrical and only half of it needs to be simulated. The domain
is not strictly two-dimensional, since the slice includes a full
representation of the burner and of the space between burners, and,
hence, it is termed quasi-two-dimensional here. The mesh distri-
bution is 34 X 5 X 81 (width, depth, height).

Because symmetry (no flux) boundary conditions are employed
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Fig. 3 Temperture (top, K) and NO, concentration (bottom, mass fraction) on a burner plane (Quasi-two-
dimensional model). High-flame (left) and low-flame (right) operating conditions.

for the “slicing planes”, the situation simulated would correspond
to the existence of an infinite number of similar slices next to each
other. In the actual boiler, one of such slices would be represen-
tative of the situation in one of the central (hotter) burners, where
the heat radiated to the lateral walls is minimum because such
walls are the furthest away.

The top two graphics in Fig. 3 show the temperature fields
resulting from the quasi-two-dimensional calculations of the high
flame and low flame. The temperature fields in both cases are
remarkably different, with the high flame showing higher temper-
ature levels above the burner arch than the low flame. The reason
for the shifting of the flame towards the burner arch in the high
flame is the higher momentum of the cross-stream secondary-air,
which reduces the penetration of the burner streams into the
combustion chamber. A limited number of temperature measure-
ments taken with optical pyrometers in the actual boiler confirm
the qualitative difference just outlined.

The corresponding NO, field for both flames is shown in the
lower two graphics of Fig. 3. The consequence for NO, formation
of the situations depicted above is that for the high flame NO, is
formed above the burner arch, due to both the higher temperatures
and also to the richer oxygen concentration for this flame config-
uration. In fact, the figure shows that the NO, concentration
increases above the burner arch towards the furnace exit. The
picture for the low flame is quite different, and shows the maxi-
mum in NO, concentration well below the burner arch, and an
approximately constant level of NO, above the burner arch. Mea-
surements of NO just above the arch and at the furnace exit, taken
at the plant by means of suction probes show precisely these two
opposite trends for the high and low flames.
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Further confidence in-the correct qualitative behavior of the
model can be gained by conducting a further test, in which the
oxygen excess is varied with respect to the values used in the
previous calculations. Specifically, the excess is decreased for the
high flame and increased for the low one. The effect of such
changes has also been measured at the plant, and the results of both
simulations and field trials are summarized in Table 2. Of course,
the comparison between computational and experimental results
can only be qualitative, because the actual boiler is operated with
slightly different firing-arrangements for the different burners, and
these differences can be taken into account in the full three-
dimensional model but not in the quasi-two-dimensional one.
Nevertheless, Table 2 reveals that the trends are very well repro-
duced. It is remarkable that the outcome of the parametric change
is an increase in NO, both when the air excess is reduced in the
high flame and when it is increased in the low one. For the high
flame, a reduction in the air excess results in higher temperatures,
and in a greater extent of the combustion process being shifted

Table 2 Alr-excess influence: comparison of calculations and measure-
ments

O, cxcess change | [NO,] increase ® | increase/change
High flame | Measurements -18.0% +21.5% 1.19
Simulation -19.2% +18.4% 0.96
Low flame | Measurements +37.2% +13.9% 0.37
Simulation +51.5% +21.6% 0.41
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Fig. 4 NO, concentration (mass fraction) on a burner plane (three-
dimensional model). High-flame (top) and low-flame (bottom) operating
conditions.

towards the zone above the burner arch. The first effect increases
the thermal NO,, while the second induces a release of the char-
bound nitrogen in that region, where homogeneous reduction of
NO by hydrocarbon radicals is much less likely. For the low flame,
the increase in NO with a moderate increase in air excess is a
frequently encountered and well-known effect, which in the
present case can be attributed (as a detailed inspection of the
simulation results reveals) both to slightly higher peak temperature
(due to a more vigorous combustion) and to the wider availability
of oxygen for the oxidation of the fuel and atmospheric nitrogen.

The 3D Model. While the quasi-two-dimensional model has
been successful in both attributing causes to effects and in gaining
some confidence in the model, a complete, three-dimensional
boiler simulation is still needed for a comparison of model results
with field measurements. This is so not only because the effects of
the side walls may not be negligible, but also because different
burners operate with different mass-flow rates, and some are even
out of service. The furnace is nevertheless symmetrical (both
geometrically and operationally), the symmetry plane being the
one depicted in Fig. 1; hence, only half of the furnace is simulated.
Therefore, the three-dimensional simulation is set up by discretiz-
ing not a single-burner slice but half of the boiler (the half shown
in Fig. 1), with a total of 24 burners and their corresponding
secondary-air outlets. The side wall is included with appropriate
friction and thermal boundary conditions, and the symmetry plane
is modeled with the customary no-flux conditions. In the course of
parametric studies it was found that the boiler nose has some
influence on the flow conditions in the vicinity of the burner arch,
and, therefore, had to be included in the simulation, It was also
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Table 3 Measured and computed NOx concentrations in high and low-
flame operation

Experimental data | Simulation resuits
High flame NO, (exit) 860 ppmm 943 ppmm
NO, (burner arch) 673 ppmm 780 ppmm J
Low flame NO, (exit) 623 ppmm 581 ppmm
NQ, (burner arch) 629 ppmm 599 ppmm

found that the (all-important) prediction of the primary-jet pene-
tration was very much dependent on the fineness of the mesh in the
burner and secondary-air regions, with coarser meshes providing
less penetration. Consequently, the mesh was refined locally until
further refinement did not result in noticeable differences. The
resulting mesh is 54 X 53 X 67 (width, depth, height).

Figure 4 shows the NO, mass-fraction field on a typical vertical
plane, for both the high flame (at the top) and the low one (at the
bottom). The NO, pattern in either case follows the trends outlined
by the quasi-two-dimensional simulations. Thus, for the high flame
the figure reveals that NO continues to be formed in the zone
above the burner arch, while for the low flame most of the NO is
formed below the burner arch. The quantitative comparison is
shown in Table 3, which reports average values from measure-
ments and calculations at two different heights: just above the
burner arch and the furnace exit. Calculations are in reasonable
agreement with measurements; and two different NO,-formation
patterns for the high and low flames are clearly evinced by the
measurements.

Table 4 shows the relative weight of the several NO, formation
and destruction mechanisms for the two operating modes. The
results reveal that much less NO, of a thermal origin is produced
in the low flame by comparison with the high flame. This is
attributed to the lower oxygen levels. Heterogeneous reduction is
increased for the low flame, due to the longer residence time of the
char particle in the furnace.

The trial tests conducted at the plant included some further
changes to the operating conditions. These changes were in general
departures from the high-flame situation, since this was the normal
operating mode at the plant. The changes affect essentially the
burners which are placed out of service, the oxygen excess and the
air distribution to the secondary-air registers.

Three of these cases have been studied computationally. These
cases, and the relevant results, are described next. Table 5 is a
summary of the main conclusions in respect of NO formation. The
term “base case” refers from now to the high-flame case discussed
above.

Case HF1 differs from the base case in the mill which is put out
of service. In the base case, this is the E mill, which feeds some of
the central burners, while in case HF1 it is the C mill, which feeds
more external (closer to the walls) burners. Since more heat is
generated in the hotter central part of the furnace, the temperature

Table 4 Contribution of the different NOx mechanisms to the global
formation/reduction in high and low-flame operation

FOZ Mechanism kg/seg % formation or reduction
High | Low || High Low
Thermal formation 0.0993 | 0.0323 || 51% 24%
Fuel-NO (volatile contribution) || 0.0373 | 0.0416 | 19% 31%
Fuel-NO (char contribution) 0.0588 | 0.0589 |\ 30% 45%
Homogeneous reduction 0.0321 | 0.0308 | 95% 87%
}Ietcrogerm;reclllctiorx 0.0016 | 0.0044 | 5% 13%
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Table 5 Measured and computed NOx concentrations at the exit and
thermal NOx mechanism production for the high flame operating condi-
tions cases .

HF1 HF2 HF3 j
Simulation results (ppmm) 1156 792 773
Experimental measurements 958 795 700
Thermal NO, production (kg/sg) || 0.142 (60%) | 0.078 {45%) | 0.068 (41%)

increases, and so does the thermal-NO generation. Hence, the
overall NO, level is higher.

Case HF2 uses the same injection conditions as the base case,
but the oxygen excess is increased to 5 percent. The additional air
does not result in an increase in NO (as it is usually the case), but
in a decrease. This can be traced to the lower thermal NO produc-
tion (as can be seen in Table S) as a consequence of the lower
temperatures. The NO reduction is also predicted in the numerical
simulation,

Case HF3 has the same excess air as the base case, and the same
mill is put out of service. However, the secondary air is redistrib-
uted, so that more air is injected in the central (hotter) part of the
furnace, thus reducing the temperature peaks in that region and in
consequence the exit NO. The model correctly predicts this de-
crease with respect to the base case.

4 Conclusions

This paper has shown how a CFD model of a pulverised-coal
furnace can provide valuable insight into the production of
combustion-generated NO,. The model is of the Eulerian-Eulerian
type, and includes detailed submodels for all the relevant particle
processes, as well as for the formation and reduction of NO,
through the thermal and fuel routes.

Even for a highly complex down-fired boiler, the model pro-
duces results that, by comparison with existing measurements, are
of a sufficient accuracy for the model to be of use in the design of
operation strategies for the boiler. Equally interesting is the ability
of the model to predict the trends resulting from most common
operational decisions.

The model has been used to study two main operating modes,
and some variants of these. Both operating modes are essentially
different in respect of the ratio of tertiary to secondary air, It is
shown how, by increasing this ratio and reducing the overall air
excess, the NO, emissions can be significantly reduced. If the ratio
is too high, a significant part of the combustion takes place above
the burner arch, and fuel and thermal NO, continue to be formed
in this region. Higher tertiary-to-secondary-air ratios cause the
flame to penetrate further into the furnace, which increases the
residence time and thus makes it possible to operate the boiler with
a lower excess air without compromising the boiler efficiency.
This results in a lower thermal-NO, contribution, while maintain-
ing the homogeneous and heterogeneous reduction of NO to N, at
the same levels.
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Analysis of Diesel Connecting
Rod Based on Stochastic Finite
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In this paper, stress of a diesel connecting rod (CR) is analyzed by the perturbation

stochastic finite element method (PSFEM). A fatigue failure criterion of a diesel CR is also
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put forward with Corten-Dolan fatigue cumulative damage theory. Based on fatigue
failure criterion and the results of stochastic stress analysis, the advanced first order
second moment (AFOSM) method is used for fatigue strength reliability analysis. It is
shown that PSFEM is efficient and accurate in stochastic stress analysis by comparing

with Monte-Carlo simulation. The analysis shows that the reliability of a certain type of
diesel CR is 0.99917, which coincides with the statistical data from the factory. It is also
found that operating parameters such as combustion peak pressure and engine rotary
speed have the greatest influence on CR reliability because of the large variances and
high stress response sensitivity.

1 Introduction

In traditional diesel CR design, parameters such as structure
size, material properties, external loads are often taken as deter-
minate variables. In fact, when considering many uncertain factors
in manufacture and usage, those parameters usually have uncertain
characters. In order to account for the effects of uncertainty, the
common measure is to apply a safety factor, but how to select the
proper safety factor is difficult. When the safety factor is small,
structures may be unsafe. When the safety factor is large, struc-
tures may be heavy. Other than the affects mentioned above, the
safety factor cannot provide assistance for design improvements.
In order to avoid any negative effects of the safety factor, reliabil-
ity analysis is used in this paper.

In reliability analysis, Monte-Carlo simulation is often used
(Astill et al., 1972). In order to get accurate results, a large number
of samples must be obtained, which means enormous computing,
especially in a high reliability structure. In this paper, a different
method, PSFEM (Nakagiri and Hisada, 1982) combined with the
AFOSM method (Hasofer and Lind, 1974), is used for fatigue
strength reliability analysis of a diesel CR. In this analysis, com-
bustion peak pressure, piston group mass, rotary speed of crank-
shaft, magnitude of interference between small-end bore and cop-
per bushing, the transitive arc radius between small-end and shank,
modulus of elasticity, and Poisson’s ratio are taken as random
variables. Mean, variance, and covariance of stress are obtained by
PSFEM. These statistics are used in the reliability analysis by the
AFOSM method. An example and experiment are provided to
show the characteristics of this method.

2 Stochastic Stress Analysis

The conventional finite element solution for the nodal displace-
ments U, strains &, and stresses &, are expressed by

U=K'F e=BU g, (H
where " denotes a random variable, K is stiffness matrix, F is the
nodal load vector, B is the displacement-to-strain transformation

[w)

g =
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matrix, and D is elasticity matrix. U, € and & are functions of basic
input random vector X = (%,, %,,...%,), which represents
external loads, material properties and structure sizes. If the mean
of Xis X = (%, %, ... X,), make

@ =——=" i=1,...,n )

Ea)=0 & == Sy H, 3)
where £, is the standard variance of £,. From Eq. (3), it can be seen
that A = (a), «,, ..., ¢,) is a small perturbation vector. Ex-
panding U, & &, K, F, B, and D into a series at the mean of A,
and neglecting items above the second order, because of A being
a small perturbation, then the following equation can be derived:

Y =Y, + 2 Y,-oz,- + % 2 2 Y,'ja,'aj, (4)
i=1

i=1 j=1

where ¥ represent all random vectors and matrixes appearing in
Eq. (1). Subscript O denotes at point A = 0, and i denotes first ,
order perturbation with respect to «;. ij denotes second order
perturbation with respect to «;, «;. Taking Eq. (4) into Eq. (1), by
center second order perturbation method (Chen and Liu, 1993a),
we can get the following recursion equation sets:

Uy = K;'F,
€y = B()U() (5)
Ty = Doeo

€; = ByU, + B;U,
o; = Dye;, + Dig,

U= Ky'(F; — KUy)
©6)
U;= K(;I(Fij - KU, - KU; - KijUO)
€; = BoUy; + B;Uy + BU; + B,U; } . (7
oy = Doey; + Dyeo + Dig; + Dje;

Y;, Yy, (Y denotes U, €, and o) can be computed by assembling
partial derivative load vectors, stiffness matrices, geometry matri-
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log o — No¢™=C, (Miner’s rule)

* Nod = C;, (Corten-Dolan’s rule)
d=(0.8~0.9)m

No log 1(1

Fig. 1 o-N curve for steels on log-log plot

ces, and elasticity matrices of all elements. It is important to note
that this procedure requires no additional inversions of the stiffness
matrix for computing Y,, Y;,. From Eq. (4), it is easily verified by
Chen and Liu (1993b) that the statistical parameters of displace-
ments and stresses are

n

EGN =yh+3 > D yiE(aa) (8)
i=1 j=1

COV (¥, y) = > > yiy’E(wa)
i=1 j=1

n n n n n n

YZ‘)’ZE(aiajak) + % E Z z ytpy;IkE(aiajak)
1

i=1 j=1 k=1

i=1 j=1 k=

)’Z'y zl(E(aiajakal)

- E(aiaj)E(akal))s )

where y” and y? are the pth and gth components of nodal displace-
ments or stresses.

3 Reliability Analysis

3.1 Failure Criterion of Diesel CR. Loads acting on the
diesel CR are random variables, and the stress is variable ampli-
tude stress. The cumulative fatigue damage theory is used in the
life analysis. There are two classes of damage summing methods:
linear damage theory and nonlinear damage theory. Miner’s rule is
a typical linear damage theory, while Corten-Dolan’s rule is a
typical nonlinear damage theory. As for steel material, life related
to the stress equaling to or lower than endurance limit is infinite.
If Miner theory is used, the effect of those low stress (equaling to
or lower than endurance limit) is omitted. In fact, stress equaling
to endurance limit or lower than endurance limit to some extend do
affects component’s life. Compared with Miner theory, Corten-
Dolan theory considers the low stress effect. The difference of the
two methods is shown in o-N curve in Fig. 1 (Li et al., 1991). It
can be seen from Fig. 1, Miner’s theory do not consider the stress
below the endurance limit, while Corten-Dolan theory considers.
Diesel CR works at the low stress, high cycle condition, so the
effect of low stress on life is important and must be considered. If
Miner’s rule is used, the predicted life will be longer than the real
life. By reasons mentioned above, Corten-Dolan theory is used in
this analysis. Corten-Dolan theory gives a damage formula for a
given stress level (Corten and Dolan, 1956)

D =crn®, (10
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where D is “Damage”, ¢ is the number of damage sources, r is
damage factor, n is the number of stress cycles, and a is constant.
¢, r, and a will change when stress level changes. By some
experimental results and simplification, Corten-Dolan theory, used
in multilevel loads, can be derived from Eq. (10) as follows:

N

N= 2, 77;(0';/0'1)‘1,

an

where N denotes the cycle life under multilevel stress cycles. N,
denotes the cycle life under maximum stress level o,. 7, denotes
the ratio n,/N. n; is cycle number under stress level o,. d is
material constant. By Mou (1988), Eq. (11) can also be expressed
as

n,'_
2!

(12)
No?=Ng?!
As for continuous stress spectrum, Eq. (12) is changed into
7 nflo) _
N(o) o=1, (13)

O min

where o, is the minimum stress level in cycles, n, is the total
amount of stress cycles, f(o) is the probability density function of
stress amplitude o, and N(o) is the cycle life under stress level o.
Thus, the failure criterion function g, is

g§=Ngoi— n:f Hea)ado, (14)

Tmin

where g > 0 denotes the safe state, g = 0 denotes the limit-state,
and g < 0 denotes the failure state.

Equation (14) is applicable to a material bearing a symmetric
stress cycle. Because the CR is working under an unsymmetrical
stress cycle, additional explanations are essential. In a diesel
engine, combustion peak pressure is high, which causes the mean
stresses o, (defined in Eq. (20)) in danger points to be less than
zero. From the Goodman diagram (alternating stress versus mean
stress), the compressive mean stress has no effect on life, which
means mean stress can be neglected in life analysis of the CR
(Collins, 1987). The equation

EB d et
&= Nl(’k“ 01) - n, f floyoUda

Tmin

(13)

is used as fatigue failure criterion of the diesel CR. Where € is size
factor, B is surface factor, and k is stress concentration factor. The
function f{o) can be a normal distributed function, log-normally
distributed function, Weibull function, or other PDF.

3.2 Advanced First Order Second Moment Method. Be-
cause g(x) > 0 denotes the safe state, the reliability of the CR,
then, is

R = P{g(X) >0}, (16)

where vector X has been defined in section 2. For reliability
analysis, it is-convenient to transform the vector X into the stan-
dard normal space

¥ =7v(X), (17)

where the elements of ¥ are statistically independent and have the
standard normal density. Then Eq. (16) is changed into
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Table 1 Statistics of basic variables

Variable Mean SV

Puax, MPa 8.336 0.5002

n, rad/s 293.22 14.661

m, kg 1.318 0.04

8, mm 0.0812 0.0087

r, mm 40 0.167 \
E, MPa 2.1 x 10° 1.8 x 10° N\

o
n 0.3 0.0055 \W /
QI/:\ Sy

Fig. 3 Stress distribution of pull condition

R =P{g(¥) >0} = J (Y)Y, (18) T ‘
2(V)>0 ‘ g Lﬂw

where ¢(-) is the standard normal probability density function.

It is difficult to obtain the analytical solution of Eq. (18).
Therefore, some approximate methods, such as AFOSM, are used.
The basic idea of the AFOSM method is that the limit-state surface
g(¥) = 0 is replaced by the tangent plane at the point with

minimum distance from the origin. The first order estimate of the A S S
fatigue strength reliability of the CR is y},C*;\;K},\/"ﬁ'“ -

R = ®(B), (19) —
where B, defined as the reliability index by Cornell (1969), is the Fig. 4 Stress distribution of pressure condition

minimum distance from the origin and ®(-) denotes the standard
normal cumulative probability. There exist standard solution algo-
rithms for finding the point which is the nearest to the origin (Liu
and Der Kiureghian, 1986). According to these algorithms, com-
puter code has been made for reliability analysis by the AFOSM

pressure condition, and 180 deg at the pull condition. Third, a
plane stress model is used. The CR is taken as a two-dimensional
object with a different thickness in a different part. In automatic
finite element mesh generation, the CR is divided into many zones

method. of varying thickness. Triangular mesh is generated in each of these
. . zones by the advancing front technique (Peraire et al., 1987). Load

4 Calculation Results and Analysis distribution, along with FE mesh is shown in Fig. 2. According to
The methods previously mentioned are applied to the fatigue the calculation, maximum stress amplitude is taken place at the
reliability analysis of a certain type of diesel CR. outer boundary of CR transitive arc between small-end and shank.

. . Points with large stress amplitude are pointed out in Fig, 2. These

4.1 The Result of Stress Analysis. In stress analysis, U= points are used for reliability analysis. Though the stress in CR is
certainties of combustion peak Pressure, pn,, rotary speed of i, , pwo-dimensional state, the stress of these “danger” points is in
c;anksha.ft, n, mass of piston group (including piston and piston e dimensional state. It is either compressive stress or tensile
pin), m, interference between small-end bore and copper bushing,  grecs because “danger” points are situated at the free boundary of

8, the transitive arc radius between small-end and shank, r, mod- g body. Stresses distributed on the surface of CR are shown in
ulus of elasticity, £, and Poisson’s ratio, u, are taken into consid- Fig. 3 and Fig, 4.

eration. Their mean values and standard variance (SV) are shown Monte-Carlo simulation was also carried out in order to com-

in Table 1. . . . . pare with PSFEM. Statistics of stress for the two methods are

In computing, two conditions were taken into account: maxi-  ghown in Table 2. It is shown that the results of the two methods
mum pull condition at TDC of the exhaust stroke and maximum  ,e coincident with each other. However, Monte-Carlo simulation
pressure condition near TDC of expansion stroke. As an ‘example':, is very time consuming. When the number of samples is 200, time
we only analyzed the stress of the small-end because it experi-  speni"on Monte-Carlo simulation is twenty times longer than on
enced the higher stress. Additionally, the calculation model is  pSFEM, Besides statistics of stress, PSFEM also provides swress
simplified in three aspects. First, external loads are symmetric to  rognange sensitivity with respect to every basic random variable.
the CR axis under maximum pull and pressure conditions, then  grom Table 3, it can be seen that the stress is more sensitive to
only half of small-end is used for calculation. Second, the contact combustion peak pressure and rotary speed in the pressure condi-
force that the piston pin exerts on the small-end bore is assumed t0  (ion Because combustion pressure only exists in the pressure
be in cosine distribution. Distribution angle is 160 deg at the  condition, the sensitivity of combustion peak pressure is zero in the

pull condition.

Table 2 Statistics of stress in pressure condition

Node PSFEM Monte-Carlo
RIS Mean SV Mean SV
ORROCSREGRA Q
}‘ﬁﬁgﬁlg‘g@g&lggé*}iﬂ% | 17 76.682  5.0893 76138  5.1384
/‘mgmﬁasg éﬁé’é‘é’v 150 2019 3072 19207  2.874
f M VA A7 a S aa VA VAV AVAN I 153 -121.19 95747  -126.05  9.859
v C o 156  -175.68 12.434 -179.58  12.636
Loads of pull condition Loads of pressure condition 158 -197.23 13.615 -199.57 13.632
Fig. 2 Diagram of FE mesh, boundary constraint and loads 16 -199.51 13.627 ~200.8 13.657
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Table 3 Stress response sensitivity of node 158
Sensi. (MPa) ‘

pull condition  pressure condition

20, /00, 0 219.91
a0, /0, 81.83 -53.83
o, /00, 40.91 -26.92
b, / 9ot -2.49 273

do, /o, 11.74 -47.50
oo,/ doug -0.46 0.52

dc, /1 da, -0.43 -6.53

4.2 Reliability Analysis. In Eq. (15), we take €, B, o, and
stress amplitude o as random variables. €, B, ¢, and related
parameters given by Xu (1988) are shown in Table 4. Because
danger points are in one-dimensional stress state, stress amplitude,
o, and mean stress, o, are defined as

0y~
M)
o.+o_
O',n=——2——, (20)

where o. is the tensile stress under maximum pull condition at
TDC of the exhaust stroke, and ¢ is the compressive stress under
maximum pressure condition near TDC of expansion stroke. o
and o_ are two relevant random variables. Mean, variance and
covariance of o, and o_ can be determined by PSFEM. According
to Eq. (20), the mean and standard variance of o were derived and
shown in Table 5. Because o is affected by many random vari-
ables, such as pu.., #, m, r, 8, E, and u, normal distribution
assumption of o is reasonable according to central limit theory of
statistics. Therefore, the PDF, f{o) can be expressed as

o357 ]

Ho) \/’2—7"_& €Xp 2 P ,
where @ is the mean of o, and & is the standard variance of o.
Using computer code for reliability analysis with the AFOSM
method, we obtained the fatigue strength reliability of some danger
points on the CR, which is also shown in Table 5. It is shown that
the point with the lowest reliability is situated in the joint of the
transitive arc and shank, because of the large stress amplitude
situated there. From Eq. (15), we can create the curve of reliability
changing with cycle number n, Fig. 5. It can be seen that the
reliability of the CR decreases sharply as the number of cycles
increase.

@n

5 Experiment

In reliability analysis of a CR, it is very important to accurately
obtain the stress data. In this paper, the mean and variance of stress
were obtained by PSFEM. In order to check the accuracy and
reliability of this method, the CR deformation test was carried out
by single beam laser speckle interferometry (Archibald et al.,

Table 4 Statistics of some parameters

Variable o, MPa £ B k d
Mean 4217 0.7667 0.5353 1 5.846
SV 10.3  0.0749 0.0214 0 0
Table 5 Statistics of stress amplitude o and reliability of danger points
Node No. 153 156 158 16
Mean ofc  91.517 110.61 116.06 112.01
SVofc 4.9612 61422 6.6754  6.6639

Reliability  0.9°812  0.9°742  0.9°169 0.9%40
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Fig. 6 Locations of test points and loads

1970). The experiment was carried out on a universal material test
machine. Several pieces of the CR were tested. Locations of test
points and loads are shown in Fig. 6. The displacements of the
points received by calculation and by experiment are shown in
Table 6. In order to eliminate the influence of rigid motion, points
1 and 2 are taken as constraint points and their displacements are
zero. Because points 5 and 6 are symmetrical, only the mean value
of their displacements are given. It is shown that the results of
these two methods are similar, which confirms the reliability of
PSFEM.

6 Conclusion

The perturbation stochastic finite element method combined
with the advanced first order second moment method is used for
fatigue strength reliability analysis of a diesel engine connecting
rod. The advantage of PSFEM is that the inversion of the stiffness
matrix has to be done only once, which makes PSFEM very
efficient. A fatigue failure criterion is given for the diesel CR. The
criterion is derived directly from the Corten-Dolan theory, which
has no relation to FE modeling. But, when stress is in a complicate
state, such as in CR body (not surface), stress amplitude and stress
mean must be substituted by effective stress amplitude and effec-
tive stress mean. More details can be found in the book of Surech
(1991). By the criterion, we can not only analyze reliability under
normal distributed stress but also reliability under any form of
stress. Additionally, with the criterion, we can analyze how reli-
ability changes with time. In this analysis, we find that stress is
sensitive to combustion peak pressure, rotary spéed, and the tran-

Table 6 Statistics of displacement (Unit: um)

Test Calculation Experiment
point Mean SV Mean SV
3 22,9 2.402 22.22 2.745
4 36.29 3.282 39.80 2,733
5,6 37.8 3.342 42.54 3.832

Transactions of the ASME

Downloaded 02 Jun 2010 to 171.66.16.118. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



sitive arc radius. Controlling the fluctuation of these parameters
will improve the reliability of the CR.
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Erosion of boiler tubes causes serious operational problems in many pulverized coal-fired

utility boilers. A new erosion model has been developed in the present study for the
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prediction of boiler tube erosion. The Lagrangian approach is employed to predict the
behavior of the particulate phase. The results of computational prediction of boiler tube
erosion and the various parameters causing erosion are discussed in this paper. Com-
parison of the numerical predictions for a single tube erosion with experimental data

shows very good agreement.

1 Introduction

Erosion of boiler tubes due to the impaction of fly ash particles
causes serious financial problems in many pulverized coal-fired
utility boilers. Therefore, such erosion has been of considerable
concern to engineers in both the design and operation of utility
boilers for several decades.

Many erosion models have been developed since Finnie (1960)
proposed the first analytical erosion model in 1958 (Meng and
Lumeda, 1995). Each model is based on one or two specific
erosion mechanisms, and includes a wide variety of parameters
that influence the erosion rate and pattern. Therefore, for an
accurate prediction of erosion, the model should be developed and
tested very carefully.

Erosion is the mechanical wear of the target metal by a stream
of fluid carrying entrained solid particles. Therefore, each erosion
model contains several parameters that are related to the motion of
solid particles. For example, most models include the velocity and
angle of impacting particles as important parameters. However, the
measurement of the motion of the solid particles in a complex
geometry, such as a boiler tube bank, is almost 1mp0551b1e without
using CFD simulations.

There are basically two approaches commonly used to predict
gas-particle flows: the Lagrangian and Eulerian formulations. The
fundamental concepts of both approaches and their specific appli-
cations have been discussed and reviewed by Crowe et al. (1996)
and Elghobashi (1994). The Lagrangian approach treats the fluid
phase as a continuum and predicts the trajectory of a single particle
in the fluid flow as a result of various forces acting on the particle.
Therefore, the detailed physical behavior of the individual particles
can be obtained directly. For this reason, the Lagrangian approach
has been employed for the numerical prediction of erosion by
many workers (Kitchen and Fletcher, 1989; Fan et al., 1991; Jun
and Tabakoff, 1994).

In the present paper, computational predictions of boiler tube
erosion using the Lagrangian approach in conjunction with a new
erosion model are reported. The Lagrangian approach is employed
to predict the behavior of the particulate phase. This paper dis-
cusses the results of computational prediction of boiler tube ero-
sion and the various parameters causing erosion. The erosion rate
provided by the Lagrangian approach is compared with the exper-
imental data for a single tube.

" Current address: Senior Researcher, R&D Center of Hanjung, P. O. Box 77,
Changwon, South Korea.
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2 Development of Erosion Model

It is generally agreed that the erosion of boiler tubes is mainly
affected by such parameters as impact velocity, impact angle,
particulate concentration (impact frequency), particle size, particle
shape, mechanical properties of the particle, and the temperature of
the target metal. Although about thirty general erosion models
have been developed by many workers (see Meng and Ludema,
1995), none of them are completely suitable for the prediction of
boiler tube erosion. This is because an erosion model should
describe the following general features that occur in power utility
boilers:

1 the erosion rate is a strong function of the particle shape

2 the dimensionless erosion rate varies as (impact velocity)”
where n is usually in the range of 2.2 to 2.8 (mean value of 2.4)

3 a maximum erosion rate of ductile metals occurs at an impact
angle of 15 deg to 30 deg

4 erosion rate is controlled by particle size

5 erosion rate is proportional to particulate concentration (impact

frequency)

the temperature of the target metal influences the erosion rate

mechanical properties of fly ash particles also influence the

erosion rate

~

From the viewpoint of engineering design, it is desirable that an
erosion model should be as simple as possible. It should be
emphasized however that an erosion model must contain all im-
portant erosion parameters as separate variables and all excluded
minor erosion parameters should be included in the erosion con-
stant. The basic structure of the erosion model is organised to
include the seven most important erosion parameters, as shown in

Eq. (1):
2

E= > K, +C,-f(B) V" g(d) h(T)) - w, (1)

Jj=1

where j = 1, 2 is the angular and spherical particle influence,
respectively, K is the erosion constant, C, is the particulate con-
centration term, f(B) is the impact angle term, V" is the impact
velocity term, g(d,) is the particle size term, A(T),) is the temper-
ature term, and w is the chemical composition weight term. The
significance of the parameters in Eq. (1) are discussed in chap. 3,
calibrated in chap. 4, and tested in chap. 5.

3 Important Parameters Causing Erosion

There are many parameters which influence the extent of ero-
sion. A fundamental understanding of various erosion parameters
is essential in order to improve the life of boiler tubes. Several
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Fig. 1 Typical erosion curves for ductile and brittle materials as a
function of particle impact angle (experimental data from Sheldon, 1970)

erosion parameters, which are involved in the erosion model, Eq.
(1), are described for a better understanding of erosion,

3.1 Particle Shape, One of the most intriguing aspects of
erosion is the influence of erodent particle shape which has been
studied recently because of its severe effect on erosion rate. It has
been observed by many investigators that angular particles pro-
duce a significantly higher erosion rate than spherical particles of
the same size. For example, Raask (1969) found, in his erosion
experiments on mild steel using relatively low velocities, that 100
pm sharp quartz particles were 10 times more erosive than glass
spheres of the same size. Beckmann and Gotzmann (1981) also
showed that the erosion rate increases linearly with shape factor
they used.

Fly ash particles can be classified into two major shape groups:
angular and spherical. In general, small fly ash particles have a
spherical shape, while most large ones are irregularly shaped
unvitrified quartz particies. According to Raask (1988) and Bauver
et al. (1984), the rate of boiler tube erosion is a strong function of
the unvitrified quartz content in fly ash. The fraction of unvitrified
quartz is markedly influenced by the flame temperature, coal rank
and particle sizes. The shape of fly ash particles is very difficult to
characterise by a certain value. In addition, other erosion param-
eters, such as the angle of maximum erosion and the value of
velocity exponent, are influenced by the particle shape.

In the present study an indirect method was developed to in-
clude the effect of particle shape. Firstly, it was assumed that all fly
ash particles are classified into two shape groups: angular and
spherical particles. Then, calibration of other erosion parameters
could be obtained from experimental data of erosion by angular
particles and spherical ones respectively. In this way, an explicit
particle shape term in the erosion model is not required, as shown
in Eq. (1).

3.2 TImpact Velocity. It has been discovered empirically that
erosion can be described by a power law of impact velocity. The
velocity exponent (n, in Eq. (1)) depends on the physical charac-
teristics of the materials involved and experimental conditions.
Values of n for ductile materials range from 2.3 to 2.7; the range
for brittle materials is from 2 to 4 (Humphrey, 1990). Thus, the
erosion rate is strongly dependent on the impact velocity. For this
reason, boiler designers have made an effort to reduce flue gas
velocity in the convection pass (Vetterick et al., 1980).

3.3 Impact Angle. The effect of the impact angle on erosion
is fairly well understood for both ductile and brittle materials. The
curves shown in Fig. 1 are typical of materials having behavior that
is ductile (e.g., steel, aluminium and copper) and brittle (e.g., glass
and ceramic). In general, the erosion rate of ductile materials rises
rapidly from zero to a maximum value as the impact angle in-
creases from 0 deg to between about 15 deg and 30 deg, as shown

Journal of Engineering for Gas Turbines and Power

in Fig. 1. It then decreases to one-quarter to one-half of the
maximum erosion at 90 deg. In boiler tube erosion, impact angle
varies almost linearly from O deg (near 90 deg from forward
stagnation point) to 90 deg (forward stagnation point). Thus, the
circumferential distribution of tube erosion is mainly determined
by the impact angle.

3.4 Particle Size. It is important to establish the influence of
particle size on the erosion rate of ductile materials, since fly ash
particles have a broad size distribution. There are two interesting
characteristics in conjunction with the effect of particle size:
threshold size and saturation level (this is also called threshold
effect). Tilly (1973) found that there was a threshold size, below
which no erosion occurred. From a view point of aerodynamic
influence, small particles may be deflected by the air flow so that
they either fail to impact the target material or do so at modified
angles and velocities. He also found that the erosion was indepen-
dent of the particle size for particles larger than about [20 um. As
the erodent particle size increases at a fixed impact angle, the
erosion rate increases but it tends to saturate at certain larger
particle sizes. This effect is usually observed for ductile metals and
considered to be a particle size threshold effect.

The behavior of erosion versus particle size can be formulated
by the experimental function as follows:

g(x) = gld/d) = 1 — e 07, )

where d, is particle size, d is reference particle size, a is a
constant related to particle threshold effect, b is a constant related
to threshold size, and x is the ratio of the threshold effect size to
the reference particle size (=d,/d.).

3.5 Particulate Concentration (Impact Frequency). Ero-
sion increases linearly up to a certain point as particulate concen-
tration increases, then it decreases because of particle-particle
interactions. In other words, particle interference between incident
particles and reflected particles is not an important factor in ero-
sion until the particulate concentration is high enough. In general,
particulate (fly ash) concentration in power utility boilers is 10-20
g/m’ (Raask, 1969). On the other hand, Shida and Fujikawa (1985)
showed that erosion rate increases linearly as the particle concen-
tration increases in the particle concentration range of 20-120
g/m’, Thus, it was assumed that the erosion rate of power utility
boiler tubes increases linearly with increasing particulate concen-
tration of flue gas.

3.6 Mechanical Properties of Particle. The major elements
of fly ash particles are usually silica (Si0,), alumina (Al,Q;), and
hematite (Fe,0;)—frequently called iron oxide. Kotwal and Taba-
koff (1981) found that the magnitude of erosion caused by hema-
tite is substantially less than that caused by the same size of
alumina and silica particles. They note that the erosiveness of
hematite is just 1 percent, based on 100 percent for alumina.
Therefore, hematite was ignored in the present study. The calibra-
tion for the chemical composition of fly ash is given as follows:

w; = afraction of angular quartz particles by weight

w; = 1 — @ — afraction of hematite by weight 3)

3.7 Temperature of Target Metal. 1t is well known that the
erosion rate is significantly affected by the. temperature of the
target. An increase in temperature may increase or decrease ero-
sion depending on the material involved. Shida and Fujikawa
(1985) investigated the effects of temperature on the erosion rate
of boiler tube materials. They found that the erosion rates increase
with temperature, and are significantly different depending on the
type of steel.
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4 Summary of Calibration Results for the Erosion of
304 SS

4.1 The Values of Velocity Exponent.

n=25 and n,=2.4,

where subscript 1 and 2 refer to angular and spherical particles,
respectively.

4.2 Impact Angle.

fB)=a+bB+cB>+dp*+ Bt + fB°

Table 1 Values of constants for impact angle term

a b c d (2 f Interval

Angular | 0. 13.448 | —63.655 129.628 | -121.287 | 42,451 | 0.5f<45
9.056 | -0.529 | —0.355 0.413 0.0 0.0 45<B<1
Spherical | 0. 7.153 | -16.081 11.703 -2.525{ 0.0 0.5f <1

4.3 Particle Size.
g(x) — g(d,,/200) =1 — g 17:387(:-0.025)
4.4 Temperature of Target Metal.
(T, = h(TIT,) =1~ 0.5633T, + 7.8167T3,

where T, and T, are the homologous temperature ratio and melt-
ing temperature, respectively.

5 Computational Prediction of Particulate Behavior
Around a Single Tube in Cross Flow

_ Particulate behavior in particle-laden flows is important in many
industrial fields especially those which suffer from severe erosion
wear, such as pulverized coal-fired boilers, fluidized bed combus-
tors, turbomachinery, and pneumatic systems. Information about
particulate behavior in those systems is essential to the design and
maintenance.

The commercial CFD code (FLUENT) is used for the simula-
tion of turbulent gas-particle flow around a single tube in cross
flow. An RNG &-€ turbulence model was chosen to simulate the
gas turbulent fluctuations. A Lagrangian-formulated deterministic
particle equation of motion is solved via an advanced Runge-Kutta
method to predict particle velocities and trajectories once the gas
flow field is obtained. FLUENT uses a stochastic calculation
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Fig. 2 Grid system for a single tube flow (161 x 26)
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method which incorporates the instantaneous values of the fluctu-
ating components of the continuous phase velocities appearing in
the equations of motion.

A single tube was taken from the first row of the economizer
section of a practical power station configuration which has a
transverse pitch of 3 and tube diameter of 50.8 mm (2.0 in). Figure
2 illustrates the grid system for a single tube flow. The flue gas
velocity of 30.5 m/s and particle size range of 10 to 150 um, which
coincide with the experimental conditions, were used in the nu-
merical simulation.

The impact frequency, which can be defined as the number of
impacting particles per unit area and unit time, is the most appro-
priate definition of the particulate concentration. This can be
obtained directly using the Lagrangian approach since it predicts
the trajectory of a single particle in the fluid flow as a result of
various forces acting on it. Figure 3 shows the normalized partic-
ulate concentration in a single tube flow with a uniform inlet
particulate concentration. General behaviour is quite similar with
other results produced by many investigators (Fan et al., 1991;
Schuh et al., 1989).

Figure 4 illustrates the circumferential distributions of the nor-
malized impact velocity along a tube surface for various particle
sizes. It can be seen that the impact velocity with normal impaction
decreases as the particle size decreases because of the gas flow.
Finally, very small particles come to rest at the front stagnation
point of the tube, while large particles maintain their initial veloc-
ities because of their inertia. The incident particles are accelerated
as the tube angle increases because the gas is also accelerated.

Figure 5 gives the impact angle of a particle on the tube for
different Stokes numbers. It can be seen that the impact angle is
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Fig. 4 Normalized impact velocity along the tube surface
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largest at the front stagnation point of the tube, and decreases with
increasing tube angle.

6 Computational Result and Discussion

Bauver et al. (1984) performed well controlled experiments for
the prediction of boiler tube erosion in the Kreisinger Develop-
ment Laboratory (KDL) of Combustion Engineering using the
following two representative types of coal fly ash: lignite and
bituminous. They produced detailed erosion data using an exper-
imental test facility for boiler tube erosion. The computational
predictions of erosion for a single tube are compared with their
experimental data to test the accuracy of the erosion model devel-
oped in the present study.

Figure 6 illustrates the relative erosion rate for different particle
sizes. The contribution of the particulate concentration, impact
velocity, impact angle, and particle size are included in this figure.
It can be seen that the maximum erosion occurs at between 40 deg
and 45 deg from the forward stagnation point. It was already
discussed that erosion rate reaches a plateau at a certain particle
size (50 pwm in the present study). However, one can see from Fig.
6 that the erosion rate increases as particle size increases. This
result indicates that other erosion parameters also significantly
influence erosion rate.

Figure 7 represents the erosion rates for a single tube caused by
lignite and bituminous coal fly ashes that contain 23.3 percent and 7.5
percent alpha quartz, respectively. It can be seen from this figure that
the computational predictions show quite good agreement with the
experimental results. In the experimental data, the circumferential
distribution of the erosion rate is not symmetric, and this may be due
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Fig. 6 Normalized erosion rate for different particle sizes
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to the particle feeding system (see Fig. 1 of Bauver et al., 1984) as
well as a short testing time. It should be noted that the erosion
produced by lignite ash is approximately 3 times higher than that
caused by bituminous ash. In general, the lignite ash is more erosive
on the following two accounts: (1) because of its high quartz content
and (2) because of the larger particle size.

7 Conclusion

Computational prediction of erosion has been performed for a
single tube flow. A new erosion model, which was developed for
the prediction of power utility boiler tube erosion, has been suc-
cessfully used to predict the erosion of a single tube due to the
impaction of fiy ash particles. From the present study, the follow-
ing conclusions can be drawn:

1 particle shape, impact velocity, impact angle, particle size,
impact frequency, and temperature of the target are the most
important parameters in boiler tube erosion caused by the
impaction of fly ash particles

2 the magnitude of erosion and the impact angle for maximum
erosion are strongly influenced by the fraction of unvitrified
angular quartz particles in the ash

3 the maximum erosion depth occurs at 40 deg from the forward
stagnation point and the erosion depth has a symmetric shape
for a single tube erosion

4 the maximum erosion tube angle increases with particle size

References

Bauver, W. P., Bianca, J. D, Fishburn, J. D., and McGowan, J. G., 1984,
“Characterization of Erosion of Heat Transfer Tubes in Coal Fired Power Plant,”
ASME Paper 84-JPGC-FU-3.

Beckmann, G., and Gotzmann, J., 1981, “Analytical Model of the Blast Wear
Intensity of Metal Based on a General Arrangement for Abrasive Wear,” Wear, Vol.
73, pp. 325-353.

Crowe, C. T, Troutt, T. R, and Chung, J. N., 1996, “Numerical Models for
Two-Phase Turbulent Flows,” Annu. Rev. Fluid Mech., Vol. 28, pp. 11-43,

Elghobashi, S., 1994, “On Predicting Particle-Laden Turbulent Flows,” Applied
Scientific Research, Vol. 52, pp. 309-329,

Fan, J., Zhou, D., Jin, J., and Chen, K., 1991, “Numerical Simulation of Tube
Erosion by Particle Impaction,” Wear, Vol. 142, pp. 171-184.

Finnie, 1., 1960, “Erosion of Surfaces by Solid Particles,” Wear, Vol. 3, pp. 87-103.

Humphrey, J. A, C., 1990, “Fundamentals of Fluid Motion in Erosion by Solid
Particle Impact,” Int. J. Heat and Fluid Flow, Vol. 11, No. 3, pp. 170-195.

Jun, Y. D., and Tabakoff, W., 1994, “Numerical Simulation of a Dilute Particulate
Flow in Tube Bank,” J. Fluids Engng., pp. 770-777.

Kitchen, A. N., and Fletcher, C. A. J., 1989, “Computational Approach to the
Prediction of Erosion in Economiser Tube Banks,” Proceedings, Computational
Techniques and Applications Conference, Brisbane, Australia.

Kotwal, R., and Tanakoff, W., 1981, “A New Approach for Erosion Predxctlon Due
to Fly Ash,” J. Eng. Power, Vol. 103, pp. 265-270.

OCTOBER 1999, Vol. 121 / 749

Downloaded 02 Jun 2010 to 171.66.16.118. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Meng, H. C., and Ludema, K. C., 1995, “Wear Models and Predictive Equations:
Their Form and Content,” Wear, Vol. 181-183, pp. 443-457.

Pourahmadi, F., and Humphrey, J. A. C., 1983, “Modelling Solid-Fluid Turbulent
Flows With Application to Predicting Erosive Wear,” PhysicoChemical Hydrody-
namics, Vol. 4, No. 3, pp. 191-219.

Raask, E., 1969, “Tube Erosion by Ash Impaction,” Wear, Vol. 13, pp. 301-315.

Raask, E., 1988, “Erosion Wear in Coal Utilization,” Hemishpere, New York.

Schuh, M. J., Schuler, C. A., and Humphrey, J. A. C., 1989, “Numerical Calcula-
tion of Particle-Laden Gas Flows Past Tubes,” AICRE J., Vol. 35, No. 3, pp. 466--480.

750 / Vol. 121, OCTOBER 1999

Sheldon, G. L., 1970, “Similarities and Differences in the Erosion Behavior of
Materials,” J. Basic Eng., pp. 619-626.

Shida, Y., and Fujikawa, H., 1985, “Particle Erosion Behaviour of Boiler Tube
Materials at Elevated Temperature,” Wear, Vol. 103, pp. 281-296.

Tilly, G. P., 1973, “A Two Stage Mechanism of Ductile Erosion,” Wear, Vol. 23,
pp. 87-96.

Vettrick, R. C., Clessuras, G. L., Anacki, D. W., and Stockton, R. D., 1980, “A
Boiler Manufacturer’s Approach to Improving Operating Unit Availability,” Com-
bustion, September, pp. 38—42,

Transactions of the ASME

Downloaded 02 Jun 2010 to 171.66.16.118. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Analysis of Heat, Mass, and
Momentum Transfer in the

E. de Villiers

D. G. Kroger

University of Stellenbosch,

Department of Mechanical Engineering,
Stellenbosch, 7600,

South Africa

Rain Zone of Counterflow
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The rate of heat, mass, and momentum transfer in the rain zone of three counterflow
cooling tower geometries is analyzed using simplifving assumptions and numerical
integration. The objective of the analysis is to generate equations for use in a one-

dimensional mathematical cooling tower performance evaluations. Droplet deformation is
taken into account and momentum transfer is calculated from the air flow’s mechanical
energy loss, caused by air-droplet interaction. A comparison of dimensionless semi-
empirical equations and experimental data demonstrates the method’s capability to
predict the pressure drop in a counterflow rain zone.

Introduction

A significant part of the total heat and mass transfer in large
counterflow cooling towers occurs in the rain zone below the
packing (or fill). Although some relations exist to describe these
phenomena along with the rain zone pressure drop, they tend to be
incorrect or limited to a narrow range of variables, Furthermore,
finite-element methods that do accurately describe these occur-
rences (Benocci et al., 1986) are not often used in practice since
they tend to be relatively costly and time consuming.

Hoffmann (1990), Sedina (1992), and Terblanche (1994) as-
sume that the component forces on the droplets may be summed,
and the resulting pressures added in vector form to find the
pressure drop relative to the inlet and outlet sections of the rain
zone. If one investigates the mechanics of the problem it becomes
clear that droplet drag forces applied in such a manner will result
in a nonphysical pressure value and not a pressure drop across the
rain zone. The more correct approach would be to consider the rain
zone pressure drop to originate from work done by the air stream
on the falling drops. Zhenguo et al. (1992) employ this approach,
but renege to fit an adequate equation to numerical data, with the
result that the relation is only valid for a very narrow range of
some of the primary variables. Most inquiries into rain zone
characteristics also fail to incorporate the effects of droplet defor-
mation.

The purpose of this paper is, thus, to derive a series of equations
that are sufficiently accurate to describe the divergent data gener-
ated by a numerical analysis of the rain zones of various tower
geometries (circular, rectangular, and counterflow). The coeffi-
cients produced by these equations are intended for use in a
one-dimensional performance evaluation of the appropriate cool-
ing tower.

To analyze the heat, mass, and momentum, transfer in the rain
zone of a counterflow wet-cooling tower, the following simplify-
ing approximations are made:

—no droplet agglomeration, collision or coalescence occurs (this
is not strictly true; these phenomena do seem to have a variable
effect on rain zone characteristics, but formulation of such a
model is beyond the scope of this work)
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—the water mass flow through the fill is evenly distributed and all
droplet diameters are equal (in practice, an effective droplet
diameter must be used)

—droplets enter the rain zone with zero absolute velocity (numer-
ical tests show that variable droplet inlet velocities have a
relatively small influence on overall performance if the drops
enter the rain zone below 10 percent of terminal velocity)

—falling droplets have no effect on the velocity distribution of the
air, nor the potential flow solution to the air flow

—there is no mutual interaction between droplets with regards to
mass transfer and viscous drag

—both droplet and air physical properties change negligibly while
traversing the rain zone (a study by Conradie (1993) indicates
less than 1 percent overall variation of the transfer coefficient)

Air Inlet Section Velocity Field

Consider the air flow patterns in the inlet section of a circular
counterflow cooling tower (Fig. 1). The flow is axi-symmetrical
and if frictional effects can be neglected, a solution must be
obtained for a two-dimensional cylindrical coordinate potential
flow function, defined as ¢(#, z). The radial and axial components,
of the air velocity vector, are respectively given by

Uy = —OP/Or (1)
and
Uy, = —dPlaz. (2)

It can be shown that if ¢ is mathematically smooth enough, the
criterion for irrotational flow is satisfied. The continuity equation
for steady, axi-symmetrical, incompressible flow is

du, v dv,
oar + ar az

ar r 0z =0. ()

Substitute Eqgs. (1) and (2) with their partial derivatives into Eq. (3)
to find the equation of continuity written in terms of the potential
function, ¢.

¥

dr?

1 d¢
r or

3’

a7 =Y @

Hoffmann (1990) obtains a simple solution to the problem by
assuming the air velocity through the fill to be uniform. Under such
circumstances the following boundary conditions are applicable:
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Fig. 1 Schematic representation of an Inlet section of a circular coun-
terflow cooling tower

v,,(r, 0) = ad/az(r, 0) = 0;
1,0, z) = d¢/ar(0, z) = 0;
U (r, H) = —3¢/3z(r, H) = v;

impervious surface
symmetry axis (tower axis)
uniform flow through fill

A fourth boundary condition is needed to complete the solution
of Eq. (4). If the influx of ambient air at the tower inlet is
considered purely radial the last boundary condition is obtained.

Uaz(ri, Z) = —a¢/az(ri’ Z) = 0

In practice such a flow field can only be achieved with a rounded
inlet and in the absence of inlet inclined louvers and support struts,
but the above boundary condition serves as an adequate approxi-
mation. The solution of Eq. (4) is found by separation of variables,
with A, denoting the roots of Jo(Ar;) = 0.

o

o(r, 2) = 2,

n=1

2v; Jo(A,r) cosh (A,z)
)\if[ J](/\nri) Sinh ()\nH,)

)

The infinite series of Eq. (5) may be reduced to a finite number
of terms, provided that the converged solution is approached.
Adequate convergence is reached after 50 terms. Except for a
small discontinuity at the upper edge of the tower inlet, the flow
may be approximately described by simple linear representations
of the vector components (axial and radial). The only deviation
that the Bessel function solution shows from the simplified form,
is near the tower’s inlet radius, r;. This region and the deviation are
small enough to be ignored compared to the average flow field.

The linear model that satisfies Eq. (3) gives the radial air
velocity as

Uy = —0.5vr/H; (6)
and the axial velocity as
Uaz = viZ/Hi’ (7)

where v, is the average velocity of the air leaving the rain zone,
ie., v, = mJ(p.mrd).

Droplet Velocity and Position

Using Egs. (6) and (7), the velocity and displacement of the
water droplets in the rain zone may be calculated. The total drag
force acting on a droplet may be found from

Fp= CpAupav3dl2, ®

where v,, is the velocity of the drop relative to the air flow,

10,4 = \/(Uaz - ydr) 27 €))

with the relative angle 6,, = arctan [(v,, — v, )/ (Ve — v4)]; Ch
is the droplet’s drag coefficient, and A, it’s cross-sectional area.

Photographic analysis by Muira et al. (1977) and others have
shown that falling droplets are not spherical as most assume, but
take on a flattened elliptical shape as they approach terminal
velocity. This deformation has to be taken into account in the
computation of the droplet’s drag coefficient, C,. The ratio of the
drag coefficient of a deformed drop to that of a solid sphere is
given by (Dreyer, 1994)

Cpl/Cpypn=1—0.17185(1 — E) + 6.692(1 ~ E)*
- 6.605(1 — E)?,

Udz) 2 + (Uar -

10

where E is the droplet’s deformation ratio that can be found from
an analysis proposed by Dreyer (1994). The equation for the drag
coefficient, Cp,,,, for solid spheres, is given by Turton and Lev-
enspiel (1986).

Consider an accelerating droplet in the rain zone. If the buoy-
ancy force on the drop is neglected, the forces acting on the drop
are gravity and drag. The resulting force can be found from

[F = \/(sin 8, Fpl — Mg)* + (cos 8,]Fo))%.  (11)

In differential form, the axial and radial acceleration of the droplet
can now be described as

Nomenclature

A = area, m* n = number cv = control volume
a = dimensional coefficient; surface p = pressure, N/m? D = drag

area per unit volume, m*/m’ r = radius, m d = droplet
C = coefficient T = temperature, °C i = inlet, into the fill
D = diffusion coefficient, m*/s v = velocity, m/s L = length
d = diameter, m W = width from center line, m o = outlet
E = droplet deformation ratio; mechani- w = humidity ratio, kg/kg r = radial

cal energy, Nm z = axial co-ordinate, m rz = rain zone
F = force, N s = saturated
G = mass flow rate per unit area, kg/m’s Greek Symbols sph = sphere
g = gravitational acceleration, m/s” B = mass transfer coefficient, m/s t = terminal velocity
H = height, m ¢ = potential function v = vapour
h, = mass transfer coefficient, kg/m’s @ = viscosity, Ns/m? w = water
K = pressure drop coefficient 8 = angle z = axial
R = gas constant, J’kg K p = density, kg/m’ B = viscosity
S = surface area, m’ o = surface tension, N/m p = density
M = mass, kg
m = mass flow rate, kg/s Subscripts

a = air
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dvdz/dt: FDZ/Md_ (12)

13

with starting values: v,, = v, = 0 at r = 0. Drop velocity and
displacement are found by integration of Eqs. (12) and (13) with
respect to time. Using these discrete values, droplet velocity can
then be found as a function of its position in the rain zone.

dugldt = Fp,IM,,

Pressure Drop Coefficient

Consider an annular control volume (CV) in the rain zone, the
center at a point where the droplet velocity has been previously
calculated. Let the sides of the annulus be parallel to the velocity
vector of the droplet. Make the height, dz, and the width, dr, of the
control volume small enough so that the change in droplet velocity
through the control volume becomes negligible. The annulus now
describes a streamtube for the droplets entering the control vol-
ume. Since the water flow rate through the fill is uniform, the water
flow rate through subsequent vertical control volumes must also be
uniform. Now the number of drops in a control volume, dV., =
2mrdrdz, at a given position can be found from,

= [6G,/(p,md)2wrdrdzlv,, (14)

where G, is the water mass flow rate per unit area.

The rate of change in the mechanical energy of the air, caused
by drag on a single droplet in a control volume, is given by (for the
radial and axial directions respectively)

dE,/dt = (15)

(16)

F’Drvar
dE /dt =

az! FDzvaz

The total pressure drop in the rain zone is found by summing the
work done in all the control volumes and substituting it into the
energy equation for a streamtube.

Pu
ncv[FDrvar + FDzvaz
mg
0 0

In expanded simplified form, the dimensionless pressure drop
coefficient, based on the fill frontal area, can be written as,

H‘- H; ri C
" _3< >(dd) f J ETé)ﬁ(’[v?‘d]o'S/(vdzUiz)

04)) rdrdz/(riH),

Aprz - (17)

X (var(var - Udr) + Uaz(vaz - (18)
where v, = m,/(p,7r}).

It is obvious that only the integral need be solved numerically.
By inspection of the source equations it is found that the integral
in the pressure drop coefficient equation is dependent on the
following variables, (d,, r;, H;, i, Por Puws» Bu> Ows 8)-

Utilizing dimensional analysis, these variables may be arranged
to form dimensionless groups, thereby decreasing the active vari-
ables to six. The integral function can now be reduced to the
following relation

1 :f(ade’ arlis aLHh a,v;, ame anMa)’ (19)

where the “a-" coefficients represent combinations of g, p,, o,
and constants that make up each particular dimensionless group.

a,=3.06X10"[pig’a,]**; a,=6.122[go,/p,]*?

a,=173.298[g°c/pl]1°” and a,=998.0/p, (20)

All these coefficients are equal to unity forg = 9.8 and T, =
22.72°C. Since g, p., and o, never vary substantially, this
particular arrangement allows greater freedom when fitting curves

Journal of Engineering for Gas Turbines and Power

to the numerical data by removing the usual interdependence of the
dimensionless groups.

The results of numerical integration produced the following
correlation for the rain zone loss coefficient:

H;
K, = Sa”vw(d_) [0.22460 — 0.314674,p, + 5263.04a,u,

+ 0.775526 X [1.4824163 exp(71.5200a,d,) — 0.91]
X [0.39064 exp(2.1824 X 10 2a,r;) — 0.17]

X [2.0892(a,v;) "1 + 0.14] X exp[(0.8449 In (a,7)
- 2.312) X (0.3724 In (a,v;) + 0.7263)

X In [206.757(a,H,) “3%% + 0.43]]], (21)

which is valid for 30 = r, = 70 m; 4 =< H, = 12 m; 0.927 =
p. = 1.289 kg/m’; 1.717 = pu, = 1.92 X 107? kg/ms; 0.002 <
d, = 0.008 m; 0.0075 = v, = 0.003 m/s,and 1 =< v, = 3 m/s.

Heat and Mass Transfer

Since the mass transfer coefficient is typically to be used in an
analysis similar to that of Merkel (1925), it is unnecessary to
calculate the heat transfer coefficient. This derives from Merkel’s
assumption that the Lewis factor, (¢,,.h4)/h, is equal to unity for
wet-cooling towers.

In the absence of reciprocal droplet interaction, single drop
correlations are applicable for heat and mass transfer applications
in the rain zone. Ranz and Marshall (1952) propose the following
semi-empirical correlation for the mass transfer coefficient for a
single drop,

Sh = Bdy/D = 2 + 0.6 Re$*Sc"®, 22)

where Re, = p v, d./ 1, and Sc = u /(p,D), and which is valid
for 2 < Re, < 800. However, Muira et al. (1977) show that this
correlation accurately predicts their mass transfer data for Reyn-
olds numbers of up to 2000. It is therefore, accepted that the
correlation is accurate for the entire rain zone where the mean
Reynolds number seldom exceeds 1500. Poppe (1984) derived the
following relation between the mass transfer coefficient /, and
for droplets larger than 1 mm:

. w, + 0.622
o= @puR ) 0 | 2 -

The Merkel number for an entire rain zone can be found from

(23)

H; ri
hdrzarzHi/Gw = 1/ (war?) j j ncuhdsd» (24)
0 0

where S, = md3 represents the mean surface area of the droplets.
The complete expanded version of the equation is found by
substituting Eqs. (14), (22), and (23) into Eq. (24). By moving all
the constants of integration to the left of the integral, the number
of variables used in the empirical curve fitting will be greatly
reduced and the accuracy of the equation will benefit from the
similarity to the analytical model. After simplification and render-
ing in nondimensional form the relation has the following form:

hdrza rzH

5_12 D H; Pa
Gw B vidd % d_d % RuTa/pw

w, + 0.622
XIn| ——F—=[(w,—w)

w+ 0.622

f " 5 33 dz
X Udz (2 + 0.6 Re;Sc ) FH ) (25)
0 0
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From Eqgs. (25) and (22) it clear that the integral is dependent
upon the variables (d,, r;, Hi, Ui, Pasr Prws Mas Tw, &, and D). The
diffusion coefficient, D, evidently has a-much smaller presence in
the integral (in Sc) than outside, and since it is a weak variable it
is dropped from the list of dependants to simplify analysis. The
variables may now be arranged in the same dimensionless groups
as for the pressure drop coefficient (Eq. (21)). The integral is
solved numerically and dimensional analysis and curve fittings of
the results produce the following semi-empirical relation,

hypQy

2ttt D Hi Pa 0.33

Gw B 12<"U, 11><dd>(RvTa/pw> X de
w, + 0.622

Xin | 0622 /[W

X [0.90757a,p, — 30341.04a,u, ~ 0.37564 + 4.04016

X [(0.55 + 41.7215(a.d,) “%)
X (0.713 + 3.741(a H;) ~12%%)
X (3.11 exp(0.15a,0;) — 3.13)
X exp[(5.3759 exp(—0.2092a,H,))

X 1n (0.3719 exp(0.003811la,r) + 0.55)11], (26)

where the restrictions and “a-” coefficients are identical to those
for the pressure drop coefficient equation and R = 461.52 J/kgK
for water vapour.

Other Geometries

Using a similar approach, equations for rain zones with different
geometries were also derived. For an induced draft rectangular
tower the rain zone loss coefficient is given by

3H
Sans L £{0.219164 + 8278.7a,u, — 0.30487a,p,

K,
+0.954153 % [0.328467 exp(135.7638a,d,) + 0.47]
X [26.28482(a.H,) > + 0.56]
X exp[ln [0.204814 exp(0.133036a,W,) + 0.21]
X [3.9186 exp(—0.3a,H,)] X [0.31095 In (a,d,)
+2.6374511 X [2.177546(a,0) "4 + 0.211}, @7)

where the restrictions that differ from the circular tower are 1 =
v, =5m/s;2 < H, =8m;2 =< W, = 20 m (where W, is the
tower half-width), while all “q-” coefficients are identical. In an
induced draft rectangular tower care must be taken to ensure that
large water droplets are not entrained into the fill. This is done by
obeying the following relation;

v X [1+ (W/H)? % =< v, (28)

where, v,, is the droplet terminal velocity. The equation for the
Merkel number of a rectangular tower rain zone is,

hdrzarzHi Pa D H 0.33
G, 26 R,,T,,/”W v, \d,) 5

w, + 0.622
0| o6z |/ [ws = wlx{4.68851a,p

— 187128.7a,pm, —

2.29322 + 22,4121

X [0.350396(a,v,) ¥ + 0.09]
X [1.60934(a,H)~"12% 4+ 0.66]
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Fig. 2 Comparison of K, with experimental values from a pure coun-
terflow tower

X [34.6765(a,d,) "% + 0.45]
X exp[7.7389 exp(—0.399827q4,H,)
X In {0.087498 exp(0.0532384, W) + 0.8511}. (29)

In the case of a purely counterflow rain zone the equations are
somewhat simplified because of the system’s one-dimensional
nature. The loss coefficient in such a rain zone is calculated from,

K, = a,v,{10645988a,u, —
+ 888.6645 X [2.45287(a,v;) "' + 0.34]

130.7774a,p, — 32.6634

X [4.03861 exp(—574.542a,d,) + 0.493]
X exp[(65.26215a,d, + 0.74827)

X In [6.09836 exp(0.0767a.H) — 6.11]1}  (30)

with altered restrictions being 1 = v, = 5 m/s; 0.5 = H, =
5.5 m

Figure 2 shows the comparison between pressure drop coeffi-
cients of an experimental test and Eq. (30). The tests were done in

a section 1.52 m high, with a 1.5 X 1.5-m cross section and

expanded metal sieves of decreasing density at the top of the rain

zone. For the comparison a droplet diameter of 3.5 mm was used
in the equation. The mass transfer coefficient in a counterflow rain
zone is;

hdrzarzH Pa D H 0.33
TG 3‘6<R,,Ta/”“’><vdd><d )S

w, + 0.622
In W F0.622 /[W: —w] X {5.01134a,,pa

—2.57724 + 23.61842

- 192121.7a,pm,

X [0.2539(a,00,) "™ + 0.18] X [0.83666(a H,) 5%

+0.42] X [43.0696(a,d,) """ + 0.52]}. (31)

Again restrictions are the same as for the pressure drop equation
and global “a-” coefficients apply for both the loss and transfer
coefficients. The counterflow equations are useful for calibrating
effective droplet diameters.

Conclusion

The pressure drop and mass transfer coefficients for the rain
zones of different cooling tower geometries are presented by
simple expressions in terms of standard variables. These equations
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are semi-empirical, incorporating both analytical and numerically
derived expressions. In addition, data derived from the numerical
model is not considered to be parallel on a normal or semi-log
scale with regards to the second dimension variable for a specific
curve fit as is normally done. Divergence of the data is taken into
account by extra terms within each equation, specifically inside an
exp™ term, giving the equations greater accuracy as multiple
variables approach restriction values.

Experimentally obtained loss coefficients in a purely counter-
flow scenario agree well with the results for a drop diameter of 3.5
mm, and since exactly the same method was used for the other
geometries it is reasonable to assume that they will perform
equally well under similar conditions.

It must be noted that the expressions are curve fits of numeri-
cally generated data and that they will reflect any deficiency in the
numerical analysis. In this regard, the effective drop diameter
poses some questions. Although the counterflow experiment gives
tentative evidence for a 3.5 mm drop, this may only be true for a
specific fill type or water distribution system. An attempt must be
made to accurately predict droplet size. Despite these deficiencies,
the new equations overcome many of the defects inherent in
previous methods of pressure drop and mass transfer prediction.
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